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Blade Vibration on Centrifugal Compressors — Fundamental Considerations and Initial 
Measurements 

U. Haupt, Κ. Bammert, Μ. Rautenberg 
Institute for Turbomachinery, University of Hannover, West Germany 

Abstract 

Blade vibration has to be considered in the design of high pressure ratio / high mass flow centrifugal compressors with 
increasing rotational speed values due to the reduced blade thickness. Results of a theoretical and experimental investigation 
concerning this problem are described. FE calculations of the stress distribution on the blade for the lower natural frequencies 
and various vibration tests at rest were carried out to investigate resonance and damping effects. This preparatory work was aimed 
at determining blade vibration behavior and acquiring fundamental experience for measurements on compressors in operation. 

Results of blade vibration measurements on compressors with a vaneless diffuser carried out with semiconductor strain gages 
and an 8-channel telemetry system are presented for constant rotational speed and for constant throttle valve position, and 
indicate considerable blade excitation during stall effects. Simultaneous flow measurements complete the investigation to 
determine the causes of blade vibration. For example, investigations were made of the extent of blade resonance excitation due to 
non-uniformity of the flow downstream of the impeller or due to flow disturbances caused by carrier blades for bearings in the 
compressor inlet and simulated by spoilers. 

Introduction 

In the design of modern centrifugal compressors 
used in many applications such as turbochargers, 
higher pressure ratio and mass flow can be obtained 
by increasing the rotational speed. This can be 
achieved by the choice of better material or by 
reducing the blade thickness. This can lead to 
dangerous blade vibration, which has turned out to be 
a serious problem causing numerous defects during 
operation of compressors in the past. Accordingly, 
the vibratory behavior of compressor blades with 
attention to stress and excitation forces have to be 
considered in the stress design. 

A great amount of research work has been carried 
out with respect to blade vibration and excitation 
effects with axial blades, especially for the prediction 
of blade frequencies, blade modes, flutter ranges and 
resonance effects. In radial compressors, not only the 
blade shape is very different from axial blades, but 
the excitation mechanism too is different from 
conditions on axial machines. For example, resonance 
effects on centrifugal compressors are mainly due to 
the non-uniformity of the flow downstream of the 
impeller. This is not known as a dominant excitation 
effect on axial compressors. Since little experience 
exists on blade vibration on centrifugal compressors, 

especially with respect to the properties and the 
intensities of the excitation forces occurring in the 
operating compressor, a broad research program on 
this subject has been implemented by the Institute 
for Turbomachinery in Hannover. 

Whilst blade frequencies and modes of even 
complicated radial blade geometries can be calculated 
nowadays using the FE method, no theoretical 
method will give a prediction of the intensity of the 
excitation forces in the operating compressor. This 
was the reason to place special emphasis on exper-
imental investigation of the flow behavior via parallel 
measurements. Both blade vibration and flow meas-
urements will give information about the mechanism 
of blade excitation which might be useful for 
engineers carrying out the stress design of centrifugal 
impellers. 

The following four excitation phenomena derived 
from axial compressor blade vibration research were 
considered to be important for the main theme of the 
program for this investigation: 

— Blade vibration excitation due to aerodynamic 
non-uniformity of the flow in the inlet or exit 
range of the compressor. Resonance occurs between 
the blade frequencies and the engine orders. 

— Self-excited blade vibrations due to operating the 
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machine in the flutter regions of the compressor 
map. 

— Blade excitation due to the cells of rotating stall. 
— Blade excitation due to compressor surge. 

It was the aim of this investigation to be able to 
evaluate these excitation phenomena with respect to 
the dangers of blade vibration and its material stress 
values. 

This paper — and the following documented in /1/ 
— discuss results of various previous papers of the 
authors indicated in the relevant references. They also 
include numerous new and current results. This paper 
deals mainly with preparatory theoretical and exper-
imental activities and initial results from blade 
vibration measurements on operating compressors to 
investigate the influence of the non-uniformity of the 
flow down and upstream of the impeller. In /1 / 
results of measurements are presented which relate to 
the excitation of blade vibration due to different 
types of diffuser vanes, due to rotating stall cells and 
during compressor surge. Since dangerous vibrations 
of the whole impeller could be detected in the 
experiments on operating compressors, FE calculations 
were used to investigate the vibratory behavior of a 
90° sector of the impeller. Results of optical measure-
ments using holographic interferometry in rotational 
motion yielded information on the mode shapes of 
the different blades of a rotating impeller. 

First aspects of this investigation deal with ex-
perience from research on axial compressors; the 
choice of the measuring method and calibration and 
transmission problems are documented in /2/ and /3 / . 
The test facilities for this investigation are described 
in /4 / . Figure 1 shows the radial impeller used for the 
blade vibration measurements. The characteristically 
thin impeller blades of about 1 mm at the blade inlet 
and 4 m m at the outlet are particularly suitable for 
this investigation. The impeller has a diameter of d = 
400 mm and 28 radial-ended blades with every 
second blade cut back at the impeller inlet. 

Different measurement techniques for this investi-
gation were considered in /3/ . Semiconductor strain 
gages with their high sensitivity factor were chosen to 
obtain information about blade vibration stresses. A 
multichannel telemetry system was selected for the 
signal transmission. 

Computation of Static Stress 

A considerable amount of theoretical and exper-

Fig. 1: View of the impeller used for the blade vibration 
measurements. 

imental preparatory work was necessary before the 
beginning of the measurements. At first, the strain 
due to the centrifugal force had to be calculated by 
means of the FE (Finite Element) method. This was 
necessary because of the difficulty of measuring static 
stress with a superposed dynamic component with 
sufficient accuracy. With this calculation, mentioned 
in /5/ and /6 / , the measuring problem was reduced to 
the vibrational part of the stress. Figure 2 shows the 
segment of the impeller used for the computation, 
the element distribution and the results for a rotational 
speed of η = 20000 rpm and for a measured 
temperature distribution. Several blade stress maxima 
occur along the hub; the maximum values were 
approximately a « 80 N/mm 2 ; the stress in the 
impeller reaches a maximum near the shaft. Similar 
calculations are described by Fister/Heiderich /7 / . 

Evaluations of measurements involving steady 
aerodynamic loads were also made. The stresses 
involved turned out to be not very important 
compared with the stresses due to centrifugal forces. 

Computation of Blade Modes and Dynamic Stress 

Much work had to be carried out to choose the 
best attachment points on the blade for the strain 
gages. For this purpose, a detailed knowledge not 
only of the strain distribution during the vibrational 
motion, but also of the principal stress directions was 
essential. First of all, FE calculations were used to 
compute the natural frequencies and the mode shapes 
for the radial blade. Results for the first three modes 
are presented in /5/ and /8 / , and show nodal lines 
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Γ) = 20.000 rpm 

Fig. 2: Computed equivalent stress in the test impeller due to centrifugal force and temperature, section of the impeller used for 

the computation and element distribution for the FE computations. Oy = equivalent stress in N/mm2 

representing points of no displacement in the vibra-
tional motion for the second and third mode. As can 
be seen in the results of this computation for the 
VI-X mode (Figure 3), vibrations of the blade outlet 
zone are mainly obtained for higher modes while 
strong displacements in the vibrational motion can be 
observed for the low blade mode numbers. 

Information on the relative displacements of the 
nodal points of the blade element distribution was 
used to calculate absolute strain values and the 
principal strain directions during vibration in the 
different modes for a displacement of the inlet tip of 
1 mm. Results of the computation are shown in 
Figure 4 for the first three modes. In all cases, 
maximum values of principal strain were obtained in 
the inlet zone of the blade. The principal strain 
directions were also calculated; the results are de-
scribed in /5/ . This information about the stress 
properties during vibration of the radial blade and 
additional results of vibration tests at rest was used to 

determine the location and direction of maximum 
strain for the I and II modes. The strain gages were 
attached at the points of maximum strain and aligned 
with the principal strain direction. The latter were 
expected to predominate during operation of the 
compressor. 

Vibration Tests at Rest 

Various vibration tests were carried out to confirm 
the results obtained from FE calculations and to get 
additional information on the interactions of the 
vibrating blades of an impeller. 

Reference /5/ describes a vibration test where one 
blade of an impeller at rest was excited to vibration 
followed by measurement of the stress amplitudes 
with 37 strain gage rosettes. Whereas /5/ presents 
results for vibration of the blade in the first mode, 
those for the second mode are shown in Figure 5. The 
arrows signify the amount of principal strain at that 
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Fig. 4: Calculated equivalent strain distributions for vibration in the first three blade modes. Displacement of the blade inlet tip: 

1 mm. node line. 
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Fig. 5: Results of blade vibration tests with strain gages for 
the second blade mode. σ ν = equivalent stress; f = 
1689 Hz. 

point of the blade and the small triangles indicate the 
direction of these strains. With the maximum strain 
value occurring at approximately 2/3 of the blade 
height - and about half of the blade height for the 
first mode according to the results shown in /5/ — 
these results confirm those obtained by the FE 
computations. 

Another vibration test at rest was carried out to 
investigate the blade resonance behavior and the 
extent of interactions of the blades during vibration. 
In this measurement series, the impeller was excited 
in the range of the natural blade frequencies and the 

blade tip amplitudes were detected by a sound 
pickup. Typical results of these measurements are 
shown in Figure 6 for the vibration of one blade in 
the range of the first natural frequency. The occurrence 
of a spectrum of resonance peaks is the result of 
different natural blade frequencies due to manufac-
turing tolerances, and demonstrates the extent of 
interactions between the blades. Blade frequencies 
from f = 782 to 823 Hz were obtained by measuring 
the first natural frequencies of the different single 
blades of the impeller. 

Determination of Blade Damping 

An additional vibration test at rest was carried out 
to determine the damping properties of the different 
blades. This was achieved by an impulse excitation 
and by recording the vibrations as the amplitude 
decreased. An analysis of these results including a 
determination of the time required for decay of the 
vibrations enabled calculation of the decrement of 
damping. Figure 7 shows the results of these tests, 
indicating relatively low and very different values for 
the decrement of damping for the different blades. 
An additional test was carried out by rigidly fixing all 
but one of the impeller blades to prevent their 
vibration. The remaining blade was excited followed 
by measurement of its vibration characteristics. For 
this arrangement, higher values of the decrement of 
damping were obtained for most blades than with the 
test where all blades take part in the vibration (Fig. 
7). In the test where all blades were free, it should be 
mentioned that beat effects could be observed with 
beat frequencies of f = 2 - 8 Hz. 

Influence of the Blade Thickness 

A study of the influence of the blade thickness on 
the blade frequency was carried out and documented 
in /12/ ; this concerns a problem which very often 
occurs in the stress design process. Usually values of 
blade thickness are chosen followed by calculation of 
the blade frequencies. The choice of blade thickness 
influences the occurrence of blade resonances. It is 
important to avoid resonances, particularly when the 
impeller blades are thin. A knowledge of how the 
increase or decrease of blade thickness influences a 
given blade frequency f is required. For this purpose, 
series of FE calculations of blade frequencies were 
carried out for the test impeller with variation of the 
blade thickness by a thickness factor a. By definition. 
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Fig. 6: Vibrat ion test at rest: Response of blade No. 18 of the 20 bladed impeller to a loudspeaker excitation in the range of the 
1st natural blade frequency. Measuring probe: sound pickup at blade t ip of impeller inlet. 
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Fig. 7 : Damping proper t ies of the blades of the test impeller. 
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this value is 1,0 for the design value; a value of a = 
0.9, for example, means a 10 percent reduction of the 
thickness values of all the shell elements of the blade. 
The results for the first three modes are compared in 
Figure 8 with those obtained for the case of pure 
bending motion, eliminating the membrane stress. 
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Influence of the blade thickness on the first three 
blade frequencies. FE calculation, bending and 
membrane stress; — pure bending stress, constant 
blade thickness. 

The relationship f ~ h can be used for the constant 
blade thickness h. The diagram illustrates the magni-
tude of error due to simplification compared with the 
results of the more accurate FE computations. There 
is a very small difference between the curves for the 
first mode because the vibration in this case is quite 
similar to a bending motion. As shown in the graph, 
the differences increase for higher modes, where the 
influence of the membrane stress becomes more 
significant. 

Test Facilities 

The test facilities for the experimental investigation 
are described in detail in /4 / . As shown in Figure 9, 

Fig. 9: Radial compressor test facility for the investigation 
of blade vibration. 

the test rig consists of a 1350 kW DC motor coupled 
to a gearbox which drives the centrifugal compressor. 
Fig. 10 shows a section of the compressor. The flow 
enters the compressor in an axial direction and passes 
the impeller and the long conical diffuser of constant 
radial flow area. It is collected downstream in a 
collecting chamber and leaves the compressor by the 
outlet tube which is tangential to the machine. 

Installation of a Multichannel Telemetry System 

Transmission of the blade vibration signals f rom 
the rotating shaft turned out to be a serious problem 
because slip-rings could not be used due to the high 
rotational speed of the compressor and the relatively 
large shaft diameter. Among the various useful 
transmission possibilities described in /3 / , a telemetry 
system was selected and first test results with a 
battery-powered 1-channel system proved very suc-
cessful. At that time, the considerable differences in 
the vibration behavior of the different blades of the 
impeller had already been observed; this effect was 
investigated in more detail during the current research. 
Accordingly, it was necessary to get information from 
more than one blade, leading to the requirement for a 
multichannel telemetry system. 

The installation of the telemetry system took 
quite a long time and demonstrated that the develop-
ment of such multichannel systems under ambient 
conditions such as high temperature, high acceleration, 
the presence of oil and with only little space for the 
components was not sufficiently advanced. The use 
of multichannel telemetry installations for turbo-
machines — albeit of very small size — has only been 
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Fig. 10: Sectional view of the test compressor. 

reported in recent publications such as /9 / , /10/ and 

/ I I / · 
One necessary test may demonstrate the great 

amount of work which had to be done for the 
installation of the telemetry system. Temperature 
color gage measurements were carried out in the 
hollow shaft of the impeller during operation of the 
compressor to determine the temperature distribution 
in this region, which is heated by the bearing. This 
was necessary to ensure that the temperature in the 
shaft is suitable for the transmitter, which only 
tolerates a maximum temperature of 100 - 120°C. 
The results of these measurements at different 
locations in the shaft at η = 19000 rpm are shown in 
Figure 11. Considering operation of the compressor at 
higher rotational speed for example at η = 22000 
rpm, the maximum extent of the installed transmitter 
in the hollow shaft is limited to the region between 
measuring points 3 and 4. Due to the size of the 
transmitter, a new and longer hub section had to be 
designed and installed in the impeller (Figs. 1 and 
12). Further tests were carried out with respect to the 
durability of the rotating coil for the inductive power 
supply; the latter was considered to be necessary 
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Results of temperature measurements in the hollow 
shaft of the radial compressor by means of color 
gages at η = 19000 rpm. 
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A modified hub section G primary coil with coil carrier 

Β β - channel telemetry transmitter Η voltage converter for the inductive power supply 

C wiring - tube I slotted tube for shaft speed measurement 

0 tension bolt with central bore J adjustable coil mounting 

Ε adapter with pin-connector Κ stationary antenna 

F secondary coil with rotating antenna L inductive power supply 

Fig. 12: Centrifugal compressor with installations for the telemetry transmission. 

because a battery supply for the transmitter would 
not stand up to the high temperatures shown in 
Figure 11. 

The principle of the 8-channel telemetry system 
used — described in detail in /13/ — is illustrated in 
Figure 13. The different signals are transformed to 
frequencies which are modulated onto a carrier 
frequency. After transmission through the same coil 
system used by the inductive power supply, the 
different signals of the multichannel system are 
separated again by means of electronic filters. 

Figure 12 — a sectional view of the compressor — 
shows the installation of the telemetry system with 
the new components of the signal transmission 
system shaded in black. The transmitter with its plate 
and the contacts to the strain gages is situated in the 
bore of the impeller shaft , as can be seen in the photo 
in Figure 14 taken during assembly of the transmitter. 
It is connected with the components of the inductive 
power supply which are mounted in the socket tube 
coupling between the compressor and the gearbox. 
To facilitate frequent assembly and disassembly, all 
parts had to be constructed with plugs and sockets. 
The vibration signals leave the transmitter through 

''robe, Pick-up (strain -gage) 

Amplifier 

Signal Iransformation 
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Fig. 13: Operation principle of the 8-channel telemetry 
system for the transmission of blade vibration 
signals. Brought to you by | New York University Bobst Library Technical Services
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Fig. 14: Radial impeller during assembly showing wiring of 
the 8-channel telemetry transmitter. 

the wiring of the power supply and are transmitted 
via the coil system of the inductive link. A view of 
this part of the installation is shown in /5/ and /12/ . 
Finally, the use of an adjustable receiver antenna 
rather than the stationary antenna would probably 
improve the transmission quality. The FM transmission 
has proved to have good reliability for speeds up to 
22000 rpm. 

Calibration 

A lot of work was necessary with respect to 
calibration of the measuring chain to ensure sufficient 
accuracy of the measurements and the transmission. 
The frequency response characteristic of each channel 
of the telemetry system was recorded in order to be 
able to allow for it in the analysis of the signals. 
However, the semiconductor strain gages caused most 
of the calibration work. In preparatory tests, consid-
erable deviations of the sensitivity factors were 

observed due to manufacturing tolerances and espe-
cially due to differences in the fixation. Dynamic 
calibration tests were necessary whereby vibration 
signals from semiconductor strain gages were compared 
with data from foil strain gages attached to the blade 
directly adjacent. Such tests allowed a more exact 
sensitivity factor for each semiconductor strain gage 
to be obtained. 

Results of Blade Vibration Measurements 

Blade Vibration at Constant Rotational Speed and 
Various Throttle Valve Positions 

Initially, blade vibration measurements were carried 
out at constant rotational speed and various mass 
flow rates. In Figure 15, results removed from 
resonance points are plotted in the compressor chart 
as black bars, with the length indicating the stress 
amplitude e in mm/m = %o = 1000 μ strain. It should 
be mentioned that no measurements were carried out 
between η = 17500 and 18000 rpm because a 
resonance between the blade frequency at that speed 
and the third engine order occurs in this range. Small 
deviations of the rotational speed that commonly 
occur during the time measurements are recorded 
cause considerable differences in blade excitation. 
Further, safety reasons made it necessary to restrict 
the operating range of the compressor in the region of 
the occurrence of rotating stall and surge to speeds 
below η = 14000 rpm. 

Results in Figure 15 show increasing intensity of 
blade excitation towards higher values of rotational 
speed due to the effect of increasing forces in the 
flow. A strong increment in blade excitation can be 
observed to maximize over a wide range of mass flow 
when the compressor is driven from choke towards 
surge at a constant rotational speed. 

In this range, the vibration signals have a very 
stochastic nature and strong indications of a stalled 
flow, while periodic vibration with one dominant 
frequency can be observed when resonance occurs. 
The blade vibration stress amplitudes decreased again 
to a varying degree before the surge point of the 
compressor. 

An explanation of the observed blade vibration 
behavior was obtained by carrying out additional wall 
pressure measurements in the shroud in the impeller 
region. The results, documented in /8/ and /12/ , 
showed the occurrence of strong pressure fluctuations 
in the operating point of the compressor with Brought to you by | New York University Bobst Library Technical Services
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Fig. 15: Blade vibration at constant rotational speed and various valve positions. 

increased blade vibration. Parallel measurements of 
the inlet flow angle enabled an explanation for the 
strong blade excitation visible in Figure 15 for low 
mass flow rates. When closing the throt t le valve at 
constant rotational speed and turning f rom the choke 
to the surge line in the middle of the mass flow range, 
stall occurs in the inlet tip region. This is the reason 
for a sudden change of the inlet flow angle f rom 
about α = 20 to α = 90, indicating the occurrence of a 
fluctuating peripheral flow in the compressor inlet in 
the wall zone. Further closing of the throt t le valve 
leads to inlet angles of α = 110 indicating a reverse 
flow in the tip region which increases with lower 
values of mass flow and becomes more and more 
stable. The reduced pressure f luctuat ions in this zone 
result in lower blade excitat ion near the surge line. A 
consideration of the signals of 6 blades as documented 
in /12 / showed that blade excitat ion due to stall 
effects results in vibration stresses in the different 
blades of nearly the same amoun t . This is quite a 
different excitat ion behavior f rom that observed in 
the cases of resonance vibrations, where the blades 
vibrate at very different intensities. This will be 
demonstrated later on. 

It should still be ment ioned that even in operating 
points of the compressor in unstalled ranges, the 

blade vibration signals show a very f luctuat ing nature 
with considerable variations of the ampli tude. Whereas 
Fig. 15 shows RMS values of the blade stress signal, 
Fig. 16 compares values of blade vibration obtained 
with other analysis methods . For the rotat ional speed 
of η = 12000 and 14000 rpm, the blade vibration 
stress ampli tude is p lot ted against the mass f low; 
curves of RMS values and data of a " p e a k " measure-
men t are shown. A third curve represents the 
max imum values of stress in the peak measurements ; 
they also show a fluctuating nature . It can be 
demonstra ted tha t , for a given RMS result stress, 
ampli tudes twice or three times greater can be 
observed mainly as short stress peaks in the f luctuat ing 
blade vibration signal. It should be ment ioned that 
RMS and max imum peak values agree m u c h more 
closely in the case of resonance vibration due to the 
periodic nature of the blade signal. 

Blade Vibration with Increasing Rotational Speed at 
Constant Throttle Valve Position 

Blade vibration measurements were carried out in 
the whole rotat ional speed range of the compressor . 
It was naturally interesting to get results of m a x i m u m 
stress at resonance points , but the main emphasis was Brought to you by | New York University Bobst Library Technical Services
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Fig. 16: Comparison of blade vibration amplitudes at constant rotational speed obtained by different analysis methods. 

placed on an investigation of the excitation mech-
anisms. Subjects of interest were quantitative deter-
mination of the excitation and investigation of the 
extent of decrease of blade vibration if the intensity 
of excitation is reduced. Such questions, which relate 
to practical aspects in the stress design of radial 
impellers were considered to be very important and 
were treated in /14/ . 

In contrast to conditions in axial compressors, the 
non-uniformity of the flow in the diffuser of a radial 
compressor due to the influence of the outlet tube is 
a significant factor for the excitation of blade 
vibration. This non-uniformity can even be observed 
close to the compressor inlet, where the rotating 
blades pass these pressure gradients and where the 
blades are sensitive to excitation. Figure 17 shows the 
results of pressure measurements in the vaneless 
diffuser with a circumferential distribution of the 
measuring points and for various mass flow rates at 
two different radius positions. In this diagram, XD 

signifies the radius ratio D/D2, where D2 is the 

diameter of the impeller. The magnitude of pressure 
drop for all curves at approximately 270°, just in the 
position of the outlet tube, shows a considerable 
non-uniformity of the flow in this region. A surprising 
effect is that the mentioned pressure drop has a 
sharper configuration at XD = 1,23 in the region 
behind the impeller than in the diffuser at XD = 1,83. 
It can be expected that a similar pressure distribution 
will extend into the impeller region, and will be the 
reason for the excitation of blade vibration. 

More uniform flow conditions as shown in Figure 
18, indicating only very little influence of the outlet 
tube, could be obtained by using a throttle ring in the 
diffuser; this was demonstrated in /14/. Blade vibration 
measurements were carried out with both configur-
ations to investigate the difference in blade excitation. 

Results of blade vibration measurements are shown 
in Figure 19 for 1 blade and 1 splitter blade for the 
compressor with and without throttle ring. The blade 
vibration stress amplitude is plotted for the whole 
rotational speed range from η = 5000 to 19000 rpm Brought to you by | New York University Bobst Library Technical Services
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Fig. 17: Peripheral distribution of the static pressure ratio 
in the vaneless diffuser of the compressor (20 
blades) at η = 14400 rpm. λ ρ = Radius ratio r/r2; 
τ2 = Radius of impeller. 

for operating line near the choke line of the 
compressor. The peaks in the curves signify resonances 
between the lower blade frequencies and the engine 
orders. Up to η = 17000 rpm, nearly no difference in 
the stress amplitude can be observed. Comparing the 
values of the different peaks, only the resonance 
point at η = 18000 rpm shows slightly lower blade 
excitation for the configuration with the throttle ring. 
It is surprising that only very small differences in the 
blade vibration amplitudes were obtained for uniform 
and non-uniform pressure conditions in the diffuser; 
in other words, even a better aerodynamic design of 
the compressor outlet would not result in lower 
values of blade vibration stress at resonance points. 

Excitation Due to the Non-Uniformity of the Flow in 
the Compressor Inlet 

In the design of radial impellers, blade frequencies 
are usually calculated to avoid resonances due to an 
excitation from the inlet, especially in those cases 
when bearing flanges are mounted in front of the 
impeller or when non-uniformities of the inlet flow 
due to otfyer reasons are expected. It was hoped to 
find out the magnitude of blade excitation due to this 
effect. For this purpose, three spoilers as shown in 
Figure 20 were mounted in the compressor inlet to 
simulate bearing flanges. First of all, the influence of 
the spoilers on the velocity distribution in two planes 
before the impeller inlet was measured at a rotational 
speed of η = 18000 rpm. The results of these flow 
measurements are shown in Figure 21. A sharp inlet 
flow velocity drop due to the profiles was still 
observed 10 mm in front of the impeller, indicating 
powerful excitation of the blades with a very small 
peripheral extension. 

Blade vibration data for this configuration, once 
again for constant throttle valve position, maximum 
mass flow and various rotational speeds, are shown in 
Figure 22. The influence of the spoilers can be 
evaluated by comparing this diagram with Figure 19, 
which shows the results obtained without spoilers. 
The curve for the blade vibration stress amplitude in 
Figure 22 is characterized by clearer and stronger 
resonance peaks than in Figure 4. Up to η = 17000 
rpm, most of the resonance peaks are higher than in 
Figure 19, but remain under a stress level of e « 
0 .15% o , which is not considered to be dangerous. 
Only the resonance point at η = 18000 rpm shows 
stronger blade vibration for the configuration with 
the spoilers. According to an analysis of the blade 
vibration signals in a Campbell diagram in /14-/, the 
three profiles in the compressor inlet are the cause for 
an excitation of the 3rd and 6th engine orders, 
coming to resonance with the I and II blade 
frequencies in a small speed range. Although this 
excitation effect is observable, it can be concluded 
that even sharp non-uniformities of the flow in the 
inlet with a very symmetrical position result in only 
very little increase in the intensity of blade excitation. 
This result corresponds to further observations which 
were made on various compressors, for example, with 
blades in the inlet for throttling the compressor or 
with bearing flanges. 
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Diameter of measuring points in the diffuser: X q = D / D i = 1.23 (D2 = diameter of the impeller), η = 12000 rpm. 

Conclusions 

Results of an investigation of blade vibration on a 
high pressure ratio / high mass flow centrifugal 
compressor with thin blades were described. F E 
calculations and vibration tests at rest were carried 
out to determine the locations of the attachment 
points for the strain gages. F E computations were 
also used to calculate the static stress due to 
centrifugal forces, and to obtain information on the 
influence of the blade thickness on the natural 
frequencies of the radial blades. Additional exper-
iments yielded data on blade damping properties. An 
8-channel telemetry system was used for the trans-
mission of the signals from the rotor. The preparatory 
tests, rig installation and calibration are also described. 

Results of blade vibration measurements are pre-
sented for constant rotational speed and various mass 
flow rates with characteristic stall effects in the 
impeller inlet tip region resulting in considerable 
blade excitation. 

Flow and blade vibration measurements were used 
to investigate the influence on blade excitation of a 
non-uniform flow distribution caused by the outlet 
tube and by spoilers in the compressor inlet. The 
results presented show that different pressure con-
ditions in the diffuser with both uniform and 
non-uniform peripheral distribution have very little 
influence on the magnitude of blade resonance stress 
amplitudes. A similar result was obtained by installing 
spoilers in the flow channel in front of the impeller. 
In this case, the intensity of blade excitation increases 
less than that expected, and only reaches stress 
amplitudes which are not considered to be dangerous. 
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Fig. 20: View of spoilers in the compressor inlet. 
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