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A B S T R A C T

Conformal surfaces in parallel sliding lack a macroscopic hydrody-
namic pressure and fluid film formation mechanism. However, such
a mechanism still exists on a microscopic level due to roughness. It
is common to translate roughness into a variation of fluid film thick-
ness which in turn yields a hydrodynamic pressure distribution re-
sulting in a net hydrodynamic lift. Reynolds equation and a suitable
cavitation algorithm suffice to describe this effect mathematically. In
case one surface consists of a compliant material with low modu-
lus of elasticity, the deformation of asperities due to pressures and
shear stresses in the fluid cannot be neglected—in fact, besides cavi-
tation, it significantly contributes to the net hydrodynamic lift. There-
fore, a coupling between fluid dynamics and elastic solid body defor-
mations needs to be introduced. An additional complication arises
when the hydrodynamic lift and the subsequent separation of the
mean lines of the contacting rough surfaces is not enough to pre-
vent asperity contacts completely. This situation is known as mixed
lubrication where part of the normal load is transmitted at asperity
contacts. These contacts are commonly treated as solid body con-
tacts with a Coulomb-like friction law. However, when considering
asperities as contraformal Hertzian contacts, elastic deformation may
allow for the existence of thin micro-elastohydrodynamic lubricant
films preventing direct solid body contact even at speeds which other-
wise would be regarded as deep within the mixed lubrication regime
close to boundary lubrication. These films may not be able to prevent
wear completely, but may reduce friction significantly in comparison
to dry friction. In this dissertation, the existence of such effects is
demonstrated both by experiments with elastomeric radial lip seals
and by simulation. The experimental work involved combined laser-
induced fluorescence measurements of lubricant film thickness and
measurements of seal friction torque. In the finite element based
fluid–structure interaction soft micro-elastohydrodynamic mixed lu-
brication model developed in this work, no additional empirical pa-
rameters, such as the boundary friction coefficient, are needed. Thus,
no additional experimental effort is required prior to any computa-
tion. Instead, the model entirely relies on geometry and material
parameters that can be determined separately. The findings of this
dissertation are not limited to the elastomer shaft seal application,
but may also prove useful for studies of other soft rough conformal
sliding contacts as, e. g., found in bio-tribological systems such as
natural synovial joints and artificial joint replacements.
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Z U S A M M E N FA S S U N G

Konforme Oberflächen in parallel gleitendem Kontakt besitzen
keinen makroskopischen hydrodynamischen Druckaufbau- und
Schmierfilmbildungsmechanismus. Auf Grund der Oberflächenrau-
heit existiert ein solcher Mechanismus dennoch auf mikroskopischer
Skala. Die Oberflächenrauheit wird üblicherweise in eine entspre-
chende örtlich veränderliche Schmierfilmhöhe überführt. Aus dieser
wiederum ergibt sich eine hydrodynamische Druckverteilung, wel-
che eine hydrodynamische Tragkraft zur Folge hat. Die Reynoldsglei-
chung sowie ein geeigneter Kavitationsalgorithmus genügen, um die-
sen Effekt mathematisch zu beschreiben. In dem Fall, dass eine der
Oberflächen aus einem nachgiebigen Material mit geringem Elastizi-
tätsmodul besteht, kann die Verformung der Rauheiten infolge der
im Schmierstoff auftretenden Drücke und Schubspannungen nicht
vernachlässigt werden; vielmehr trägt diese Verformung neben der
Kavitation wesentlich zur hydrodynamischen Tragkraft bei. Daher
ist es erforderlich, das Strömungsverhalten des Schmierstoffs und
die elastischen Verformungen der Festkörper miteinander zu kop-
peln. Eine weitere Komplikation tritt auf, wenn die hydrodynamische
Tragkraft und die sich daraus ergebende Abstandsvergrößerung der
Bezugslinien der in Kontakt befindlichen rauhen Oberflächen nicht
ausreicht, um Rauheitskontakte vollständig zu verhindern. Diese Si-
tuation ist als Mischreibung bekannt, wobei ein Teil der Normallast
an Rauheitskontakten übertragen wird. Diese Kontakte werden üb-
licherweise als Festkörperkontakte mit einem Coulomb-artigen Rei-
bungsansatz behandelt. Werden die Rauheiten jedoch als kontrafor-
me Hertzsche Kontakte angesehen, so könnnen elastische Verformun-
gen die Ausbildung dünner mikro-elastohydrodynamischer Schmier-
filme ermöglichen, welche einen direkten Festkörperkontakt sogar
bei Gleitgeschwindigkeiten verhindern, die sonst als tief im Misch-
reibungsgebiet, nahe der Grenzreibung, liegend angenommen wür-
den. Diese Schmierfilme zweiter Ordnung mögen nicht in der La-
ge sein, den Verschleiß vollständig zu verhindern, können jedoch
die Reibung im Vergleich zur trockenen Reibung erheblich verrin-
gern. In der vorliegenden Arbeit wird die Existenz derartiger Ef-
fekte sowohl durch Experimente an elastomeren Radialwellendicht-
ringen als auch durch Simulation aufgezeigt. Die experimentellen
Arbeiten umfassten Schmierfilmdickenmessungen mit der Methode
der laser-induzierten Fluoreszenz und die gleichzeitige Erfassung des
Dichtungsreibmoments. In dem im Rahmen dieser Arbeit entwickel-
ten Finite-Elemente-basierten Fluid–Struktur-Interaktionsmodell für
die weiche mikro-elastohydrodynamische Mischreibung werden kei-
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ne weiteren empirischen Parameter, wie beispielsweise der Grenzrei-
bungskoeffizient, benötigt. Für Berechnungen ist somit kein weiterer
vorheriger experimenteller Aufwand erforderlich. Das Modell basiert
stattdessen vollständig auf Geometrie- und Materialparametern, die
unabhängig voneinander bestimmt werden können. Die Ergebnisse
dieser Arbeit sind nicht auf den Anwendungsfall des elastomeren Ra-
dialwellendichtrings beschränkt, sondern können sich ebenfalls als
nützlich für die Untersuchung anderer weicher rauher konformer
Gleitkontakte erweisen, wie sie beispielsweise in bio-tribologischen
Systemen wie Gelenken oder künstlichem Gelenkersatz anzutreffen
sind.

Keywords: Soft micro-elastohydrodynamic lubrication, mixed
lubrication, friction in lubricated elastomeric con-
tacts, elastomeric radial lip seal, fluid–structure in-
teraction

Schlagworte: Weiche mikro-elastohydrodynamische Schmierung,
Mischreibung, Reibung in geschmierten Elastomer-
kontakten, elastomerer Radialwellendichtring,
Fluid–Struktur-Interaktion
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N O M E N C L AT U R E

notation

a m amplitude of sinusoidal roughness model
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P W power
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1
I N T R O D U C T I O N

The primary purpose of a radial lip seal for rotating shaft and hub
applications (Figure 1.1) is to retain lubricants within a sump or cav-
ity, while excluding contaminants. Lip seals are also used to separate
fluids and to confine pressure. They are used throughout industry
in a variety of applications with widely varying operating conditions.
These conditions can vary from high speed shaft rotation with a light
oil mist, no pressure in a clean environment to a completely flooded
low speed application in a muddy environment. External temper-
atures can range from −50 ◦C in the Arctic to 50 ◦C in the tropics.
Sump temperatures can reach 150 ◦C or higher. The advantages of
radial lip seals include low cost, small space requirements, easy in-
stallation and an ability to seal a wide variety of applications.

To be effective, a radial lip seal must maintain an adequate inter-
ference between the elastomeric lip member and the rotating part. A
garter spring is used to augment the sealing force supplied by the
elastomeric member and to help maintain the sealing force through-
out the life of the seal. An interference fit must also be maintained
between the seal outside diameter and the bore inside diameter to
prevent seal outside diameter leakage, to prevent the seal from spin-
ning in the bore housing and to ensure seal retention within the bore
housing in low pressure applications [CR92].

During standstill, due to the interference between the seal lip and
the rotating part, these seals provide static tightness. During shaft ro-
tation, though, a hydrodynamic load supporting lubricant film can
develop drastically reducing seal friction and wear. Moreover, a
microscopic reverse pumping effect may provide dynamic tightness
even if dynamic sealing contacts are subject to pressure gradients.
Even though the overall system design parameters being the pre-
condition of these effects are well-known by experience1, both the
mechanisms constituting the reverse pumping effect as well as the
lubricant film formation and the frictional characteristics are still sub-
ject of fundamental studies. So far, a number of different hypotheses
have been developed each being capable of explaining certain aspects
of observed radial lip seal operating characteristics2.

1 See, e. g., [CR92], and Johnston [Joh99].
2 For a comprehensive review, the reader may refer, e. g., to Salant [Sal99].
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Elastomer

Metal case

Air side Lubricant side

Hinge
point
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interference

H
R
t

α

β

Figure 1.1: Basic construction of a radial shaft seal. Reproduced from John-
ston [Joh99] with permission of SAGE.

1.1 radial lip seal design

While many different seal designs and lip configurations are used to
meet all of the various application conditions3, the basic operating
principles for these different configurations are the same. Based on
the prototypical case of the standard oil seal shown in Figure 1.1, this
section introduces the key design aspects that are mainly responsible
for reliable, i. e., leakage-free operation of a radial lip seal.

1.1.1 Seal design evolution

The earliest seals were leather straps used at the end of wheel axles
to hold grease or animal fat in place. The 18th Century Industrial
Revolution created demands for more sophisticated lubrication and
sealing systems. Packings and rope were used successfully as seals,
even though some leakage occurred. Higher shaft speeds and higher
and lower operating temperatures demanded improvements. About
1927, leather oil seals were produced with sealing surfaces that could
follow shaft eccentricities. These assembled seals were compact, self-
contained units. They could be press-fitted easily into a housing bore.

A major improvement in leather seal design occurred around 1934.
Leather was clinched in an outer case with either a finger spring or

3 See, e. g., [CR92], and Flitney [Fli14].



1.1 radial lip seal design 3

a garter spring added to provide uniform loads. The garter spring
proved to be more effective in providing reliable sealing.

As lubrication problems became more complex, oil replaced grease
as a lubricant. Operating temperatures increased. Seal design and
materials were modified to prevent leakage. Leather treatments were
introduced to prevent light oil seepage through leather fibers.

The development of the world’s first oil-resistant rubbers led to
synthetic rubber oil seals in the early 1940’s. Early synthetic rubber
seal designs were actually assembled leather seal designs, with rub-
ber simply replacing leather. A trim knife was used to form a sealing
edge.

By 1945, bonding cements were developed to bond rubber directly
to a metal case. Seals had to have large bonding areas. Additional
improvements in seal bonding systems have been made since the late
1940’s. Today, seals are designed with cemented joints that are ac-
tually stronger than the rubber. Assembled seals are no longer rec-
ommended because of their high cost, internal leakage, and lack of
dimensional control [CR92].

Modern seal designs can have a molded sealing lip that eliminates
trimming, but seals with a trimmed sealing edge are also on the mar-
ket. Many further improvements that enable radial lip seals to meet
increasingly demanding application requirements are due to the de-
velopment of heat and chemically resistant elastomers [Joh99].

1.1.2 Sealing element geometry

The functioning of the radial lip seal, i. e., the reverse pumping action
that provides dynamic tightness under lubricated conditions, stems
from the asymmetric geometry of the sealing element. When installed
on the shaft, the axial seal lip contact pressure distribution is also
asymmetric. To provide the reverse pumping action, the contact pres-
sure distribution is required to be skewed such that the maximum is
nearer to the oil side4. The following two aspects contribute to this
asymmetry [Joh99]:

a. the different seal lip angles on the air and oil side, α and β

respectively, with α < β, and

b. the displacement R of the garter spring and its attendant force
to the air side of the seal lip contact band (see Figure 1.1).

Typical seal lip angles are in the range of 25° to 30° for the air-side
angle α, and 40° to 45° for the oil-side angle β when the seal is in the
free state. When installed on the shaft, the rotational movement of
the lip amounts to about 10°, yielding seal lip angles in the working

4 Figure 3.8, p. 48, shows the axial seal lip contact pressure distribution of the seal
type studied in this work.
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condition of approximately 20° and 50°. The oil-side angle should be
great enough to allow a scraping action. If it is too low, the desired
axial contact pressure distribution will not be generated and leakage
will occur. The air-side angle should be small to allow a meniscus
of the lubricant film to form, and large enough that the element may
follow runout. If the air-side angle is too low, accelerated wear will
occur on the air side which shortens seal life. If the angle is too
high, the proper contact pressure distribution will not be generated,
resulting in seal leakage.

A further contribution to the skewed axial seal lip contact pres-
sure distribution is governed by the axial distance R between the
seal lip contact band and the centerline of the spring. This offset,
which should be positive, i. e., toward the air side of the seal, typi-
cally amounts to approximately 10 % of the lip length, H. If the R
value becomes negative, e. g., due to a combination of manufactur-
ing and installation tolerances, the spring can cause the axial seal lip
contact pressure distribution to switch around, which may result in
instant leakage. If the R value is greater than approximately 0.75 mm
in the positive direction, the spring may cause the sealing element to
collapse, resulting in accelerated wear and shortened life.

The flexibility of the seal is governed by the lip length, H, and the
flex thickness, t, at the hinge point. The lip length is the axial distance
between the lip contact point and the base of the flex thickness. A
short lip length will tend to increase the radial load and increase the
wear of the element. A long beam length will increase the flexibility
of the element, e. g., to cope with larger than usual dynamic shaft
eccentricities. Lip lengths are normally 2 mm to 5 mm, depending
upon the application and the seal size. The flex section is the area
that deforms when the seal is installed and governs the seal load and
followability. In general, the flex thickness, t, should be designed with
sufficient thickness to reduce the tendency of the elastomer element
to “wrap” around the shaft. In addition, the flex thickness must be
thin enough that the element may follow runout. Normally, the flex
thickness is of the order of 40 % of the lip length. For seals designed
to operate at pressure, or for seals installed in a rotating housing, the
flex thickness may be increased and the lip length shortened. This,
however, will reduce the runout capability of the seal.

The garter spring is a helically coiled wire with its ends connected
to form a ring. It is normally used in tension for maintaining a radial
sealing force between the sealing element of a radial lip seal and the
shaft [CR92, Joh99].



1.2 fundamentals of radial lip seal operation 5

1.1.3 Shaft surface characteristics

The sealing system is typically formed by a radial lip seal and a steel
shaft with a plunge-ground surface5. The shaft surface finish is crit-
ical to seal function. A common specification is 0.25 µm to 0.50 µm
(Ra) with (0.00± 0.05)° lead angle. With a molded seal this finish will
wear away the rubber skin from the sealing lip and create asperities in
the wear track of the seal lip. The asperities support a lubricating film
that protects the lip from further wear. If the shaft surface is initially
too smooth, the seal may not break in properly and leakage will occur.
If the shaft surface is initially too rough, gross lip wear may occur be-
fore the protective lubricating film develops, and leakage will result.
The molded skin at the seal lip is broken very quickly as the shaft
rotates (1 hour or less) and a wear track begins to develop. If there
are no large quantities of external or internal contaminants present
the width of the seal lip wear track will typically stabilize within
100 hours. During the life of the seal, the shaft becomes smooth and
burnished even though very little material is removed from the seal
lip [Hor91, CR92].

1.2 fundamentals of radial lip seal operation

As opposed, e. g., to journal bearings, where the hydrodynamic
lubricant film formation is governed by the wedge-shaped macro-
geometry of the lubricated sliding contact, the seal lip surface is in
parallel sliding contact with the shaft and, therefore, lacks a macro-
scopic hydrodynamic pressure and fluid film formation mechanism.
However, such a mechanism still exists on a microscopic level due to
roughness. In circumferential, i. e., sliding, direction, the correspond-
ing micro-hydrodynamic effects manifest in the frictional character-
istics of the seal. At the same time, the net axial component of the
viscous lubricant drag flow governs the sealing function, i. e., the ca-
pability of the seal lip to provide dynamic tightness under lubricated
conditions6. Obviously, this requires the axial net flow across the
sealing contact to be directed toward the oil side.

1.2.1 Sealing hypotheses

Initially, it was believed that the seal lip prevents leakage by cutting
through the oil film, and that this cutting mechanism could be en-
hanced by increasing the radial force exerted on the seal lip. How-

5 The surface roughness of the circumferentially ground shafts is considerably smaller
along the circumferential, i. e., the sliding, direction than along the axial direction
(see Kunstfeld [Kun05], and the author’s own results presented in Section 6.4.5).

6 It is tempting to assume that seal friction and axial flow rates are therefore correlated
with each other. However, experimental results are inconsistent, and the existence of
such a correlation is controversial (see, e. g., Sato et al. [SSSY03]).
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ever, early work of Lein [Lei54] indicated that there was always an
oil film between the seal lip and the shaft due to capillary forces;
this oil film could not be cut or squeezed away, even when the ra-
dial force was appreciably increased. Jagger [Jag57b] then proposed
that surface tension prevents the fluid from leaking through the seal-
ing gap. Jagger and Walker [JW67] observed that successful seals
developed “microasperities” in the seal lip contact area, and that the
shaft surface became smooth. The surface tension concept was further
developed by Iny and Cameron [IC61], Rajakovics [Raj71], and by
Jagger and Wallace [JW73]. The surface tension concept proposed
by Jagger and Wallace [JW73] was disputed by several researchers.
As pointed out by Salant [Sal99], a sealing mechanism based on sur-
face tension forces requires the oil meniscus on the air side of the
seal to be convex, while experimental observations, e. g., by Staken-
borg [Sta88a, Sta88b], indicated that the meniscus is concave. Sealing
mechanisms based on surface tension have, therefore, not been fur-
ther pursued7.

Based on the observation that oil drops placed on the air side of
the seal were soon transported across the sealing contact into the
sump, and that successful seals leaked when installed conversely, it
was generally agreed that seal function depends upon an inherent
reverse pumping ability. Kawahara et al. [KAHM78] conducted ex-
periments to quantify this reverse pumping effect and demonstrated
that the oil flow out of the conversely installed seal was dependent
upon shaft speed, fluid viscosity and lip wear track surface condition.
Nakamura et al. [NK84, NKK85, Nak87], who analyzed the contact
pattern of the rubber lip on a glass shaft, confirmed the existence
of microasperity contacts and demonstrated that the characteristics
of the microasperity contact pattern were related to sealing perfor-
mance.

Later it was generally agreed that radial lip seal leakage is pre-
vented by a positive pumping action originating from both the seal
lip surface micro-geometry in combination with the asymmetric axial
seal lip contact pressure distribution. Horve [Hor91] established a
relationship between microasperity formation, pumping ability, ser-
vice reliability, and the formulation of the elastomeric material. He
demonstrated that materials can be formulated that will not develop
microasperities in the wear track of the sealing lip (Figure 1.2, Ma-
terial A). These seals were shown to have poor pump rates and ser-
vice reliability. When the wear tracks of these materials were artifi-
cially roughened, the pump rates increased dramatically for a short
time and then decayed as the artificially induced microasperities were
worn away. Materials can also be formulated to quickly develop an

7 However, recent work by Schuler [Sch14] suggested that the wetting behavior of the
lubricant and surface combinations might have an impact on the dynamic sealing
mechanism, depending on the operating conditions.
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Material A Material B
Insufficient Microasperities = Leaky Seals Sufficient Microasperities = Zero Leakage

Figure 1.2: Microasperities in the seal wear track; 300X – 17 hours, shaft surface worn smooth.
Reprinted from Horve [Hor91] with permission from SAE International.

abundance of microasperities in the wear track (Figure 1.2, Material
B). Seals made with these materials were shown to have high pump
rates with excellent service reliability.

As shown by Kammüller [Kam86] and van Leeuwen and
Wolfert [LW97], due to the skewed axial contact pressure distri-
bution, the shear forces induced by the rotating shaft yield a corre-
sponding asymmetric tangential deformation of the seal lip contact
zone. Kammüller [Kam86] described axially striated, or, helical, pat-
terns of asperities in the seal wear track. Under dynamic conditions,
these undulated wear structures deform into a topography of ridges
and valleys inclined to the axial direction. The ridges were consid-
ered to act as a microscopic visco-pump, the net axial flow of which
is directed toward the oil side8. Undulated axial wear structures are
not routinely found on seal wear tracks. Nevertheless, the concept
of microscopic visco-pumps can also be applied to isotropic seal lip
surface roughness. Müller [Mül87] proposed a “cascade pumping
side flow mechanism”, where the reverse pumping action is assumed
to originate from viscous drag flow around flattened hemispherical
seal lip surface asperities. Due to the asymmetric axial seal lip con-
tact pressure distribution, the total cascade pumping side flow will
be larger on the air side of the contact pressure maximum than on
the oil side, thus yielding a net axial flow which is directed toward
the oil side. Sponagel et al. [SKS87] argued that a hemispherical
seal lip surface asperity within the seal lip contact zone will become
oriented when the seal lip surface is subjected to a tangential defor-
mation that varies with the axial position across the contact zone. The
asperities deform into shapes and orientations such that they act like

8 See also Wenk et al. [WSLW16].
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viscous pumps. Due to the asymmetry of the tangential seal lip sur-
face deformation, the net axial flow is directed toward the oil side9.
Stakenborg [Sta88a, Sta88b] argued that in a steady-state situation
the reverse pumping action of the seal is counterbalanced by the cap-
illary forces of the oil–air interface, i. e., the oil meniscus, on the air
side of the sealing contact.

Macroscopic effects were also demonstrated to contribute to the re-
verse pumping phenomenon. Ott [Ott83] and Qu [Qu93] described
a dynamic sealing effect due to Görtler-Taylor vortices generated in
the oil sump at the rotating shaft surface. These vortices created an
inward pumping effect that compensated the hydrostatic pressure,
thereby preventing leakage. The phenomenon was demonstrated
with a rigid model seal that had a wide gap between the rotating
shaft and the seal inner diameter. Gawlinski [Gaw81], and Gawl-
inski and Konderla [GK84], proposed that the reverse pumping
effect was due to an axial scrubbing action of the seal lip that re-
sults from dynamic shaft eccentricity. Tests, e. g. by Horve [Hor87],
however, showed that small amounts of reciprocating motion without
rotary shaft motion will not induce the amount of pumping observed
when the shaft rotates. Prati [Pra87], and Amabili et al. [ACP00],
demonstrated that gross leakage will result when combinations of dy-
namic shaft eccentricity and shaft speed exceed the ability of the seal
lip design and material combination to follow the shaft. Brink and
Horve [BH73] reported that a molded lip seal design with a wavy
sealing edge pumped more than conventional seal designs with a
straight sealing edge. Increasing the amplitude of this wave and the
number of waves increased the pump rate. This macroscopic pump-
ing effect was later mathematically described by Horve [Hor87]. Her-
mann and Seffler [HS85] reported that tilting the shaft from the hor-
izontal yielded a one-cycle wave seal contact band, which resulted in
an increased pumping ability. These secondary macroscopic effects
are generally agreed to be superimposed onto the natural microscopic
pumping effect which is related to microasperity formation.

1.2.2 Lubrication and friction of radial lip seals

As described in Section 1.2.1, early work of Lein [Lei54] indicated that
there was always an oil film between the seal lip and the shaft due
to capillary forces; this oil film could not be cut or squeezed away,
even when the radial force was appreciably increased. Instead, the
radial force increase just resulted in a high seal friction torque, with
a correspondingly increased shaft wear and a high contact temper-

9 Salant and Flaherty [SF95] presented a numerical elastohydrodynamic analysis
of this concept. The computation of reverse pump rates (and seal friction) was
later generalized to mixed microelastohydrodynamic lubrication models where the
sealing surface of the lip was modeled as a quasi-random surface, see, e. g., Shi and
Salant [SS00, SS01], and Salant [Sal01].
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ature that destroyed the elastomer seal lip, thereby causing leakage.
Lein [Lei54] presented seal friction torque curves where the friction
torque started from a non-zero value and then increased at a declin-
ing rate with increasing rotational speed10. Based on the fact that
a radial lip seal lacks the converging fluid film known from journal
bearings, Lein argued that the oil film, even though causing viscous
friction, will not be capable of providing hydrodynamic load support;
therefore, the seal radial force will be carried by asperity contacts that
will cause boundary friction from molecularly thin lubricant films, as
well as dry friction. He then concluded that the entire seal friction
is generally composed of a constant boundary (and, partially, dry)
friction component and a speed-dependent viscous lubricant friction
part.

Jagger [Jag57a] used the results of seal pressure leakage and seal
friction force measurements to indirectly estimate the lubricant film
thickness within the seal lip contact zone. In order to vary the contact
load between the seal and the counterface, Jagger used an axial seal
lip design such that the loading was changed from the radial direc-
tion to the axial direction. The contact load was changed by adding
or removing weights. In order to globally characterize the lubrication
condition of the seal lip, and to directly measure the oil film thickness,
Jagger [Jag57a] used an electrical capacitance method11. The average
film thickness values obtained for a range of loads and speeds were of
the order of 2.5 µm, which was consistent with the indirect film thick-
ness estimates. Moreover, the measurements of electrical capacity
showed that, even at the lowest rotational speeds, the seal lip and the
counterface were separated by a coherent oil film that disappeared
as soon as the shaft became stationary, but built up again immedi-
ately movement was started. Jagger argued that the lubricant film
was generally much thicker than the molecular films of boundary lu-
brication and yet it was much thinner than the usual hydrodynamic
films found in journal bearings, where the film thickness was on the
order of 25 µm; compared to these thick films, owing to the smaller
film thickness, shear rates were often higher, giving rise to higher
coefficients of friction12 and more pronounced temperature effects.

Further indirect evidence for the formation of a continuous lu-
bricant film came from observations of Jagger [Jag57b], John-
ston [Joh78], and Horve [Hor91], who reported that, under lubri-
cated conditions, the width of the seal lip wear track remains virtually
constant after a very short initial break-in period.

10 Very similar seal friction torque curves were also reported by Johnston [Joh78], and
Johnston and Vogt [JV95].

11 For a discussion of this technique, see, e. g., Visscher [Vis92], and Tournerie et
al. [TLF93].

12 The friction coefficient µ = (2T)/(dFr), where T is seal friction torque, Fr is seal
radial force at oil sump temperature, and d is shaft diameter, may easily exceed 0.5
under normal operating conditions, see, e. g., Engelke [Eng11].
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Hirano et al. [HIK61] correlated the friction coefficient µ with the
dimensionless hydrodynamic Duty Parameter G = ηub/F (where η

is lubricant viscosity, u is shaft surface speed, b is seal lip contact
width, and F is total contact load), and found that µ = ΦG1/3, where
Φ is a characteristic proportionality factor for seal friction. Because
µ increased with increasing G, the authors concluded that the seals
were hydrodynamically lubricated and that a lubricant film existed,
even though Φ was found to decrease at higher sliding speeds. This
speed dependence was attributed to the viscoelastic properties of the
seal material. Later, Lines et al. [LLO66] demonstrated that Φ was
independent of velocity when the effect of the underlip temperature
on the viscosity was taken into account, thereby providing further
evidence for the occurence of hydrodynamic lubrication. Lines et
al. also found that friction measurements indicated boundary lubri-
cation at very low values of G. Similar results were presented by
Schnürle and Upper [SU73] who directly compared the frictional
characteristics of radial lip seals to the hydrodynamics of journal bear-
ings. Within this classical concept, as illustrated in Figure 1.3, at very
low values of G hydrodynamic pressure build-up effects do not yet
significantly contribute to the overall load support, and the friction is
therefore governed by boundary, or even dry friction caused by asper-
ity contacts. When approaching the region of minimum friction, the
friction coefficient decreases noticeably with an increase in G. Under
these mixed lubrication conditions, hydrodynamic effects will increas-
ingly contribute to the overall load support, but part of the normal
load is still transmitted at asperity contacts. At higher values of G,
beyond the friction minimum, the hydrodynamic pressure build-up
suffices to entirely carry the external load and to separate the surfaces.
Thus, owing to the fact that asperity contacts are completely avoided
under these hydrodynamic full-film lubrication conditions, no wear
will occur, and the further increase in friction is purely viscous.

The classical Stribeck curve concept has since become the standard
approach to radial lip seal lubrication, even though its applicability
is not unquestioned. For example, in a large study comprising 64
seals, Johnston and Vogt [JV95] concluded that the hydrodynamic
Duty Parameter G does not provide a universal description of the
behavior of an individual seal over a broad spectrum of running con-
ditions. Approximately 50 % of the seals did not show the typical
Stribeck curve (i. e., an initial drop in friction followed by a rise). On
the contrary, these seals showed a steep rise in friction from the very
beginning13. Extrapolating these curves backwards to G = 0 gave
intercepts with the ordinate axis which were significantly displaced
from the origin, with friction coefficients ranging from about 0.12 to

13 Similar friction curves were also previously reported by Johnston [Joh78] and
Lein [Lei54]. The reader may remember that, as detailed above, Lein [Lei54] had
therefore concluded that there is always a boundary friction component being inde-
pendent of sliding speed.
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0.4. Generally, there was a wide spread in frictional levels between
seals at higher values of G that was not only attributable to the differ-
ent ordinate intercepts but also to vastly differing starting slopes and
curvatures of the graphs. Johnston and Vogt argued that although
the Duty Parameter takes into account the fluid viscosity and seal
radial load, it can only represent a limited aspect of the conditions
within the sealing gap. The authors concluded that both the run-
in surface structures of the shaft and the seal lip must play equally
important roles in the frictional characteristics but cannot be quantita-
tively considered in a graphical representation which is solely based
on the Duty Parameter G.

The first explanation of the load support came from Hirano and
Ishiwata [HI65], who assumed that the seal lip was sliding over
asperities on the shaft surface. They used foil bearing theory, ac-
counting for the viscoelasticity of the seal lip, to predict the fric-
tional characteristics of the seal. This concept has been abandoned,
as it was demonstrated by Jagger and Walker [JW67], and, later,
by Horve [Hor91], that, during running, the shaft is polished and
becomes much smoother than the seal lip.

Jagger and Walker [JW67]14 suggested that the oil film was
able to carry the radial load by virtue of a micro-asperity lubrica-
tion mechanism where the elastomer seal lip surface asperities are
treated as lubricated contraformal Hertzian contacts; here, the com-
pliance of the rubber allows for the formation of a second order
micro-elastohydrodynamic lubricant film between the flattened asper-
ity tops and the smooth shaft. The average thickness of these sec-
ond order under-asperity lubricant films was calculated to be about
0.25 µm. The calculated friction coefficients agreed fairly well with ex-
perimental results. The basic idea of this lubrication concept was later
revisited by Gabelli [Gab89, Gab91], who developed a combined hy-
drodynamic and micro-elastohydrodynamic lubrication model that
was generalized to the parallel sliding contact between two rough
surfaces; here, second order micro-elastohydrodynamic lubricant film
formation due to asperity contacts was modeled using the soft micro-
elastohydrodynamic film thickness formula developed by Chitten-
den et al. [CDT87]. Gabelli presented results of a parameter study,
but there was no comparison with experimental data.

Mainly motivated by hard surface asperity lubrication models orig-
inally developed for mechanical face seals, it has become common
practice to attribute the load support in radial lip seals primarily to
first order hydrodynamic pressure generation by seal lip surface as-
perities, in combination with inter-asperity cavitation15. Based on this

14 See also Jagger and Wallace [JW70].
15 See, e. g., Hamilton et al. [HWA66], and Anno et al. [AWA68]. Later, however,

Lebeck [Leb87] arrived at the conclusion that ‘micro asperity lubrication does not
account for the apparent hydrodynamic load support observed in many practical
cases’, and is ‘not a powerful enough effect to provide the load support observed’.
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general agreement, within the last three decades a number of radial
lip seal lubrication models have been developed. Starting out from ba-
sic hydrodynamic approaches with undulated and bi-sinusoidal de-
terministic representations of the seal lip surface roughness, these
models have evolved to fast flow factor based codes which account
for random roughness of the seal lip surface and mixed lubrication
conditions, allowing for the computation of reverse seal pump rates,
seal friction and lubricant film thickness16. The available mixed lubri-
cation models17 are based on the assumption of a classical Stribeck
curve-like transition from partial to full-film lubrication as shown in
Figure 1.3. Under conditions where the first order hydrodynamic
pressure generation does not suffice to completely separate the seal
lip surface from the shaft, these mixed lubrication models, therefore,
comprise partial lubricant film rupture that is formally treated with
a Coulomb-type boundary friction component.

Besides the micro-hydrodynamic effects due to seal lip surface as-
perities, there are secondary mechanisms that can also contribute to
the load support. For example, due to the viscoelastic behavior of the
seal lip, radial oscillations, resulting, e. g., from dynamic shaft eccen-
tricity or shaft runout, may appreciably enhance the hydrodynamic
lubricant film formation18. It has also been hypothesized that the
non-Newtonian behavior of the lubricant could impact the lubricant
film formation and reverse pumping mechanism of radial lip seals19.

Regarding the lubrication condition of the seal lip, both the results
of seal friction torque and leakage (or pump rate) measurements have
been used to indirectly estimate the lubricant film thickness within
the sealing contact zone20, yielding values that were well below the
film thickness expected in hydrodynamic full-film lubrication.

McClune and Tabor [MT78] studied the lubrication of annular
rubber specimens that were carefully aligned and mounted concen-
trically over a rotating glass disc, a set-up similar to that used by
Jagger [Jag57a]. Measurements of the coefficient of friction indicated
that the frictional behavior could be explained in terms of elasto-

16 See, e. g., Gabelli [Gab89, Gab91], Gabelli and Poll [GP92], Salant [Sal92],
Salant and Flaherty [SF95], Shi and Salant [SS00], Shi and Salant [SS01],
Harp and Salant [HS01], Harp and Salant [HS02], Hajjam and Bon-
neau [HB04], Hajjam and Bonneau [HB06a], Hajjam and Bonneau [HB06b],
Shen and Salant [SS06], Maoui, Hajjam and Bonneau [MHB07], Maoui, Hajjam
and Bonneau [MHB08], Salant [Sal10], Scaraggi and Carbone [SC12], Zhou et
al. [ZLS+12], Guo et al. [GJS+13], Zhou et al. [ZLTA13], and Mizuta and Sug-
imura [MS13].

17 See, e. g., Shi and Salant [SS00], Shi and Salant [SS01], Shen and Salant [SS06],
Salant [Sal10], Scaraggi and Carbone [SC12], and Guo et al. [GJS+13].

18 See, e. g., Iny and Cameron [IC61], Stakenborg et al. [SLH90], van Leeuwen and
Stakenborg [LS90, LS91], and Gabelli and Poll [GP92].

19 See, e. g., de Oliveira [Oli95], and Baart et al. [BLP10, BLP14], for the special case
of grease-lubricated radial lip seals.

20 See, e. g., Jagger [Jag57a], Johnston [Joh78], and van Leeuwen and Wol-
fert [LW97].
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hydrodynamic lubrication at individual asperities, as was first sug-
gested by Jagger and Walker [JW67]. Using more detailed equa-
tions than were available at the time of their work, McClune and
Tabor compared the theoretical and experimental frictional behavior
over a range of velocities, lubricant viscosities, and surface rough-
nesses, and, on the whole, found a good agreement.

Both the lubricant film formation and the frictional characteristics
of radial lip seals have since been extensively studied directly.

Ogata et al. [OFS87] used an electrical resistance technique in or-
der to measure the oil film breakdown ratio, i. e., the fraction of the
lubricant film that is broken down and allows contact between the
seal lip and the shaft21. The seal friction was also measured. In these
experiments, the temperature of the lubricating oil was controlled to
a constant value of 30 ◦C at the position of the seal lip surface. The re-
sults led the authors to conclude that at speeds less than 0.0026 m s−1

there is dry friction including stick-slip, at speeds of 0.0026 m s−1 to
0.18 m s−1 there is boundary lubrication involving a thin fluid film,
and at speeds above 0.18 m s−1 there is a mode of fluid film lubrica-
tion including thin boundary oil films. The authors further referred to
a previous study showing that the oil film breakdown ratio increased
remarkably in the high-speed region when the temperature of the
lubricating oil was not controlled to a constant value. Using the oper-
ating conditions of the seal, the oil film thickness within the sealing
contact zone was indirectly estimated to be in the range of approx-
imately 0.1 µm to 1 µm. Therefore, the authors suggested the appli-
cation of elastohydrodynamic lubrication theory considering surface
roughness.

Binnington [Bin91] used a laser induced fluorescence technique
and a microphotographic method to measure the lubricant film thick-
ness in the contact zone of elastomeric radial lip seals running on
a hollow glass shaft. Here, the optical density of the photographic
film, being an indirect measure of the local fluorescence intensity, was
calibrated to known lubricant film thickness values. The measure-
ments yielded film thicknesses ranging from approximately 1.1 µm
at 106 min−1 to 2.5 µm at 1512 min−1. Binnington concluded that
the seals were operating under conditions of mixed lubrication, i. e.,
the surfaces of the seal lip and the shaft were not completely sep-
arated, but the radial load was shared by both the flattened seal
lip surface micro-asperities, the hydrodynamic action of the micro-
asperities, and the squeezing of the lubricant entrapped within the
seal lip surface cavities.

Poll and Gabelli [PG92] (see also Gabelli and Poll [GP92])
used a film thickness measurement method based on magnetic fluids.

21 It is worth mentioning that the electrical detection of fluid film breakdown does
not necessarily imply the presence of dry contacts. Fluid film breakdown may also
be falsely detected in the presence of a very thin, yet coherent oil film, if the local
electric field strength exceeds a critical value, and dielectric breakdown occurs.
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The average lubricant film thickness was found to increase quickly
with rotational speed, reaching values (up to approximately 10 µm
for a sliding speed of 1.43 m s−1) that were considered to be indica-
tive of hydrodynamic lubrication. The authors, however, noted that
the experiments were especially set up to get high values of the lu-
bricant film, i. e., low contact pressure, high viscosity, wide contact
area and shaft eccentricity22, in order to check the capability of the
measurement methods while maintaining isothermal conditions in-
side the contact.

Poll et al. [PGBQ92] described a microscopic fluorescence setup
implementing a CCD23 camera, thus allowing for a dynamic digital
mapping of rotary lip seal lubricant films. The test seal was run
on a hollow glass shaft. The measurements yielded an average film
thickness of approximately 0.35 µm at a maximum sliding velocity of
0.12 m s−1. The speed-dependent changes in film thickness were very
small; when starting up after a standstill period there was a tendency
for film thickness to increase, whereas it appeared to stay almost con-
stant when reducing the speed to zero. The authors argued that this
behavior had been expected from the almost linear increase of friction
torque measured at the same time. When starting up after a stand-
still period, minimum seal friction was observed at a very low sliding
speed below 10 mm s−1.24 Using a straightforward mixed lubrication
approach similar to that previously proposed by Lein [Lei54], the
measured seal friction was considered to be composed of a constant
and a speed-dependent viscous (Newtonian) lubricant friction part.
The constant part was hypothesized to be due to boundary friction
in some regions of the contact area, or to non-Newtonian behavior
of very thin second order micro-elastohydrodynamic lubricant films
forming under the asperity tips. It was assumed to equal the friction
torque at very small decreasing speeds.

Based on previous work by Visscher [Vis92], van Leeuwen and
Wolfert [LW97] used an optical open-loop focus error signal de-
tection technique to measure the lubricant film thickness within the
sealing contact of a radial lip seal running on a hollow glass sleeve.
These measurements yielded film thicknesses ranging from 1 µm at
0.035 m s−1 to 4.5 µm at 0.35 m s−1. However, given the much smaller
film thickness estimates indirectly derived from additional seal fric-
tion torque measurements, the authors concluded that the averaged
film thickness had been appreciably overestimated in the measure-
ments. Additionally, they noted that the signal to noise ratio was too
low.

22 Regarding the impact of dynamic shaft eccentricity on leakage and friction of elas-
tomeric radial lip seals, see, e. g., Prati [Pra87], Amabili et al. [ACP00], and Sil-
vestri et al. [SPT06, SPT07].

23 ccd Charge Coupled Device
24 Very similar frictional characteristics were later also described by Poll [Pol00].
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Sato et al. [STNY00a] described a laser induced fluorescence
setup implementing a laser-scanning unit, similar to confocal laser
scanning microscopes, to qualitatively map the lubricant film thick-
ness within the contact zone of radial lip seals running on a glass
shaft. The measurements were conducted at rotational speeds rang-
ing from 100 min−1 to 1000 min−1, considering both regular sealing
as well as pumping, i. e., fully flooded, conditions. Under sealing
conditions, with increasing speed the relative fluorescence intensity
increased slightly on the oil side of the sealing contact zone. On the
air side of the contact, however, there were regions where the lubri-
cant film was nearly nonexistent. With increasing speed, the size of
these regions tended to increase towards the oil side. This behavior
was explained with a speed-dependent increase of the reverse pump-
ing action, leading to different axial equilibrium positions of the lu-
bricant film on the air side of the sealing contact. Under fully flooded
conditions, the lubricant film was appreciably thicker on both sides
of the sealing contact, compared to that obtained under sealing condi-
tions. However, only small differences were found within the central
region of the sealing contact. Under fully flooded conditions, there
was no distinct influence of sliding speed on the qualitative axial film
thickness profiles.

In another paper [STNY00b], Sato et al. described a calibra-
tion method for quantitative film thickness measurements. It was
demonstrated that the fluorescence intensity decayed appreciably
with increasing lubricant temperature, especially at temperatures
above 60 ◦C. In order to continuously monitor the temperature within
the seal lip contact zone, a thermocouple was implemented into the
seal lip. Finally, the duration of each film thickness measurement
was kept below 10 s to consistently prevent the seal lip temperature
from exceeding 50 ◦C. Using the calibration curves obtained at room
temperature, film thickness measurements under sealing conditions
yielded axial film thickness profiles that were qualitatively similar
to those seen in the previous study; towards the oil side, however,
the film thickness far exceeded 10 µm. The authors noted that these
film thickness values were appreciably higher than those measured
and estimated by others. Using the defocused laser spot to qualita-
tively map the lubricant distribution and the lubricant flow within
a larger portion of the sealing contact zone, the authors finally ar-
rived at the conclusion that the measured film thickness predomi-
nantly originated from the fluid filled seal lip surface cavities and
microchannels; however, the lubricant film thickness observed under
the flattened seal lip surface micro-asperities, i. e., within the actual
contact zones, was appreciably smaller. The thickness of these second
order under-asperity lubricant films was estimated to be below 1 µm,
thus being similar to previously published findings.
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Using the same calibration technique and a further improved fluo-
rescence setup with a hollow glass shaft, Sato et al. [SSSY03] later
obtained qualitatively similar results. The measurements were con-
ducted at rotational speeds ranging from 20 min−1 to 1150 min−1, cor-
responding to sliding speeds of 0.0942 m s−1 to 5.4192 m s−1. Seal
friction torque and pump rates were also measured. In order to con-
tinuously monitor the temperature within the seal lip contact zone, a
thermocouple was implemented into the seal lip. Fluorescence cali-
bration tests were done at temperatures ranging from room temper-
ature to 60 ◦C. No information was provided concerning the dura-
tion of each film thickness measurement or the corresponding seal
lip temperature. Under sealing conditions, depending on the oper-
ating conditions, the average film thickness decreased axially from
about 10 µm on the oil side to approximately 1 µm on the air side
of the sealing contact. Even when the seals were preventing leak-
age, lubricant films thicker than 1 µm were observed on the air side
of the contact. Under pumping conditions, both sides of the seal-
ing contact were fully flooded with lubricant, the axial film thickness
profiles were rather symmetric, and the lubricant film was thicker
than that observed under sealing conditions, particularly near the air
side. Both under sealing, and under pumping conditions, there was
no appreciable change in film thickness with circumferential position,
nor did the film thickness change appreciably with the shaft speed;
even when the shaft was stopped, the film thickness profiles did not
change substantially. The coefficient of friction µ under sealing and
pumping conditions was proportional to Gn (G = ηub/Pr), with the
exponent n ranging from 0.25 to 0.5; the µ−G characteristics differed
from specimen to specimen. As opposed to previous findings, e. g.,
by Kawahara and Hirabayashi [KH79], there was little or no corre-
lation between pumping rate Q′ and the coefficient of friction; µ was
appreciably different even when the Q′ − G characteristics of the test
seals were nearly the same. The authors also presented a hydrody-
namic full-film lubrication model of a rigid bi-sinusoidal seal lip sur-
face sliding against a smooth counterface. Using this simple model
that also accounted for inter-asperity cavitation, it was demonstrated
that at higher sliding velocities the hydrodynamic pressure genera-
tion could suffice to keep the surfaces separated, yielding estimates of
viscous lubricant friction that qualitatively agreed with experimental
results but tended to underestimate the measured friction. Due to the
fact that surface contact was not allowed in this fully hydrodynamic
model, it was not possible to consider low sliding speeds, and the
computational results, therefore, covered only half of the experimen-
tal speed range. The computational results were shown to depend
strongly on the amplitude and wavelength of the surface structure.

Mizuta and Sugimura experimentally [MS11] and theoreti-
cally [MS11, MS13] studied the effect of seal lip surface roughness on
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the lubrication of radial lip seals. Seal friction torque measurements
under pumping (i. e., completely flooded) conditions were conducted
at sliding speeds ranging from 0.0942 m s−1 to 4.7 m s−1. The seal
lip surface roughness was characterized by means of laser scanning
microscopy. The experimental results indicated that a seal having a
larger root mean square roughness, longer correlation distance, and
smaller mean peak curvature in the direction of sliding, showed lower
friction. In order to numerically study the lubrication of the seal lip,
the authors developed a hydrodynamic full-film lubrication model of
a bi-sinusoidal seal lip surface sliding against a smooth counterface.
While essentially based on previous work by Sato et al. [SSSY03],
this model additionally accounted for linear elastic deformation of
the seal lip due to hydrodynamic pressure. The distortion of the
“asperities” due to viscous shear force was not included25, but the
effect of the “asperity” orientation was considered by using differ-
ent wavelengths in circumferential and axial direction. In addition,
in axial direction the seal lip surface was given an asymmetrically
curved shape the minimum of which was located towards the oil side.
The computations were carried out for sliding speeds ranging from
0.1 m s−1 to 10 m s−1, “asperity” amplitudes ranging from 0.5 µm to
2.0 µm, and “asperity” wavelengths of 32 µm, 64 µm, and 128 µm. The
numerical results qualitatively confirmed the experimental findings
that seals having a larger root mean square roughness, longer cor-
relation distance, and smaller mean peak curvature, showed lower
friction. However, realistic estimates of measured seal friction were
obtained only when using the “smallest” wavelength and, at the same
time, applying the highest sliding speeds. With decreasing speed, the
measured seal friction was increasingly underestimated. Due to the
fact that surface contact was not allowed in this fully hydrodynamic
approach, this specific model was not able to capture sliding speeds
below approximately 1 m s−1, where the hydrodynamic pressure gen-
eration did not suffice to keep the surfaces separated. When using
the larger “asperity” wavelengths, the applicable speed range was ap-
preciably increased; at the same time, however, the measured friction
coefficients were even more severely underestimated26. The authors
concluded that the seal friction was apparently affected by other mi-

25 The corresponding asperity “micro-wedge” formation, however, may contribute ap-
preciably to the hydrodynamic load bearing capacity. Therefore, the described mod-
eling approach is expected to systematically overestimate the viscous friction.

26 It is interesting to note the similarity of these findings to the results of van
Bavel [Bav97] who developed a hydrodynamic full film lubrication model of a bi-
sinusoidal seal lip surface subjected to asymmetric tangential displacement. Here,
the clearance between the seal lip and the shaft was fixed, and the model parame-
ters were based on average values of published results. The asperity wavelength was
set to 10 µm in both directions, according to observations of Kammüller [Kam86].
Both the computed average hydrodynamic pressure and the friction torque were
appreciably lower than the expected values.
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crotopographical features of the seal lip that had not been covered in
this hydrodynamic modeling approach.

Fowell et al. [FMSK14] used fluorescence microscopy to measure
the lubricant film thickness within the highly conformal contact of
a relatively rough FKM (fluorocarbon) O-ring sliding against a con-
cave glass lens, a geometry that was deemed similar to that found
in elastomeric seals. Results were presented for sliding speeds rang-
ing from 14.1 mm s−1 to 105.0 mm s−1. The average film thickness
was low within the nominal elliptical contact area and the lubricant
film consistently remained below 1 µm. Throughout the contact patch
distributed areas of local minima in lubricant film thickness were ob-
served, the size of which decreased as entrainment speed increased.
The presence and behavior of these discrete minima suggested that
the roughness of the elastomer sample dominated the film behavior
under the applied conditions, and that micro-films were likely form-
ing on asperity contacts.

1.3 experimental approaches in radial lip seal re-
search

From a practical point of view, both measurements of seal friction
torque (see Section 1.2.2) and leakage, as well as life tests, are use-
ful as they allow for a global assessment of the sealing system’s fric-
tional losses and reliability, including the compatibility of the elas-
tomer compound and the lubricant formulation27.

Pump rate measurements are of less direct interest to the user28.
This is mainly due to the fact that during these measurements the
sealing contact requires to be completely flooded, either through con-
verse installation of the seal, or by adding a known volume of oil to
the low contact angle side (i. e., the “air side”) of the sealing contact.
These conditions differ from those in the regular oil seal application
where, due to the reverse pumping action, the oil meniscus on the air
side of the sealing contact may be ingested into the sealing zone when
the shaft speed exceeds a critical value (see, e. g., Salant [Sal97]). Un-
der such conditions, this region of the sealing contact may be partially
subject to starved lubrication, and seal friction will mostly be higher

27 See, e. g., Hirano et al. [HIK61], Schnürle and Upper [SU73], Horve [Hor84],
Johnston [Joh86], Johnston and Vogt [JV95], Chiba et al. [CSY98], Amabili et
al. [ACP00], and Engelke [Eng11].

28 However, pump rate measurements have been widely used in previous studies on
radial lip seal working principles. To name but a few, see, e. g., Kawahara et
al. [KAHM78], Kawahara and Hirabayashi [KH79], Kawahara et al. [KAH80],
Horve [Hor84], Horve [Hor87], Horve [Hor91], Fritzsche [Fri94], Steinhilper
and Fritzsche [SF92] (measurement of air pump rates), Kunstfeld [Kun05],
Nakaoka et al. [NSG+05] (gas pump rates measured with gas chromatography),
Buhl [Buh06], Mizuta et al. [MFS07] (pump rates measured with fluorescence spec-
trometry), Wennehorst [Wen08], Leis et al. [LHRP10], Ottink [Ott13], and Guo
et al. [GJL+14].
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compared to the fully flooded case, depending on the lubricant viscos-
ity. Nevertheless, these measurements provide important information
for developers of elastomeric radial lip seals as they allow the reverse
pumping mechanism to be assessed, and optimized, as a function
of the operating conditions and the seal design parameters. As de-
scribed above, these parameters include, e. g., the cross-sectional seal
lip design, the seal radial force, the location and the characteristics
of the garter spring, the resulting axial contact pressure distribution,
and the seal lip surface roughness characteristics. Moreover, pump
rate measurements can help quantify the relative impact of the coun-
terface on the entire sealing system’s sealing capability; in many cases,
e. g., non-standard counterface materials or manufacturing processes,
it is not the seal that causes leakage, but the sealing system fails due
to a superimposed axial viscous drag flow resulting from directional
surface microstructures on the counterface. Depending on the ori-
entation of these structures29, such a counterface will either enhance
or reduce the reverse seal pump rate compared to that measured on
a regular non-pumping (i. e., standard) shaft; in the worst case, the
pump rate changes sign, and leakage occurs.

Measurements of the seal lip contact temperature not only provide
information about thermal impact that are helpful for material se-
lection30. They also allow the actual lubricant viscosity within the
sealing contact zone to be determined, which is a crucial variable in
any theoretical approach to radial lip seal lubrication and friction31.

Both the electrical capacitance and resistance methods, as well as
the magnetic resistance technique (see Section 1.2.2) are integrating
methods and, therefore, do not allow for a locally resolved inves-
tigation of the sealing contact zone. Invaluable direct insight into
dynamic sealing contacts, down to the roughness scale, has been
provided by experimental studies applying optical methods. Start-
ing out with the entire macroscopic sealing system including the oil
sump, transparent housing components have been employed to visu-
ally study the effect of rotational oil flow generated by the shaft on
the rate of leakage through the gap formed by rigid seals and the
shaft (see Ott [Ott83], and Qu [Qu93])32.

29 The direction of rotation should not be changed as the run-in process at a constant
speed may induce permanent directional conditioning effects of the seal lip surface.
If the direction of rotation is then inverted after the run-in, the tangential deforma-
tions of the seal lip surface are not perfectly elastic, and the original reverse pumping
action might not be reestablished. Then, leakage may occur irrespective of the sur-
face characteristics of the counterface.

30 See, e. g., Horve [Hor76], and Horve [Hor84].
31 See, e. g., Lein [Lei54], Hirano et al. [HIK61], Lines et al. [LLO66], Up-

per [Upp68], Kawahara and Hirabayashi [KH79], Kawahara et al. [KAH80],
Horve [Hor87], Wollesen [Wol93], Sato et al. [STNY00b], Engelke [Eng11], and
Guo et al. [GJL+14].

32 Both authors used rigid seals with a geometry typical for radial lip seals, i. e., the oil
side angle was larger than the air side angle. The rigid seals used by Qu [Qu93]
were made of plexiglass (polymethylmethacrylate); transparent seal components
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Guo et al. [GJL+14] described the use of a non-contacting optical
coordinate measuring instrument to analyze the change in the profile
of the seal lip resulting from wear. Here the lip profiles were mea-
sured in a free state, and the seal lip was not subject to any force
during the measurement.

Non-contact optical techniques, such as optical interferometry and
confocal laser scanning microscopy, are routinely used today in order
to characterize the surface roughness of the seal lip. Here, due to
the poor reflectivity of many elastomer compounds, it may be nec-
essary to use impression methods, e. g., based on polyurethane (see
Guo et al. [GJL+14]), and to measure the roughness of the resulting
impression.

Besides the surface roughness characteristics, the contact width of
the seal lip is another important parameter required in theoretical
studies of the sealing contact. It increases with wear, which leads to a
gradual redistribution of the initial seal lip contact pressure distribu-
tion. The seal lip contact width has been routinely measured using
transparent sleeves having the same diameter as the actual counter-
face33. A prism, or a tilted mirror, which is fixed in the sleeve at
45°, is used to redirect the optical path34, and microscopic imaging
techniques are employed to determine the seal lip contact width. In
order to account for the effect of rubber viscoelasticity, the contact
photographs are usually taken several hours after installation of the
seal.

Transparent hollow shafts, mostly made of glass, have been used to
study the radial lip seal contact under lubricated dynamic conditions.
Lines et al. [LLO66] used a hollow glass shaft to measure the con-
tact width at various rotational speeds. Jagger and Walker [JW67]
also used a glass shaft to photograph the lubricated seal lip contact
area through a microscope by electronic flash. A notable feature com-
mon to all the seals observed in their study was that the general dark
tone of the contact band became lighter when the shaft was rotating.
The authors believed this to be caused by a multitude of tiny cavita-
tion pockets, smaller than the distance between asperities. Regarding
the occurrence of inter-asperity cavitation, similar findings were later
described by Jenisch [Jen91], who additionally used a custom-made

were also used by Haas [Haa86] in order to study the lubricant flow within non-
contacting (e. g., labyrinth) seals.

33 See, e. g., Hirano et al. [HIK61], Lines et al. [LLO66], Ott [Ott83], Kam-
müller [Kam86], Wolf [Wol87] (who studied the axial deformation and contact
behavior of pressurized and axially undulated radial lip seals), Jenisch [Jen91],
Frenzel [Fre00] (with application to pressurized reciprocating seals made of
polyurethane), Ruhl [Ruh01], Engelke [Eng11], and Guo et al. [GJL+14].

34 In order to measure the contact width of lip seals made of polytetrafluorethylene
(PTFE), Flitney [Fli82] used a mandrel made of plexiglass with a polished conical
bore, utilizing total reflection to observe the sealing contact. A similar set-up was
also used by Stakenborg [Sta88a] to visually inspect the contact zone of elastomeric
radial lip seals.
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microscope that was attached to the hollow glass shaft and therefore
rotating with the same speed. Using this setup, Jenisch studied cir-
cumferential irregularities and waviness of the seal lip contact band
arising, e. g., from the manufacturing process or misaligned installa-
tion of the seal.

Nakamura et al. [NK84, NKK85, Nak87] used videotapes to
record the actual microscopic contact between the seal lip and a hol-
low glass shaft as a distribution of dark spots. The intensity values
within these spots were calibrated to seal lip contact pressure and,
according to the classification of darkness, groups of contour lines
were drawn by means of digital image processing. Regions of cavita-
tion were distinguished as bright patterns. Upon statistical analysis
of a large number of such processed contact images, the authors ar-
rived at a set of statistical criteria, mainly based on the axial location
and the area fraction of the maximum seal lip contact pressure, for a
non-leaking radial lip seal35.

Poll et al. [PGBQ92] described a total internal reflection contact
visualization technique that drastically improved the contrast of the
seal lip contact images, especially under dry conditions. Here, the
light was fed into the hollow glass shaft at an oblique angle through
the front side of the shaft. Due to total internal reflection at the glass–
air interfaces, the incoming light is reflected back and forth until
it reaches the actual sealing contact. Here, only the actual rubber–
glass contacts are optically coupled and thus visible as bright spots,
whereas areas without contact remain dark. Similar to the method
described by Nakamura et al. [NK84, NKK85, Nak87], intensity val-
ues correspond to the local seal lip contact pressure distribution. In
another study, Gabelli et al. [GPP92] used this technique to visual-
ize the axial seal lip contact pressure redistribution resulting from the
normal run-in process of a radial lip seal.

Kammüller [Kam86] used a hollow shaft made of plexiglass to
study the asymmetric tangential distortion of the seal lip contact
zone resulting from the asymmetric axial seal lip contact pressure
distribution. The local displacements of the seal lip were recon-
structed by comparing the positions of high reflectance features ob-
served under static conditions with those observed during shaft ro-
tation. The high reflectance features were produced by vapor de-
positing a thin film of gold (approximately 20 nm thick) onto the seal
lip. The torsional deformation of the seal lip bulk material was deter-
mined using two spatially fixed steel needles that served as reference
points. Similar approaches were later described by van Leeuwen
and Wolfert [LW97], who vapor deposited chromium layers (below
40 nm thick) onto the seal lip and used digital image processing tech-
niques, and by Ottink [Ott14], who used thin diamond-like carbon

35 The same methodology was used by Chiba et al. [CSH91], who studied the sealing
phenomena of a lip-type seal for an automotive air conditioning compressor.



1.3 experimental approaches in radial lip seal research 23

films (a few nanometers thick) that were chemically vapor deposited
onto the seal lip. van Leeuwen et al. [LPM11] used time-resolved
digital microscopic imaging to study the stick-slip behavior of the
rubber asperity contacts within the dry contact between an axial lip
seal and a rotating coated flat optical disk. Irregularities in the rubber
were used as targets and their position was determined with time.

Stakenborg [Sta88a, Sta88b] microscopically observed the oil–air
interfaces, the lubricant distribution, and cavitation within the seal-
ing contact zone through a small glassfibre bundle implemented into
a fixed hollow steel shaft. The end of this glassfibre bundle was given
the same radius as the shaft surface. Using this setup, the thermal
boundary conditions, i. e., the heat transfer properties of the shaft,
were largely preserved and much more realistic compared to glass or
plexiglass shafts with their lower thermal conductivities. An impor-
tant disadvantage of this approach, however, is that, in the case of
a rotating seal, the contact conditions of the seal lip are influenced
by centrifugal forces, whereas in most practical situations the shaft
rotates and the seal is fixed.

Based on the same thermal rationale, Gabelli and Poll [GP92]
microscopically observed the sealing contact through a glass window
implemented into a hollow steel shaft. In order to achieve high-
contrast imaging of the lubricant behavior within the sealing con-
tact, a fluorescent dye was dissolved in the oil and the blue light
induced fluorescence method was applied. Utilizing the total inter-
nal reflection contact visualization technique described by Poll et
al. [PGBQ92], the reflected fluorescence excitation light was simul-
taneously used to study the contact pattern of the seal lip surface
micro-asperities.

Optical approaches have also been used to microscopically study
the sealing contacts regarding the transport and aggregation of solid
particles carried with the lubricating oil, and to study local flow phe-
nomena. Tamura and Obayashi [TO00], and Chiba et al. [CSY98]
directly observed the reflectance and scatter of solid particles to study
the impact of solid lubricant contamination on the occurrence of seal
leakage. Bauer [Bau08], in a similar approach, used metallic parti-
cles to study the lubricant flow within the contact of spiral groove
lip seals made of PTFE. Hidrovo and Hart [HH99] used a laser in-
duced fluorescence (LIF) setup and a mixture of fluorescent particles
and dust to visualize the progression and clustering of contaminant
particles in the seal–shaft interface of a spiral groove lip seal. Sato et
al. [STNY00a] used a LIF setup and fluorescent microparticles made
of polymethylmethacrylate (PMMA) to study the local flow36 near the
contact of a radial lip seal with hydrodynamic pumping aids having

36 This is the basic principle of microscopic particle image velocimetry (µ-PIV),
which has become a standard method in experimental fluid mechanics (see, e. g.,
Adrian [Adr91], Santiago et al. [SWM+98], Meinhart et al. [MWS99], Mein-
hart et al. [MWG00], and Wereley and Meinhart [WM05, WM10]).
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the form of protruding helical ribs. Wennehorst and Poll [WP06]
used fluorescent microparticles made of melamin resin and observed
spiral particle movement and particle clustering in the direct vicinity
of a standard elastomer seal lip contact and within the contact of a
spiral groove lip seal made of PTFE.

Optical interferometric approaches have been used to measure the
lubricant film thickness within the sliding contact of elastomer seals
for both rotating and reciprocating motion of the counterface. These
approaches, however, have been largely limited to lubricated sliding
contacts between plane pad- or band-shaped model seal lips and ro-
tating glass discs37, or reciprocating glass plates38. The application
of this technique to study rough elastomer contacts turned out to
be challenging, as the production of interferometric photographs re-
quires that a specular surface exist on the seal, and that the amount
of light reflected from the oil–seal interface produce satisfactory in-
terference with the light from the glass–oil interface. McClune and
Tabor [MT78] studied the lubrication of annular rubber specimens
that were carefully aligned and mounted concentrically over a rotat-
ing glass disc, a set-up similar to that used by Jagger [Jag57a]. When
using rough elastomer specimens, the optical interference technique
could not be used because the interference colors were so broken that
it was impossible to interpret the results. Krauter [Kra82], who mea-
sured the oil film thickness within the contact of elastomeric Stirling
engine rod seals, used a thin elastic lacquer coating on the seal to in-
crease the amount of light reflected from the oil–seal interface. When
discussing results, however, Krauter believed this optical coating
to have influenced the measurements. Liming [Lim01] used a pad-
shaped model seal lip to measure the lubricant film build-up due to
hydrodynamic pumping aids having the form of protruding helical
ribs. In order to enhance the reflectance of the elastomer surface, the
model seals were produced using extremely smooth molds. More-
over, in order to avoid diffuse reflections, the elastomer compounds
did not contain any colored additives.

Fluorescence techniques for the measurement of thin liquid films,
as originally described by Smart and Ford [SF74], have been ac-
tively pursued in the field of internal combustion engine research,
mainly focusing on the oil film thickness between the piston rings
and the cylinder wall or cylinder liner39. Fluorescence techniques
have also been used to measure the lubricant film thickness, e. g., on

37 See, e. g., Liming [Lim01, Lim03].
38 See, e. g., Kanzaki et al. [KKK97] and Kaneta et al. [KFKK97, KTN+00, KTT+05].
39 See, e. g., Ford and Foord [FF78], Ting [Tin80], Hoult et al. [HLWB88, HLWB89],

Lux et al. [LHO91], Wong and Hoult [WH91], Richardson and Borman [RB91],
Shaw et al. [SIHW92], Sanda et al. [SSKN93], Konomi et al. [KNMS93], Ina-
gaki et al. [ISMK95], Takiguchi et al. [TNFY98], Thirouard and Hart [TH00],
Weimar and Spicher [WS03], and Dhunput et al. [DTA07] (who studied the de-
velopment of cavitation in the lubricant film of piston-ring assemblies).
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hard magnetic memory disks (Tanimoto and Rabinowicz [TR92]),
in axial spiral groove bearings (Zou et al. [ZTL+05]), and in metal
forming processes (Azushima [Azu06]). Sugimura et al. [SHY00],
and Reddyhoff et al. [RCSG10] applied fluorescence microscopy to
study lubricant film thickness and lubricant flow within the macro-
scopic elastohydrodynamic contact between a steel ball and a glass
disc. Myant et al. applied fluorescence microscopy to measure
the lubricant film thickness in macroscopic compliant point contacts
(stationary elastomer hemisphere pressed against a glass disc) under
conditions of steady sliding [MRS10], and during transient sliding
motion [MFC14]. Kassfeldt [Kas87] used a laser induced fluores-
cence technique to measure the lubricant film thickness within the
contact of hydraulic cylinder seals40. With regard to reciprocating
sealing applications, fluorescence-based lubricant film thickness mea-
surements were also described, e. g., by Debler et al. [DGP03], and
Ottink et al. [OWP10]. Hidrovo and Hart [HH99] used a laser in-
duced fluorescence technique to qualitatively study the lubricant film
thickness within the sealing contact of a spiral groove lip seal. Sato
et al. [STON99] used a laser induced fluorescence technique to qual-
itatively study the lubricant behavior within the sealing contact of a
radial lip seal with hydrodynamic pumping aids having the form of
protruding helical ribs. Mizuta et al. [MAS07] used a fluorescence
setup, essentially based on previous work of Sato et al. [SSSY03],
to study the impact of elevated oil sump pressure on the seal lip
contact width, the lubricant film thickness, and the frictional char-
acteristics of radial shaft seals specifically designed for pressurized
applications. Fluorescence techniques were also used by Binning-
ton [Bin91], Poll et al. [PGBQ92], Sato et al. [STNY00b], Sato et
al. [SSSY03], and Mizuta and Sugimura [MS11] to quantitatively
study the lubricant film formation in standard radial lip seals, and
by Fowell et al. [FMSK14], who measured the lubricant film thick-
ness within the highly conformal contact of a relatively rough O-ring
sliding against a concave glass lens, a geometry that was deemed
similar to that found in elastomeric seals. The main findings of these
investigations are described in Section 1.2.2.

40 A description of this technique can also be found in Jacobson [Jac91], pp. 219–227.
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A I M S A N D S C O P E

As detailed in Section 1.2.2, the tribological characteristics of radial
lip seals are currently not completely understood. Measured seal
friction coefficients have been shown to vary vastly from specimen
to specimen, even under conditions that, based on the hydrodynamic
Duty Parameter G, can be deemed comparable from a classical hydro-
dynamic standpoint, i. e., when the µ− G curve looks like a Stribeck
curve, and when the value of G formally indicates hydrodynamic
full-film lubrication with a complete separation of the surfaces. Con-
sequently, for the typical case of a shaft being much smoother than
the elastomer seal lip, the observed differences (for a given seal ma-
terial and lubricant) have been ascribed to the run-in surface micro
geometry of the lip. The roughness influence follows directly from
the fact that the parallel sliding contact between the lip and the shaft
lacks a macroscopic pressure and lubricant film formation mecha-
nism, and that the generation of load support is, therefore, limited
to micro-hydrodynamic effects on the roughness scale. Within the
classical Stribeck curve concept, for an individual seal there might
be a value of G where the initially flattened elastomer seal lip sur-
face asperities separate completely from the shaft due to first order
micro-hydrodynamic pressure generation; then, the seal lip lifts off,
the boundary friction component vanishes, and the fully established
lubricant film gives rise to purely viscous friction. However, com-
bined seal friction and lubricant film thickness measurements have
provided evidence that seal friction may be at a minimum at very
low sliding speeds where there is apparently no speed-dependent lu-
bricant film build-up at all. A number of researchers have arrived at
the conclusion that radial lip seals may consistently run in a mode
of mixed lubrication where first order micro-hydrodynamic effects
do not suffice to eliminate asperity contact completely, even when
the seal friction curve passes through a minimum and, therefore, for-
mally resembles a classical Stribeck curve. To make the situation even
more confusing, many seal friction curves simply do not resemble a
classical Stribeck curve but instead show rising friction from the very
beginning, and the friction curves, when extrapolated backwards to
G = 0, are not passing through the origin as would be expected for
purely viscous friction. Instead, these extrapolated curves intersect

27
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the ordinate axis at friction values larger than zero, thus indicating a
contribution of boundary friction.

This dissertation aims at contributing to a better understanding of
the lubricant film formation mechanism and the frictional character-
istics of elastomeric radial lip seals. It provides a summary of a series
of ongoing experimental and theoretical work and is organized as
follows:

experimental work The first step involves combined measure-
ments of seal friction torque and lubricant film thickness, us-
ing newly developed experimental facilities. The axial lubricant
film thickness distribution is measured optically using the flu-
orescence method. In order to study the impact of the seal lip
surface micro-geometry on the lubricant film formation, two dif-
ferent test seals are used that nominally differ only in the wear
condition of the seal lip. To account for the influence of temper-
ature on the lubricant viscosity, seal lip contact temperatures
are additionally measured on a separate test rig. The experi-
mental approach is described in Chapter 3, and the results of
the experimental investigations are presented in Chapter 4.

semiempirical approach In order to gain further insight into
the measured overall seal friction, a novel semiempirical ap-
proach is developed using the measured axial lubricant film
thickness profiles as input in complementary computations of
the viscous lubricant friction component. This work is de-
scribed in Chapter 5.

modeling work Based on the experimental and semiempirical re-
sults, mixed lubrication models are developed that rely on the
concept of second order micro-elastohydrodynamic asperity lu-
brication. This work, as well as the comparison of computed
and measured seal friction, are described in Chapter 6.

Within the scope of this work, only the “pumping” condition is con-
sidered where the sealing contacts are fully flooded. This decision
was made in order to ensure a well-defined lubrication condition of
the entire sealing contact throughout the measurements; moreover,
this basic configuration can more readily serve as a starting point for
modeling than the “sealing” condition, where the air-side region of
the sealing contact may be partially subject to starved lubrication and
the theoretical treatment is more complex.
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E X P E R I M E N TA L A P P R O A C H

As detailed in Section 1.2.2, experimental investigations into the lu-
brication of elastomer shaft seals have been previously performed
mainly at relatively high sliding velocities chosen for a better com-
parability with the actual oil seal application. Optical approaches
have been based mainly on transparent hollow shafts made of glass.
Due to the poor thermal conductivity of glass and the correspond-
ing heat accumulation within the sealing contact zone, tribological
investigations may be easily biased by thermal effects, which can im-
pact both the tribological system under investigation as well as the
measurement system itself. For example, an unrealistic drop of the
lubricant viscosity directly affects the overall lubricant film formation
and viscous lubricant friction; in fluorescence-based lubricant film
thickness measurements, depending on the characteristics of the flu-
orescent dye, the fluorescence intensity at a given film thickness may
decay noticeably with increasing temperature. These effects occur at
the same time and impair the interpretation of the experimental re-
sults, as the actual speed-dependent lubricant film build-up may be
considerably underestimated.

The combined lubricant film thickness and friction torque measure-
ments in this work are, therefore, based on the following general con-
siderations:

• use of a sapphire hollow shaft (having high thermal conductiv-
ity similar to steel) in order to avoid unrealistic heat accumula-
tion within the sealing contact zone;

• limitation to low sliding speeds in order to minimize thermal
effects;

• use of in situ calibration to monitor the impact of thermal effects
on the fluorescence signal;

• use of test seals having low radial force to ease the build-up of
the lubricant film;

• use of a high viscosity oil in order to enhance the build-up of
the lubricant film.

29
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3.1 experimental set-up

Based on the author’s previous work1, the optical test rig accord-
ing to Figure 3.1 was set up. A stereo microscope is adopted to a
modified seal test bench2 via a cross table for adjustment. For radial
observation of the sealing contact region a transparent hollow shaft
made of sapphire in combination with a further optimized Laser In-
duced Fluorescence (LIF) set-up (“LIF device” in Figure 3.1, see also
Section 3.2.2) is used. In order to avoid gravitational effects during
standstill periods, as well as for laser safety reasons, the optical point
of measurement is at the lower position of the sealing contact. The
newly implemented sapphire hollow shaft (outer diameter: 82 mm)
features a realistic surface roughness (Rq ≈ 0.03 µm) being similar to
that of an actual run-in steel counterface. Thanks to the high ther-
mal conductivity of sapphire being of the same order as that of steel3,
heat accumulation within the sealing contact is substantially reduced,
providing better comparability with the real tribosystem compared to
glass shafts. The overall radial and axial dynamic run-out of the hol-
low shaft is less than 10 µm. At the axial location of the test seal lip,
through diligent alignment of the sapphire adaptor, the optimized
run-out amounts to approximately 1 µm, the corresponding influ-
ence on the measurements (axial reciprocation of the seal lip during
shaft rotation) therefore being negligible. A cooled and temperature-
controlled4 12 bit black and white CCD camera (Sensicam, PCO AG,
Kelheim, Germany) is used for digital image acquisition. A trigger-
ing system allows for image acquisition at a well-defined circumfer-
ential shaft position, while continuous imaging at frame rate is used
for time-resolved measurements. The maximum spatial resolution
of the imaging system amounts to 0.85 µm/pixel in both horizon-
tal and vertical direction. At the same time as the optical investi-
gations are performed, the friction torque is measured implement-

1 See Wennehorst [Wen04b], Wennehorst and Poll [WP06], Wennehorst [Wen08],
and Wennehorst and Poll [WP08].

2 The test rig was originally set up for measuring friction and pump rates of pro-
tective seals for rolling element bearings under pressurized conditions, see Wen-
nehorst [Wen08]. The pressure gradients applied to the contact of a single seal
were obtained on a modified FE8 test rig by measuring the pressure within a com-
pletely sealed full-scale ball bearing subjected to rotational speed and temperature
ramps. The modular design of the seal test rig also allowed for optical investigations
into the dynamic sealing contacts utilizing the optical white light and fluorescence
prototype set-up previously developed by Wennehorst [Wen04b]. In later projects,
thermally controlled versions of the pump rate test rig were used, additionally allow-
ing for measurements at elevated oil sump temperatures (see Leis et al. [LHRP10],
von Hollen et al. [HLPR11], and Ottink [Ott13, Ott14]). The final optical set-up
described in this work was later used by Ottink [Ott13, Ott14].

3 This similarity applies in particular to the temperature range of approximately 300 K
to 400 K (see, e. g., Incropera et al. [IDBL07]), which is also relevant to typical
radial lip seal applications, especially regarding the upper limit.

4 The CCD sensor is cooled to −15 ◦C to minimize thermal dark current noise.
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ing a high-precision telemetric torque sensor (HBM, 5 N m measuring
range, 0.1 % accuracy). For temperature stability reasons, two equal
seals are mounted each on the hollow shaft, the resulting ring gap (ac-
cording to the close-up depicted in Figure 3.1) being completely filled
with oil. Since the experiments are limited to low sliding velocities,
no additional fluid circulation equipment is used. The sealed vol-
ume is vented via three small bores in the outer seal adaptor, one of
them being the feedthrough for the temperature sensor. The oil sump
temperature is measured in the vicinity of the sealing contact. The
two outer contact angle sides of the test seals are wetted continuously
with oil during the experiments in order to maintain the fully flooded
lubrication condition. The measurements are quasi-stationary with
stepwise change of rotational speed, allowing for a relaxation period
of at least 5 min at each speed level. Both the seal friction torque and
the oil sump temperature are taken as the average over the last 60 s
of the corresponding speed step.

3.2 optical methods

The optical test facility combines different optical methods which, as
a whole, allow for comprehensive investigations into dynamic sealing
contacts. The white light and fluorescence based methods applied in
this work are described below.

3.2.1 Total internal reflection sealing contact visualization

Basic observations of sealing contact regions, in particular for align-
ment of the region of interest, are carried out using white light of
a cold light source. High contrast visualization of the sealing con-
tact is achieved by feeding the light into the transparent hollow shaft
at an oblique angle through the front side of the shaft, as shown in
Figure 3.2, according to Poll et al. [PGBQ92].

Due to total internal reflection (TIR) at the sapphire–air interfaces,
the incoming light is reflected back and forth until it reaches the ac-
tual sealing contact, similar to fiber optics or liquid light guides5. At
a first glance light is reflected only by the actual rubber–sapphire con-
tacts whereas areas without contact remain dark. Looking at the TIR
method in detail though, optical coupling of the elastomer surface
can occur up to a distance of few hundred nanometers, depending
on the wavelength and the angle of incidence. This optical coupling
is due to the propagation of an evanescent wave, the electric field
intensity of which exponentially decays with perpendicular distance

5 Under lubricated conditions, depending on the refraction index of sapphire and
the lubricant, total internal reflection may also occur at sapphire–oil interfaces. As
previously demonstrated by Wennehorst [Wen08], this may be a useful method for
qualitative investigations into lubricant film formation.
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Emission Filter Cross TableLIF Device
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(a) Experimental set-up, conceptual illustration based on CAD model.

(b) Experimental set-up, photograph.

Figure 3.1: Experimental set-up. (a) reproduced according to Wennehorst and Poll [WP09c].
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Figure 3.2: Total Internal Reflection technique according to Poll et al. [PGBQ92]. Reproduced
with permission of Springer.

from the TIR interface. These effects could be utilized for quantitative
topographical distance mapping within the sealing contact6; the ex-
perimental implementation of such a measuring principle, however,
is challenging. When used qualitatively, the TIR method allows for
high-contrast visualization of the actual contact pattern especially un-
der dry conditions, which is particularly useful for the determination
of the seal contact width and the assessment of the wear condition.
Considering the multi-scale nature of surface roughness, the different
reflectance light intensity levels can be directly associated with the lo-
cal contact pressure distribution resulting from the elastomer contact
topography.

3.2.2 Laser Induced Fluorescence

For investigations into the lubricant distribution within sealing con-
tacts and quantitative lubricant film thickness measurements, respec-
tively, the Laser Induced Fluorescence method (LIF) is applied, as
illustrated in Figure 3.3. A fluorescent dye dissolved in the lubricant
emits fluorescence radiation during excitation by light with appro-
priate wavelength. Due to Stoke’s shift, the maximum fluorescence
emission is shifted towards longer wavelengths, so that fluorescence
can be selectively captured by means of suitable optical filters, fluo-
rescence intensity thereby being a direct measure for lubricant film
thickness. The short recombination time of the optically excited dye
molecules, which is of the order of nanoseconds, allows for the inves-
tigation of highly dynamic processes.

6 See, e. g., Harrick [Har62].
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3.2.2.1 Fundamentals of fluorescence

Fluorescence is a type of photoluminescence, i. e., emission of light
that is not resulting from heat but from absorption of photons. As de-
tailed, e. g., by Guilbault [Gui90], light, a form of electromagnetic ra-
diation the propagation of which is regarded as a wave phenomenon,
is characterized by a wavelength λ and a frequency ν interrelated by

ν =
c0

λ
(3.1)

where c0 = 3× 108 m/s is the velocity of light.
Upon striking matter, light can either pass through with no absorp-

tion occurring, or it can be absorbed by matter, either entirely or in
part. In the latter case energy is transferred to the molecule in the ab-
sorption process. Absorption of energy must occur in integral units,
called quanta or photons. The quanta–energy relationship can be ex-
pressed by the equation

E = hν =
hc0

λ
(3.2)

where E is energy and h = 6.626× 10−34 J s is Planck’s constant.
Every molecule possesses a series of closely spaced energy levels

and can go from a lower to a higher energy level by the absorption of
a discrete quantum of light, equal in energy to the difference between
the two energy states (see Figure 3.3a). Only a few molecules interact
with light and are raised to this higher excited state, thus being able
to exhibit luminescence.

When a quantum of light impinges on such a molecule, it is ab-
sorbed in about 10−15 s, and a transition to a higher electronic state
takes place (see Figure 3.3a). This absorption of radiation is highly
specific, and radiation of a particular energy is absorbed only by a
characteristic structure. The electron is raised to an upper excited
singlet (S1, S2, etc.) via ground-to-singlet state transitions, which are
responsible for the visible and ultraviolet absorption spectra observed
for molecules. Absorption transitions usually originate in the lowest
vibrational level of the ground electronic state (S0).

During the very short time the molecule can spend in the ex-
cited state (typically 1× 10−9 s to 10× 10−9 s, see also Hidrovo and
Hart [HH02]), some energy in excess of the lowest vibrational energy
level is rapidly dissipated. The lowest vibrational level of the excited
singlet state, S1, is attained. If all the excess energy is not further dissi-
pated by collisions with other molecules (collisional deactivation, or
“quenching”), the electron returns to the ground electronic state S0,
with the emission of energy. This phenomenon is called fluorescence.
Because some energy is lost in the brief period before emission can
occur, the emitted energy (fluorescence) is of longer wavelength than
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Figure 3.3: Illustration of LIF measuring principle. (a) reproduced from Guilbault [Gui90] with
permission of M. DEKKER, via Copyright Clearance Center; (b) reproduced from Wen-
nehorst and Poll [WP09c].

the energy that was absorbed. This difference in energy is called the
Stoke’s shift and it allows separation of the excitation light from the
fluorescent emission. The ratio of the number of molecules returning
to the ground state by fluorescent emission over the total number of
fluorophore molecules excited is termed the fluorescence quantum
yield [HH02].

The phenomenon of phosphorescence involves an intersystem
crossing, or transition, from the singlet to the triplet state (see Fig-
ure 3.3a). Transition times of 10−4 s to 10 s are observed in phos-
phorescence, so a characteristic feature is an afterglow, i. e., emission
continues even after the exciting radiation is removed. Because of the
relatively long lifetime of the triplet state, molecules in this state are
much more susceptible to radiationless deactivation processes, and
only substances dissolved in a rigid medium phosphoresce [Gui90].

3.2.2.2 Fluorescence-based measurement of lubricant film thickness

When a rectangular differential volume element of fluid mixed with
a fluorescent dye with cross-sectional area A and thickness dx is irra-
diated by light (normal to the area A) with uniform intensity Iex, the
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total fluorescence, Pfluo, emitted by this differential volume is given
by [HH01, HH02]

Pfluo = Iexε(λex)cΦA dx . (3.3)

Fluorescence is, therefore, dependent on:

1. the excitation light intensity Iex, i. e., the amount of light avail-
able to produce molecular transitions to higher, excited levels;

2. the molar absorption coefficient ε(λex), which determines how
much of the incident light per molecule produces actual molec-
ular transitions;

3. the dye concentration c, which is a measure of the number of
dye molecules present;

4. the quantum efficiency Φ, which is the ratio of the energy emit-
ted by the energy absorbed, and is a measure of how much of
the energy stored in the higher electronic states is emitted as flu-
orescent light, when the molecules return to their ground state;
and,

5. the volume A dx of the element, which is the control volume
over which excitation and fluorescence takes place.

Since the thickness of the differential volume element is infinitesi-
mally small, dividing equation (3.3) by the area A, the fluorescence
intensity normal to the area A is obtained. If, according to Hidrovo
and Hart [HH01, HH02], the area A is assumed to be the projected
area of a single pixel, the intensity Ifluo collected by a CCD pixel from
this differential fluorescent element is given by

Ifluo = Iexξε(λex)cΦ dx (3.4)

where ξ is the “monitoring efficiency” of the imaging system, account-
ing for the fact that in reality, since the fluorescent light is pointed in
all directions, only a fraction of the total fluorescence emitted by a
differential volume element is collected by the CCD detector. The
“monitoring efficiency” is a function of the size of the aperture of
the collecting system and the distance from the emission location to
the aperture. If the thickness and sample half-width over which flu-
orescence takes place are much smaller than the distance from the
fluorescent sample to the collecting system aperture, the “monitoring
efficiency” is approximately a constant (between 0 and 1) over the
entire thickness of the sample. Both of the previous conditions are
achieved with the use of a long working distance lens.
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According to equation (3.4), pixel intensity is proportional to the ex-
citation intensity, monitoring efficiency, dye characteristics, dye con-
centration, and thickness of the fluid element. This representation
is accurate only for infinitesimally thin fluid films. A more general
and accurate description of the fluorescence response can be obtained
from Beer–Lambert’s Law of Absorption7, which accounts for the ab-
sorption of the excitation light by the finite fluid through which it
travels:

Iex(x) = I0e−ε(λex)cx . (3.5)

Here, I0 is the excitation light intensity at x = 0 (i. e., incident light
intensity).

When considering a differential element within a region of finite
film thickness, the fluorescence intensity collected by the CCD from
this fluid element is

dIfluo = Iexξε(λex)cΦ dx . (3.6)

Thus, from equations (3.5) and (3.6):

dIfluo = I0e−ε(λex)cxξε(λex)cΦ dx . (3.7)

For a given fluid film thickness, h, the total intensity collected by the
CCD is

Ifluo(h) =
∫ h

0
dIfluo =

∫ h

0
I0e−ε(λex)cxξε(λex)cΦ dx (3.8)

such that (see also Figure 3.3b)

Ifluo(h) = I0ξΦ
{

1− e−ε(λex)ch
}

. (3.9)

For small values of h (thin films), equation (3.9) can be approximated
as

Ifluo(h) ≈ I0ξε(λex)cΦh . (3.10)

This is identical to equation (3.4) and is the basis for the concepts
of optically thin and optically thick systems. The fluorescence’s de-
pendence on film thickness is quasi-linear for optically thin systems,
while it is exponential for optically thick systems. What is consid-
ered a thin or thick film thickness depends on the product ε(λex)c
[HH01, HH02].

According to Poll et al. [PGBQ92], the fluid film can be separated
into three sectors (see Figure 3.3b):

7 See also Smart and Ford [SF74], and Poll et al. [PGBQ92].
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sector a In sector A, within the film thickness, almost all the fluo-
rescent particles are excited, and the incident light intensity is
more than can be absorbed and transformed into fluorescence.
The emitted fluorescent light intensity should then mainly de-
pend on the amount n of fluorescent particles:

Ifluo = f (n) ,

and thus on the film thickness and the dye concentration.

sector b In sector B, transient region, the film thickness increases to
a point where, depending on the incident light intensity, there
is not enough light left in some parts of the film to excite all
particles. Here, the slope of the fluorescent intensity curve de-
creases: the fluorescent intensity is now not only a function of
the number of fluorescent particles but also of the intensity of
the incident light:

Ifluo = f (I0, n) .

sector c In sector C, practically all the incident light is used for flu-
orescent emission or transformed into heat in a distance shorter
than the total film thickness. Particles in the film outside this
zone will not be excited any more. The fluorescent intensity
should now mainly be a function of the incident light intensity:

Ifluo = f (I0) .

In practice, according to Poll et al. [PGBQ92], there is a consid-
erable influence of the fluorescent dye concentration as well, al-
though less strong as in sector A and B. A possible explanation
is that for a given incident light intensity the average travelling
distance of the incident as well as the fluorescent radiation will
decrease with fluorescent particle concentration. That way, it
becomes less probable that light is lost by absorption and trans-
formation into other forms of energy rather than fluorescence.

At very high particle concentrations re-absorption will have an ad-
verse effect: a part of the fluorescent radiation may then strike other
fluorescent particles, thereby being transformed into radiation of
longer wavelengths (e. g., heat). These particles are then no longer
available for fluorescence. Two conclusions of the above findings
are [PGBQ92]:

• for very thin films such as the ones investigated here, the inten-
sity of the incoming light is of minor importance;

• an improvement of accuracy and resolution of a film thickness
measurement in this range can only be achieved by optimizing
the fluorescent dye concentration and the excitation wavelength.
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As a first step in the implementation of the fluorescence method,
a fluorescent dye must be selected which is highly soluble in the lu-
bricant. Then, for a given exposure time of the CCD sensor, the dye
concentration is gradually increased from a very low value until the
quasi-linear section of the calibration curve (“sector A” in Figure 3.3b)
coincides with the expected film thickness range, thus yielding opti-
mum sensitivity for this specific film thickness range. At lower dye
concentrations, the quasi-linear section of the calibration curve ex-
tends to beyond the expected film thickness range, and sensitivity
will be lower within the expected film thickness range. At higher dye
concentrations, sensitivity will be further improved, but the quasi-
linear section of the calibration curve will cover only part of the ex-
pected film thickness range. Generally, the dye concentration should
be kept as low as possible so as to avoid alteration of the lubricant
characteristics.

3.2.2.3 LIF implementation

For LIF8 lubricant film thickness measurements, as shown in Fig-
ure 3.4, the light of a stabilized green emitting dpss9 laser module10

(StockerYale Lasiris, λ = 532 nm, 5 mW diode power) is coupled
into the optical axis via a tilted dichroic mirror. Radial redirection of
the optical path is achieved by means of another tilted mirror, thus
allowing for exact vertical illumination and observation of the seal-
ing contact. For fluorescent labeling, the dye Fluorescent Yellow 131SC
is dissolved in the oil at a concentration of c = 690 ppm.11 Opti-
cal filtering of the fluorescence response is achieved by means of the
dichroic and an additional narrow band pass filter (Semrock Bright-
Line, 585 nm center wavelength, 40 nm bandwidth) mounted within
the camera tube in front of the CCD sensor. The focus of the laser
module (Gaussian beam profile) had been adjusted in preliminary
experiments to yield a minimum excitation light intensity gradient
within the region of interest.

8 In this work, a laser was preferred over filtered light from incandescent lamps or
vapor discharge lamps. This decision was mainly based on the fact that the use of a
compact laser module appreciably simplified the optical setup that had to be custom
made.

9 dpss Diode Pumped Solid State
10 The laser generates output power stabilized by an internal photodiode. A green

emitting laser was chosen to reduce photobleaching, i. e., the decay of the fluores-
cence intensity observed under prolonged irradiation of the same fluid film region.
Photobleaching results from photodegradation of fluorophore molecules, and, there-
fore, depends on the energy, i. e., the wavelength, of the fluorescence excitation light.
According to Ford and Foord [FF78], photobleaching is most pronounced when us-
ing ultraviolet excitation light, and can be appreciably reduced by using excitation
light of longer wavelengths.

11 As confirmed by external oil analysis (Oelcheck, Brannenburg, Germany), at this
concentration the addition of the dye had no measurable impact on the oil viscosity.
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(a) LIF device, conceptual illustration based on CAD model.

(b) LIF device, photograph.

Figure 3.4: Newly developed LIF device. (a) reproduced from Wennehorst and Poll [WP09c].
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Figure 3.5: In situ LIF calibration approach. Reproduced from Wennehorst and Poll [WP09c].

For in situ calibration, the fluorescence intensity measured with a
new seal under the conditions given in Figure 3.5 is aligned to the con-
tour data derived from corresponding cross-sectional micrographs12.
These cross-sectional micrographs (epoxy mold) were captured using
the same imaging system and magnification. Fluorescence intensity
values are thus converted to lubricant film thickness. The method is
very similar to in situ or “dynamic” LIF calibration techniques being
well-established in internal combustion engine research focusing on
the piston ring–cylinder liner contact13.

Throughout all experiments, for each measuring point (i. e., rota-
tional speed, including calibration during standstill) 10 successive
images are captured. During shaft rotation, the image acquisition
is triggered to capture exactly the same circumferential shaft posi-
tion. For time-resolved measurements however successive images are
acquired at frame rate (approximately 5 Hz, corresponding to 0.2 s
exposure time). The fluorescence images are evaluated using Mat-
lab. In order to derive average film thickness profiles, in a first step
the complete image series is averaged (time series). From the result-
ing average fluorescence image the average film thickness profile is
then derived by further averaging over 10 image columns (spatial av-
eraging in circumferential direction) and scaling with the calibration

12 Several cross-sectional micrographs were produced, the variation in the seal lip con-
tact angles proving to be negligible. Since the macroscopic seal lip contour was not
measurably affected by the run-in processes occurring during the 50-hour FE8 tests
(see Wennehorst [Wen08]), the same calibration scale factor was also applied to the
run-in test seals.

13 See, e. g., Hoult et al. [HLWB88], Wong and Hoult [WH91], Shaw et
al. [SIHW92], Takiguchi et al. [TNFY98], and Weimar and Spicher [WS03].
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factor. The resulting film thickness profiles thus represent axial cross-
sections of the (spatio-temporal) average lubricant volume within the
sealing contact. Furthermore, single image columns are evaluated
for each frame (one per shaft revolution) in order to provide non-
averaged (i. e., “raw”) film thickness profiles. Offsets at nominal film
thickness zero result from different superimposed effects, the most
important of which are:

• the constant offset of the CCD camera14,

• reflected excitation light (negligible in case of appropriate opti-
cal filtering),

• auto-fluorescence of the seal elastomer within the fluorophore’s
emission band (due to pigments or fillers),

• auto-fluorescence of lubricant residues within the elastomer sur-
face (e. g., originating from run-in),

• slanting fluorescence originating from the oil bulk in the imme-
diate vicinity of the sealing contact (systematically inherent due
to the finite working distance of the microscope).

In order to compensate for such effects, causing a “wrong” lubri-
cant film equivalent within the sealing contact, the complete static
“calibration profile” (captured during standstill immediately after the
addition of lubricant) is used for offset correction of the film thickness
profiles obtained under dynamic conditions. Since the fluorescence
intensity decreases with increasing temperature15, which leads to an
apparent reduction of the seal lip contact angles, the static “calibra-
tion profile” can also be used to control for heating effects.

The calibration described above yields a nominal film thickness
resolution of approximately 40 nm/GV. In reality, however, the min-
imum film thickness that can be resolved will be determined by the
noise characteristics of the CCD camera. The total dark signal of the
camera, measured when the aperture of the cooled camera is closed,
amounts to (55.20± 1.94)GV (M± SD); here, the standard deviation,
as a measure of the noise level, yields a film thickness equivalent of
roughly 80 nm. When averaging 10 frames, the noise level is reduced
to approximately 0.61 GV. Consequently, the achievable lower limit of
measurements can be estimated to be in the range of 25 nm to 80 nm.

14 CCD dark current noise can be minimized by maintaining a low detector tempera-
ture. Then, the total CCD dark signal noise is dominated by the CCD readout noise,
i. e., the sum of electronic effects. Therefore, a default offset is additionally used in
this CCD camera, allowing the statistical characteristics of the total CCD dark signal
noise to be accurately assessed (i. e., the entire distribution of gray values (GV) both
above and below the resulting total offset, without any truncations).

15 See, e. g., Sato et al. [STNY00b].
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3.3 test seal characteristics

The seals used in this work are plain radial lip seals made of a flu-
orocarbon compound (FKM) with a mineral filler. Here, the term
“plain” refers to the most basic seal lip design involving only the
reverse pumping effect originating from within the sealing contact
zone. This means that there are no additional macroscopic surface
structures next to the seal lip hydrodynamically augmenting the “nat-
ural” reverse pumping effect16. The seal type, the design of which
is shown in Figure 3.6, has been studied and characterized exten-
sively in previous investigations (see Wennehorst [Wen08] and Ot-
tink [Ott13, Ott14]). Specifically designed as protective seals for
grease lubricated rolling element bearings17 (e. g., automotive hub
units), the radial force18 (Fr = (55.5± 6.4)N/m (M ± SD), n = 10)
is roughly 50 % lower compared to standard oil seals19. This radial
force reduction, on the one hand, is necessary in order to prevent the
seals from being thermally damaged due to the poor thermal conduc-
tivity of the lubricating grease. On the other hand, due to the precise
true-running of the bearing inner rings, the radial force of protective
seals may be safely reduced without compromising the followabil-
ity of the seal lip, and too high a radial force would unnecessarily
increase the frictional losses. In the real application, the seals are
used in a cassette type assembly utilizing a flinger element with an L-
shaped cross-section as a counterface for the seal lip. When installed
with a slight axial interference, a secondary sealing contact is thus
established between the axially extended seal lip and the flinger that
protects the main radial sealing contact from external contaminants.
The lubrication of this auxiliary sealing contact is ensured by provid-
ing a grease reservoir between the two sealing contacts. It is worth
noting that, in contrast to standard oil seals, the protective seals are

16 See, e. g., Sato et al. [STON99], Liming [Lim01], Gorrino et al. [GAC07], Wen et
al. [WYHC11], and Wen et al. [WYTT11].

17 The service life of rolling element bearings, besides the regime of lubrication, de-
pends strongly on the cleanliness level of the lubricant (see, e. g., Gabelli et
al. [GMEI08]). Depending on the application, the source of liquid and particulate
contaminants may be external to the system (e. g., water, sand, or dust entering into
an automotive hub unit), or the contaminants are generated within the system itself
(e. g., hard wear debris from gears carried in the oil). As previously demonstrated by
Gabelli et al. [GIM96], if lip-type protective seals are used in order to prevent hard
particulate contaminants from entering into the elastohydrodynamic rolling contacts,
the bearing life can be drastically increased. For a review of the impact of lubricant
contaminations on the life performance and the operating characteristics of rolling
element bearings, including the wear and fatigue related damage mechanisms, the
reader may refer, e. g., to Wennehorst and Poll [WP07], or, Ottink [Ott14].

18 The seal radial force was measured at room temperature (see Wennehorst [Wen08])
using the radial force measuring device according to DIN 3761 part 9 [DIN3761–9]
as detailed in Debler [Deb05] and Engelke [Eng11]. The results were later con-
firmed by Ottink [Ott13, Ott14] who additionally conducted thermally controlled
measurements demonstrating the temperature dependence of the seal radial force.

19 See, e. g., Johnston [Joh99].
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(a) Cross-sectional micrograph. (b) CAD representation.

Figure 3.6: Test seal design; reproduced from Wennehorst [Wen08].

installed conversely, i. e., such that the outward pumping of small
amounts of base oil aids in preventing contaminants from entering
into the sealing contact. During rotation, the flinger element acts as a
dirt slinger, providing further protection against contamination from
the surroundings. Corresponding to the previous investigations, only
the radial main sealing contact (nominal diameter d = 82 mm) is con-
sidered in this work.

Two pairs of nominally equal seals (the test seal and an auxiliary
seal, see Section 3.1) are used in the experiments. All four seals
originate from a research project on protective seals for rolling el-
ement bearings that was previously conducted by the author (see
Wennehorst [Wen08]). The first two seals are virtually new; they
were run on the lubricated sapphire shaft only at low sliding speeds
and only for a short time during the preparation of the measure-
ments. Based on experience [CR92], it can be assumed that the thin
molded skin at the seal lip is already broken, and that the filler parti-
cles and particle agglomerates closest to the surface are already worn
away. Within the sealing contact region of the test seal, the root mean
square roughness of the seal lip (measured with non-contacting op-
tical profilometry as detailed in Section 6.2) amounts to 4.37 µm (Sq).
In the following, this seal will be referred to as “short-term run seal”.
The second pair of seals was used as protective seals in a completely
sealed full-scale ball bearing that was subjected to rotational speed
and temperature ramps on a modified FE8 test rig. In these experi-
ments, grease (Fuchs Renolit LX-OS3) was used as lubricant, and the
surrounding medium was air. The sliding speeds were in the range
from 0 m s−1 to 5 m s−1, and the temperatures applied to the bearing
outer ring ranged from −15 ◦C to 80 ◦C. The cumulative duration of
the test programs was approximately 50 h. During this short time,
neither the seal radial force nor the seal lip contour was measurably
altered by the run-in process. Within the sealing contact region, the
root mean square roughness of the seal lip, however, was appreciably
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reduced to 0.58 µm (Sq). In the following, this seal will be referred to
as “run-in seal”.

Since neither elastic material data nor elastomer specimens were
available for the test seals, in order to characterize the elastic proper-
ties of the test seal type, a hyperelastic material model was calibrated
to the measured seal radial force by means of finite element analysis
(FEA) of the seal assembly process (see also Wennehorst [Wen08]
for a similar approach). The elastomer material model was based on
the Mooney-Rivlin strain energy function, which is the most widely
used constitutive relationship for the non-linear stress analysis of elas-
tomers (see, e. g., Finney [Fin01]). For the special case of uni-axial
tension of a Mooney-Rivlin material, the stress–strain equation can
be expressed as [Fin01]:

σ = 2(λ− λ−2)(C1 + C2(λ
−1)) (3.11)

where

σ stress on original area, i. e., engineering stress,

λ stretch ratio (1 + ∆L/L).

The initial (i. e., small-strain) shear modulus is related to the material
constants by

G = 2(C1 + C2) . (3.12)

If the material is assumed to be incompressible, then the initial tensile
modulus (small-strain Young’s modulus) is given by

E = 6(C1 + C2) (3.13)

or, for a compressible material with bulk modulus K and Poisson’s
ratio ν,

E =
9KG

3K + G
= 2(1 + ν)G . (3.14)

As previously recommended by Gabelli et al. [GPP92] (see also
Finney [Fin01]), the neo-Hookean Mooney-Rivlin material model
was chosen where the second Mooney-Rivlin coefficient C2 is zero
and equation (3.11) reduces to

σ = 2C1(λ− λ−2) . (3.15)

As in [GPP92], the Poisson’s ratio of the compressible neo-Hookean
Mooney-Rivlin material was set to 0.49. The simulations were con-
ducted using the commercial FE code Abaqus (v. 6.11, Simulia Inc.,
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Providence, RI, USA). Abaqus requires that the neo-Hookean mate-
rial parameters be expressed in terms of C10 and D1. These param-
eters are related to the shear modulus G and the bulk modulus K
by

C10 =
G
2

, (3.16)

D1 =
2
K

. (3.17)

When using the relation [Fin01]

K =
E

3(1− 2ν)
, (3.18)

and equation (3.14), D1 can also be expressed in terms of C10, i. e., the
shear modulus, and the Poisson’s ratio:

D1 =
6(1− 2ν)

4(1 + ν)C10
. (3.19)

In order to calibrate the neo-Hookean material model, axisymmet-
ric simulations of the seal assembly process were conducted, which
were based on the cross-sectional data (polished micrograph corre-
sponding to Figure 3.6a) of an unmounted, i. e., stress-free, seal from
which the garter spring had been removed. During this set of simula-
tions, for the Poisson’s ratio given above, the parameter C10 (and,
at the same time, D1 according to equation (3.19)) was iteratively
adjusted until the computed radial force contribution of the seal’s
elastomer body (due to bending of the seal lip and hoop stress for-
mation) accurately agreed with the radial force measured with seals
from which the garter spring had also been removed (76.6 % of the
radial force measured with garter spring). The steel part was con-
sidered to be rigid, and the nodes on the steel–elastomer interface
were, therefore, completely constrained. The elastomer section was
discretized with 20 585 4-node bilinear axisymmetric quadrilateral hy-
brid elements (CAX4H), with a fine mesh resolution in the bending
and the contact regions. Within the seal lip contact zone, the final
axial node distance in the deformed configuration amounted to ap-
proximately 2 µm, allowing for accurate resolution of the axial seal
lip contact pressure distribution. As in [GPP92], effects of tangential
traction were neglected, and friction free boundary conditions were
assumed for the study of the seal contact problem.

The coefficient C10 was found to be C10 = 0.749 MPa, giving an
initial (small-strain) Young’s modulus E = 4.463 MPa. The nominal
uni-axial stress–strain curve of the neo-Hookean material model is
shown in Figure 3.7. Here, the nominal, or, engineering, stress is
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Figure 3.7: Nominal stress–strain curve of neo-Hookean material model, and linear material re-
sponse based on small-strain Young’s modulus.

given as force per unit of original cross-sectional area, and the nom-
inal strain is given as change in length per unit of original length.
The stress–strain curve was generated by Abaqus using the built-in
material evaluation functionality. For comparison, the linear material
response based on the small-strain Young’s modulus is also depicted.

After identification of the material parameters, the radial force con-
tribution of the garter spring was finally imposed as a radial semi-
elliptical distribution of pressure resting in the garter spring groove.
Both the smooth macroscopic axial seal lip contact pressure distribu-
tion, as well as the seal lip contour are shown in Figure 3.8.

The computed seal contact width amounts to approximately
103 µm. Besides the seal radial force, it provides a further means to
verify the material model. Indeed, as will be shown in Section 4.1, the
seal contact width from the finite element analysis agrees well with
the results of optical contact width measurements. As expected, the
axial seal lip contact pressure distribution is asymmetric, with the
contact pressure maximum being located towards the large contact
angle side of the seal lip (i. e., towards the “oil side”, when consider-
ing the standard radial lip seal application). The axial seal lip contact
pressure distribution, therefore, conforms to the empirical experience
that in properly working elastomer radial lip seals the first moment of
the seal lip contact pressure distribution is (initially) located towards
the “oil side” (see Nakamura and Kawahara [NK84], Nakamura
et al. [NKK85], and Nakamura [Nak87]). However, it is worth not-
ing that, as demonstrated by Gabelli et al. [GPP92], depending on
the elastomer compound, just a few hours of running-in time may be
sufficient to considerably increase the seal lip contact width, and to
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Figure 3.8: Smooth macroscopic axial contact pressure distribution and seal lip contour of a new
seal, results of finite element analysis of seal assembly process (final configuration,
including radial force contribution of garter spring).

change this contact pressure into an almost absolutely flat and sym-
metric distribution with a modest ridge located at each edge of the
contact area20. Moreover, it should be remembered that the computed
seal lip contact pressure distribution shown in Figure 3.8 is based on
the smooth macroscopic seal lip contour. As recently demonstrated
by Wenk et al. [WSLW16], when including the measured seal lip
surface roughness in three-dimensional finite element simulations of
the seal assembly process, the pressure distribution within the sealing
contact will be appreciably more complex.

3.4 characteristics of the lubricating oil

The lubricating oil used in this work is a pure mineral base oil without
any additives21. The physical properties of the lubricant (kinematic
reference viscosity at 40 ◦C and 100 ◦C, respectively, and lubricant

20 Given the observation that the reverse pumping mechanism of the seals is not
lost during such a standard short-time run-in process (molded seal lips even re-
quire this initial wear in order to roughen and start pumping), the authors even
go as far as questioning the validity of the hypothesis that the working princi-
ples of lip seals could be explained by exploiting an assumed asymmetric char-
acteristic of the sealing pressure (as previously suggested, e. g., by Nakamura
and Kawahara [NK84], Nakamura et al. [NKK85], Kammüller [Kam86], Naka-
mura [Nak87], Horve [Hor87], Lindgren [Lin87], Tønder and Salant [TS92], and
Salant [Sal92]).

21 This mineral oil is the base oil of the grease (Fuchs Renolit LX-OS3) used in the
author’s previous research on protective seals for rolling element bearings [Wen08].
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Table 3.1: Physical properties of the lubricating oil.

Kinematic reference viscosity
at 40 ◦C

ν40 171.92 mm2/s

Kinematic reference viscosity
at 100 ◦C

ν100 13.35 mm2/s

Lubricant density at 15 ◦C ρ15 902 kg/m3

density at 15 ◦C, determined externally by Oelcheck, Brannenburg,
Germany) are shown in Table 3.1.

The kinematic viscosity ν is defined as22

ν =
dynamic viscosity

density
=

η

ρ
. (3.20)

While the kinematic viscosity is routinely measured with ease and
great precision and is therefore preferred for characterizing lubri-
cants, the dynamic (or “absolute”) viscosity is required for calculat-
ing hydrodynamic and elastohydrodynamic lubrication. The func-
tional relationship for the temperature dependence of the dynamic
viscosity can be determined by combining the temperature depen-
dence of the kinematic viscosity with that of the density. Accord-
ing to DIN 51563:2011-04 [DIN51563], the temperature dependence
of the kinematic viscosity of mineral oils can be determined from the
Ubbelohde-Walther equation

mν =
lg(lg(ν1 + 0.8))− lg(lg(ν2 + 0.8))

lg T2 − lg T1
(3.21)

where

mν slope of logarithmically plotted
viscosity–temperature curve,

ν1, ν2 kinematic viscosity at test temperatures T1 and T2,

T1, T2 test temperatures (ϑ1 = 40 ◦C and ϑ2 = 100 ◦C),
given in K.

The kinematic viscosity at temperature ϑ is then given by

ν(ϑ) = 10lν − 0.8 (3.22)

where

lν = 10(mν(lg T1−lg(ϑ+273.15))+lg(lg(ν1+0.8))) .

22 See, e. g., Hamrock et al. [HSJ04], p. 88.
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Figure 3.9: Temperature–viscosity characteristics of mineral base oil used in combined seal friction
torque and lubricant film thickness measurements. Reproduced according to Wen-
nehorst et al. [WEP11].

The temperature dependence of the lubricant density (at atmo-
spheric pressure23) can be determined according to DIN 51757:2011-
01 [DIN51757] from24

ρ(ϑ) = ρ15 − 0.605(ϑ− 15) . (3.23)

The dynamic viscosity as a function of temperature is shown in Fig-
ure 3.9, including the temperature and viscosity ranges encountered
in this work.

Throughout this work, the lubricating oil is considered to be New-
tonian with a constant dynamic viscosity [HSJ04]

η =
shear stress

shear strain rate
=

f /A
u/h

=
τ

γ̇
= const (3.24)

where, assuming laminar flow in a fluid filled parallel gap (Couette
flow) with a stationary bottom plane,

23 In soft contacts, the operating pressures are low, and both the pressure dependence
of the lubricant density, as well as the pressure dependence of the lubricant viscosity
can be neglected.

24 See also Barz [Bar96].
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f viscous friction force arising from intermolecular forces
and internal friction as the lubricant molecules
move past each other,

A area,

u sliding velocity of the upper plane,

h lubricant film thickness.

In lightly loaded contacts, when normal and shear stresses in the
lubricant are low, the Newtonian model describes the behavior of
many lubricating oils very well, i. e., the shear stress in the liquid
increases linearly with the shear strain rate (see Jacobson [Jac91], p.
53). However, when the surface velocity u (i. e., the shear strain rate)
is increased to a certain value, the stress in the liquid reaches the
limit of Newtonian behavior25, and the shear stress then increases
at a declining rate26. According to Bair [Bai07]27, the critical shear
stress τcrit for the onset of non-Newtonian effects can be estimated
by means of the Einstein–Debye relation for the rotational relaxation
time for a molecule

τcrit =
ρRgT
MW

(3.25)

where

ρ mass density in kg/m3,

Rg universal gas constant = 8314.34 Pa m3/(kmol K),

T lubricant temperature in K,

MW lubricant molecular weight in kg/kmol.

The mean molecular weight of petroleum oils can be estimated from
the kinematic viscosity as described in ASTM standard D 2502–92
(reapproved 2004) [ASTM2502]. A more accurate estimate can be
obtained using the Hirschler–Maroto equation (see Maroto and de
las Nieves [MN07] and Maroto [Mar09]) which removes the inter-
polation errors arising from the use of the D 2502–92 (reapproved

25 In typical elastohydrodynamic contacts, where the lubricated surfaces are hard, the
pressure in the oil is of the order of 1 GPa. At these high pressures and under static
conditions, the viscosity of lubricating oils increases by many orders of magnitude.
As long as the shear stress in the oil is low, most mineral oils behave as Newtonian
liquids, even at very high viscosities, but the stress level, where the oil no longer
behaves as a Newtonian liquid, is reached at a much lower shear rate.

26 This behavior is also known as shear-thinning. At high shear stresses, elastic shear
deformation of the lubricant adds to the viscous deformation, so for the same total
deformation of the lubricant the stress level will be lower. This decreases the traction
compared to the case with a Newtonian oil [Jac91].

27 See p. 133.
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2004) ASTM viscosity–molecular weight chart. In both approaches,
the mean molecular weight is calculated from kinematic viscosity
measurements at 100 °F and 210 °F (37.78 ◦C and 98.89 ◦C). In the
approach of Maroto and de las Nieves, in order to write the
Hirschler–Maroto equation in a compact form, a viscosity slope factor
(VSF) is defined as [Mar09]

VSF = H(ν(37.78 ◦C))− H(ν(98.89 ◦C)) (3.26)

where ν(37.78 ◦C) and ν(98.89 ◦C) are the kinematic viscosities eval-
uated at 37.78 ◦C and 98.89 ◦C, respectively, and H(ν) is a function,
partially based on the Walther equation, that takes the form

H(ν) = 870 lg(lg(ν + 0.6)) + 154 . (3.27)

The mean molecular weight (MW) can be expressed in terms of the
previous parameters by means of the following equation

MW = 180 + S× [H(ν(37.78 ◦C)) + 60] (3.28)

where S is a function which depends on VSF:

S = 3.562− 0.01129(VSF)− 1.857× 10−5(VSF)2

+ 6.843× 10−8(VSF)3 . (3.29)

For the oil used in this work, the mean molecular weight can thus be
estimated to be 487 kg/kmol. Therefore, according to equation (3.25)
the critical shear stress τcrit for the onset of shear-thinning will be
4.52 MPa to 4.65 MPa for the experimental temperature range indi-
cated in Figure 3.9.

Besides shear-thinning, shear cavitation should also be considered,
which may occur due to the low operating pressures found in soft
lubricated sliding contacts. According to the principal normal stress
cavitation criterion introduced by Winer and Bair28, this departure
from Newtonian constitutive behavior is predicted to occur when the
lubricant is subjected to a shear stress that exceeds the pressure29.

28 See Bair [Bai07], p. 141, and Kottke et al. [KBW05].
29 This phenomenon has the appearance of the limiting shear stress that has been ob-

served in EHL traction where the shear stress averaged over the contact area becomes
independent of sliding velocity and generally does not exceed some material specific
fraction of the pressure averaged over the contact. The origins of these behaviors are,
however, very different [Bai07].
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E X P E R I M E N TA L R E S U LT S

4.1 results of total internal reflection sealing con-
tact visualization

The results of the white light total internal reflection (TIR) sealing
contact visualization are shown in Figure 4.1. The images were ob-
tained under dry and static conditions (100× magnification, lateral
imaging resolution of 0.85 µm in both directions). Three-dimensional
representations of these sealing contact images, obtained by three-
dimensional mapping of the corresponding reflectance light intensity
values1, are depicted in Figure 4.2. Moreover, in order to provide
a clearer image of the elastomer contact roughness, i. e., without in-
cluding the circumferential surface structure of the counterface, TIR
images were also taken on a smooth part of the sapphire hollow shaft
as shown in Figure 4.3.

Utilizing TIR, notable differences between the sealing contacts are
found. At first, as can be seen in Figures 4.1 and 4.2, the circum-
ferentially oriented roughness structure of the counterface is clearly
reproduced within the contact patterns of both the short-term run
and the run-in seal. As expected, the contact width of the run-in seal
(b ≈ 115 µm) is slightly larger than the contact width of the short-
term run seal (b ≈ 105 µm)2. Furthermore, the reflectance light in-
tensity distribution of the run-in seal is less “discrete” compared to
the short-term run seal. Note that darker areas within the contact do
not necessarily represent deep cavities within the elastomer surface,
since the optical coupling by the evanescent wave shows exponential
behavior, as described in Section 3.2. Even though the contact pat-
tern of the run-in seal appears considerably more homogeneous, the
fine circumferential surface structure of the counterface is still clearly
visible. The reason for this different contact appearance is the run-in
process, during which larger surface asperities are worn away and
the elastomer surface topography flattens. This process leads to a sig-

1 Here, the corresponding digital image processing, including lateral calibration of the
microscopic imaging system, was carried out using the open source software ImageJ
(Rasband, W.S., ImageJ, U.S. National Institutes of Health, Bethesda, Maryland, USA,
http://imagej.nih.gov/ij/, 1997–2016).

2 This agrees well with additional finite element analyses based on seal cross-sections
and radial force data, see Section 3.3.

53
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Oil side

Air side 100 µm

(a) Short-term run seal.

Oil side

Air side 100 µm

(b) Run-in seal.

Figure 4.1: White light total internal reflection sealing contact visualization under dry, static con-
ditions. Reproduced from Wennehorst and Poll [WP09c].

Oil side

Air side

(a) Short-term run seal.

Oil side

Air side

(b) Run-in seal.

Figure 4.2: Three-dimensional representations of sealing contact images shown in Figure 4.1, ob-
tained by three-dimensional mapping of corresponding reflectance light intensity val-
ues.

nificant increase of the actual contact area within the sealing contact.
Wear structures oriented in axial direction, as originally described
by Kammüller [Kam86], and, later, by Stakenborg [Sta88b], were
not observed. Depending on the seal elastomer, the radial force and
the wear situation, however, such surface structures might exist on
the nano scale and therefore well below the spatial resolution of the
present imaging system.

4.2 results of lubricant film thickness and seal fric-
tion torque measurements

4.2.1 Results of optical lubricant film thickness measurements

With the short-term run and the run-in seals a series of experiments
with stepwise change of rotational speed were conducted at low
speeds ranging from 0 min−1 to 100 min−1. At the same time as the
optical lubricant film thickness measurements were conducted, the
seal friction torque was determined (see Section 4.2.2). Due to the
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25 µm

(a) Short-term run seal. (b) Run-in seal.

Figure 4.3: Total internal reflection sealing contact visualization on smooth part of sapphire hollow
shaft under dry, static conditions.
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Figure 4.4: Average film thickness profiles of short-term run seal at different rotational speeds.
Reproduced according to Wennehorst and Poll [WP09c].

low sliding velocities the rise of the oil bulk temperature was limited
to only several degrees, the corresponding impact on the fluorescence
signal being indiscernible.

Even though a large number of rotational speeds were evaluated,
the results can be summarized using only a few speed levels. The
average axial film thickness profiles of the short-term run and the run-
in seal are depicted in Figures 4.4 and 4.5. Ten successive fluorescence
images taken at the same angular position were used for evaluation
of each speed level. Since photo bleaching was not observed under
dynamic conditions, for reasons of stability and reproducibility the
laser was operated continuously.

The most important result regarding the short-term run seal is the
observation that the strongest speed-dependent increase of the lubri-
cant film thickness is limited to the low contact stress area of the seal-
ing contact (see Figure 3.8 in Section 3.3). As an explanation, viscous
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Figure 4.5: Average film thickness profiles of run-in seal at different rotational speeds. Reproduced
according to Wennehorst and Poll [WP09c].

drag flow around elastomer surface asperities might be considered,
the effect of which strongly depends on the contact topography, i. e.,
the local contact pressure distribution. With regard to the deforma-
tion of the elastomer surface asperities (radial as well as tangential),
lubricant can be expected to be dragged into the contact much eas-
ier from the air side than from the oil side, as the contact topogra-
phy is significantly “denser” in the high contact stress region. This
mechanism obviously supports the reverse pumping mechanism by
predominantly feeding lubricant into the sealing contact from the air
side.

A completely different behavior is observed with the run-in seal.
At first not only the low contact stress region, but the whole sealing
contact is affected by the lubricant film build-up. Except for the low-
est speeds, the lubricant films are considerably thicker compared to
the short-term run seal. The most significant film thickness increase
already occurs at very low speeds. Local film thickness maxima result
from lubricant filled cavities within the contact (see darker areas in
Figure 4.1b, and Figure 4.2b). These oil filled areas or “pockets” were
oriented in circumferential direction and developed immediately af-
ter start-up. Even though noticeable temporal film thickness fluctu-
ations were observed, these structures remained relatively constant
throughout the course of the experiment.

Another important result regarding the run-in seal is the observa-
tion that — in contrast to the short-term run seal — the most pro-
nounced film thickness increase is observed within the central region
of the contact. Taking viscous drag flow into consideration as de-
scribed above, another mechanism is obviously present leading to an
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Figure 4.6: Minimum of average film thickness profiles vs. rotational speed for short-term run and
run-in seal. Reproduced according to Wennehorst and Poll [WP09c].

improved pressure build-up capacity within the sealing contact. With
the current experimental data alone this phenomenon cannot be ex-
plained. However, the formation of contact edge stresses during the
run-in process, as previously proposed by Gabelli et al. [GPP92],
and Poll [Pol00], is a reasonable approach to explain how lubricant
can get entrapped within the contact path of the seal.

As a straightforward means of comparing the different lubricant
film build-up capacities, the minimum film thickness values are
shown in Figure 4.6. These values were derived by averaging over
several film thickness values in the immediate vicinity of the abso-
lute minimum, corresponding to an axial distance of approximately
6 µm.

In Figure 4.7, for each complete series of 10 fluorescence images
taken at the same angular position (“triggered imaging”), the single
film thickness profiles derived from the individual frames, as well
as the corresponding total average film thickness profile (frame series
average) are depicted. Here, negative values result from the offset cor-
rection using the average reference (i. e., calibration) profiles. Again,
the enhanced lubricant film build-up of the run-in seal can be clearly
observed. However, not only with the short-term run, but also with
the run-in seal the speed-dependent minimum lubricant film thick-
ness is always below the combined surface roughness of the seals
and the counterface, thus indicating that the seals consistently oper-
ate under mixed lubrication conditions.

In order to obtain temporal information about the lubricant film
of the run-in seal, time resolved measurements were additionally car-
ried out utilizing the same exposure time as in the triggered image
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Figure 4.7: Total average film thickness profile and corresponding series of single profiles. Repro-
duced according to Wennehorst and Poll [WP09c].
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Figure 4.8: Average film thickness profiles at a rotational speed of 1 min−1, obtained with imag-
ing at frame rate and with triggered imaging, run-in seal. Reproduced according to
Wennehorst and Poll [WP09c].

acquisition, i. e., at a frame rate of approximately 5 Hz. The evalua-
tion of a large number of average film thickness profiles (average over
10 image lines) derived from successive single frames revealed that at
the lowest speeds the sealing contact is subject to notable local lubri-
cant film thickness fluctuations not affecting the contact contour as a
whole. In Figure 4.8a, selected profiles are presented demonstrating
the span of these spatio-temporal film thickness fluctuations observed
at a rotational speed of 1 min−1. In order to provide information
about the film thickness variation with triggered imaging, the corre-
sponding triggered average profiles are shown in Figure 4.8b. As de-
scribed below in Section 4.2.2, at a rotational speed of approximately
1 min−1 (corresponding to approximately 5 mm s−1) minimum seal
friction is observed and the lubricated contact changes from stick-
slip to continuous sliding. Therefore, stick-slip effects at asperities,
as described by van Leeuwen et al. [LPM11], could serve as a rea-
sonable explanation for the observed local film thickness fluctuations.
As can be seen from the smaller variation in the lubricant film thick-
ness profiles obtained with triggered imaging (Figure 4.8b), these ef-
fects might be periodically related to the angular shaft position. With
increasing rotational speed, most probably due to the transition to
sliding on a continuous lubricant film, the film thickness fluctuations
decrease and the film thickness profiles obtained with triggered imag-
ing, on average, approach those obtained successively at frame rate.
It should, however, be noted that with increasing speed the arc cap-
tured during exposure time correspondingly increases, leading to a
stronger averaging at higher speeds.

4.2.2 Results of seal friction torque measurements

At the same time as the optical film thickness measurements were
performed, friction torque measurements were conducted implement-
ing a high-precision telemetric torque sensor. During the entire mea-
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Figure 4.9: Friction torque of short-term run and run-in seal, quasi-stationary measurements with
at least 5 min relaxation period at each speed level. Reproduced from Wennehorst
and Poll [WP09c].

surement the friction losses of the low-friction test spindle (average
Tspindle ≈ 4 N mm) were subtracted from the measured overall friction
torque. Based on the results of previous radial force measurements,
the two seals can be assumed to contribute equally to the overall seal
friction. The net torque values were thus divided by two in order to
obtain the frictional losses of a single seal.

The results of the seal friction torque measurements are depicted
in Figure 4.9. Generally, both the short-term run and the run-in
seal show the same speed-dependent frictional characteristic with the
overall friction torque level of the run-in seal being slightly higher
compared to the short-term run seal. It should be noted that before
the initial start-up, the friction torque of the unconstrained system
was zero (see also Figure 5.2, p. 70). However, when reducing the
speed to zero again after the experiment, a persisting torque is ob-
served. As there is no more hydrodynamic lubricant film during
standstill, this persisting torque is obviously due to friction forces be-
tween the sheared elastomer and the sapphire shaft in combination
with the self-locking action of the gearbox. It can thus be interpreted
as boundary friction. The friction torque of subsequent start-ups then
consistently starts at this friction torque level3.

At very low sliding speeds noticeable stick-slip occurs and a pro-
nounced friction maximum is observed (see Figure 4.10). The phe-
nomenon is specific to rubber friction and, due to the temperature
and frequency dependent complex modulus of the elastomer, origi-

3 The same frictional characteristics were previously described by Poll [Pol00].
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Figure 4.10: Friction torque of short-term run and run-in seal, close-up at low rotational speeds.
Reproduced according to Wennehorst and Poll [WP09c].

nates from the interaction of the rubber with the rough counterface4.
During speed step experiments with decreasing rotational speed, the
above described friction curves were reproduced in the opposite di-
rection.

At a rotational speed of approximately 1 min−1 (corresponding to
approximately 5 mm s−1) minimum friction is measured followed by
a linear friction torque increase up to approximately 7 min−1. As
the rotational speed increases further, the friction torque increase is
strongly degressive. Below approximately 40 min−1 the degressive
trend of friction might be explained by the still increasing film thick-
ness, beyond mainly thermal effects, and, possibly, non-Newtonian
fluid behavior should be considered.

4.3 results of additional seal contact temperature
measurements

In order to further investigate the temperature influence, simultane-
ous measurements of seal under-lip temperature and seal friction
torque were additionally carried out on another test rig according to
Engelke [Eng11], the basic set-up of which is shown in Figure 4.11.
Corresponding to the basic mechanical concept of the optical test rig
the seal friction torque is determined using a telemetric torque sensor.

4 See also Section 6.4.1, including references to friction models for rubber sliding on
rough substrates. Further experimental results concerning rubber friction on rough
and apparently smooth surfaces under dry and lubricated conditions can be found,
e. g., in Persson et al. [PAT+04], Persson and Volokitin [PV06], Le Gal [LG07],
Mofidi et al. [MPPA08], and Mofidi and Prakash [MP08].
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Figure 4.11: Set-up for measurement of seal under-lip temperature (see Wollesen [Wol93],
Gronitzki [Gro06], and Engelke [Eng11]). Reproduced according to Wennehorst
et al. [WEP11].

As on the optical test rig, the small torque offset of the low-friction
test spindle is accurately determined by means of reference experi-
ments without test seal and can thus be subtracted during data eval-
uation. For frictionless determination of the lubricant temperature
within the sealing contact zone, a miniature thermocouple (diame-
ter approximately 0.3 mm) is cemented into a shaft bushing being
installed on a telemetric measuring shaft (see Engelke [Eng11]). The
thermocouple is firstly cemented into and finally ground along with
the shaft bushing in order to ensure the integrity of the seal coun-
terface and to minimize the influence of the measuring system on
the sealing contact configuration. Due to the thermocouple’s small
diameter being only slightly bigger than the seal contact width, the
average lubricant viscosity within the sealing contact zone can be ac-
curately determined. In order to ensure optimal axial alignment of
the thermocouple and the sealing contact, a contact temperature pre-
scan is carried out prior to the actual temperature measurements. At
a constant rotational speed level, the pre-adjusted test seal is axially
displaced relative to the shaft by means of an incremental linear actu-
ator providing micron resolution. Using the maximum temperature
in the resulting temperature–displacement chart as an indicator, the
axial position corresponding to the optimal alignment of thermocou-
ple and seal lip can be accurately determined. Finally the seal is
positioned accordingly.

At various constant rotational speed levels within the range of zero
up to approximately 500 min−1 the oil sump temperature and the
seal under-lip temperature were determined. By way of example,
in Figure 4.12 the results of a single temperature measurement are
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Figure 4.12: Seal under-lip temperature measurement; 75 min−1, short-term run seal. Reproduced
according to Wennehorst et al. [WEP11].

depicted which was carried out with the short-term run seal at a
constant rotational speed of 75 min−1.

Corresponding to the optical measurements on the LIF test rig, no
additional temperature control was applied. The oil sump tempera-
ture level slowly increases during the test run reaching thermal equi-
librium within approximately 8 hours. A noteworthy result is the fact
that the seal under-lip excess temperature, i. e., the difference between
the under-lip temperature and the oil sump temperature, generally
remains constant during the heating-up of the system. This is impor-
tant as it allows for accurate transfer of the respective under-lip excess
temperatures to the optical test rig (as described below) even though
the heating-up characteristics of the two test rigs are different. The
seal friction torques measured on the two different test rigs agreed to
more than 90 %. Because of the similar thermal conductivity of steel
and sapphire it may therefore be assumed that the excess tempera-
tures in both systems are also very similar. The relationship between
seal under-lip excess temperature (or “contact excess temperature”)
and rotational speed was then derived applying curve fitting as illus-
trated in Figure 4.13. Using this relationship, the under-lip tempera-
ture during the fluorescence measurements can be determined from
the respective oil sump temperature by further addition of the corre-
sponding excess temperature. Finally, the dynamic viscosity during
the fluorescence measurements is correspondingly adjusted using the
known relation between viscosity and temperature described in Sec-
tion 3.4.

Based on the above temperature and viscosity adjustment ap-
proach, the thermal conditions during the combined seal friction
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Figure 4.13: Relationship between under-lip excess temperature and rotational speed, short-term
run seal (temperature test rig); determination of seal under-lip temperature during
LIF measurements on optical test rig. Reproduced according to Wennehorst et
al. [WEP11].

torque and lubricant film thickness measurements, as well as the cor-
responding lubricant viscosity within the sealing contact zone, were
derived for both the short-term run and the run-in seal; the results
are summarized in Figures 4.14 and 4.15. The slightly different fric-
tion torque levels of the short-term run and the run-in seal may thus
be explained by the difference observed in the overall oil sump tem-
perature and, correspondingly, viscosity level in combination with
the slightly larger contact width of the run-in seal. When compar-
ing the frictional characteristics of the seals by means of the specific
frictional heat, thereby eliminating the different sizes of the nominal
seal contact area, it is interesting to note that, in this specific case, the
specific frictional heat characteristics of both seals are nearly identi-
cal, irrespective of the run-in state. Over the entire rotational speed
range the agreement is better than 95 %, with the maximum deviation
observed at the highest rotational speed5.

Following the empirical thermal scale coupling approach proposed
by Engelke [Eng11] (see also Section 5.2, and Wennehorst et
al. [WEP11]), a linearized relation between specific frictional heat
and under-lip excess temperature was finally established with a pro-

5 Given the higher viscosity during the measurements with the run-in seal, in order
to yield comparable viscous lubricant friction losses, the speed-dependent lubricant
film thickness increase within the contact of the run-in seal must be expected to
be larger compared to that of the short-term run seal. This is indeed the case, as
demonstrated in the LIF based lubricant film thickness measurements described in
Section 4.2.1.
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Figure 4.14: Thermal conditions during combined seal friction torque and lubricant film thickness
measurements, and corresponding lubricant viscosity within sealing contact zone,
short-term run seal. Reproduced according to Wennehorst et al. [WEP11].
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measurements, and corresponding lubricant viscosity within sealing contact zone,
run-in seal.
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Figure 4.16: Under-lip excess temperature rise versus specific frictional heat, short-term run seal.

portionality factor amounting to approximately 35 K mm2/W. Utiliz-
ing this relation, frictional heating, and the corresponding changes of
the lubricant viscosity, can be easily implemented into theoretical ap-
proaches for estimating seal friction. It is interesting to note that the
above proportionality factor is appreciably larger than those obtained
previously by Ottink [Ott13, Ott14] and Engelke [Eng11]. Here, us-
ing the same contact temperature measurement system, the temper-
ature increase factor, on average, was of the order of 15 K mm2/W.
The difference results from the altered experimental conditions: while
the previous measurements were conducted at higher sliding veloc-
ities up to 10 m s−1, applying temperature control and elevated oil
sump temperatures (80 ◦C and above), the measurements in this work
were carried out at low rotational speeds, and, for consistency with
the measurements on the optical test rig, allowed for self-induced
heating-up starting from ambient temperature. As shown in Fig-
ure 4.16, under these conditions the under-lip excess temperature rise
versus specific frictional heat is steepest at the low rotational speeds
used on the optical test rig, and then declines markedly. In the ini-
tial region the slope, i. e., the temperature increase factor, amounts to
approximately 33 K mm2/W, thus being very close to that derived
from the friction measurements on the optical test rig. With fur-
ther increasing specific frictional heat the temperature increase fac-
tor then declines to values that are very similar to those previously
reported by Ottink [Ott13, Ott14] for the same seal type (approxi-
mately 10 K mm2/W to 15 K mm2/W).
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S E M I E M P I R I C A L C O M P U TAT I O N O F V I S C O U S
L U B R I C A N T F R I C T I O N

As described in Section 4.2 (see also Wennehorst and
Poll [WP09c]), the results of the combined seal friction torque
and lubricant film thickness measurements indicate that, especially
at the low sliding velocities corresponding to the observed seal
friction minimum, the hydrodynamic lubricant film build-up is
obviously insufficient to allow for a complete transition to full-film
lubrication, i. e., a complete hydrodynamic unloading and lift-off
of the compressed elastomer roughness. Therefore, even at higher
sliding velocities beyond the friction minimum, the seals can be
assumed to operate in the mixed lubrication regime.

In order to gain further insight into the measured overall seal fric-
tion, semiempirical approaches were developed coupling the LIF lu-
bricant film thickness and the seal friction torque measurements by
means of complementary LIF based computations of the viscous lu-
bricant friction component. Here, the actual seal contact geometry
determined by LIF, representing the spatio-temporal average cross-
section of the lubricant volume within the sealing contact, was used
as input. Using the measured film thickness, the roughness of the sur-
faces and their elastic deformations are implicitly taken into account.

5.1 preliminary computational fluid dynamics simula-
tions

In preliminary computations for the short-term run seal (see also
Wennehorst and Poll [WP09c]), the open source computational
fluid dynamics (CFD) package OpenFOAM was used which applies
the finite volume method (see, e. g., Jasak [Jas96] and Weller et
al. [WTJF98]). The approach chosen to calculate the viscous lubri-
cant friction component is illustrated in Figure 5.1. For each speed
step simulation, the same axial region of the sealing contact was used
with a maximum film thickness of approximately 10 µm. With regard
to the high number of elements needed to properly discretize the com-
putational domain, this value proved to be an upper limit given the
speed and memory of the computer used at that time. However, addi-
tional computations with a film thickness cut-off set at 2 µm showed

67
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Figure 5.1: CFD approach for computation of viscous lubricant friction torque based on axial lubri-
cant film thickness profiles (LIF measurement). Reproduced from Wennehorst and
Poll [WP09c].

that the most important part of the friction clearly results from the
small contact region with the thinnest lubricant films. The additional
viscous shear stress contribution resulting from thicker films can thus
be considered to be small.

In a first step, the film thickness profiles are smoothened by means
of a high-order polynomial. The three-dimensional lubricant vol-
ume is reconstructed by circumferential extrusion of this polyno-
mial, yielding a square computational domain with an edge length
of approximately 170 µm. Since the lubricant film thickness is much
smaller than the radius of the sealing contact, a Cartesian coordinate
system is used. In this simplified model, the curved upper surface
and the plane bottom surface represent the seal and the shaft surface,
respectively. By means of additional Matlab scripting, the geometri-
cal data is translated into OpenFOAM specific ASCII format being the
input for the OpenFOAM meshing module. The resulting high-quality
structured meshes consist of approximately 2.82 · 106 hexahedra. In
Figure 5.1, a close-up view of such a mesh is depicted for a small
subdomain of the lubricant film.

Both the seal and the shaft surface are considered to be smooth
and rigid. As described above, the roughness of the surfaces and
their elastic deformations are taken into account implicitly by using
the measured averaged film profile as an input for the CFD compu-
tations. The no-slip boundary condition is applied to both surfaces.
While the seal surface is fixed, the sliding velocities measured dur-
ing the experiments are applied to the shaft in circumferential di-
rection. The computations were conducted for the linear section of
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the friction torque curve (Figure 4.9), i. e., rotational speeds in the
range of 1 min−1 to 7 min−1. The fluid flow is assumed to be isother-
mal, steady-state, incompressible and laminar, while the lubricant is
assumed to be Newtonian. A solver implementing the simple1 algo-
rithm was used. At the time of this preliminary study, the kinematic
viscosity was provided by the lubricant manufacturer, corresponding
to the oil temperature measured during the experiment. The lubri-
cant density was determined by means of additional measurements.
In order to calculate the viscous lubricant friction torque, the viscous
friction force is determined for the base patch integrating the wall
shear stress over the corresponding domain. The resulting overall
viscous friction torque can then easily be determined taking the en-
tire length of the sealing contact and its radius into account:

Tvisc =

(
d
2

)
·
(

d · π
lpatch

)
·
∫

τpatch dA. (5.1)

The validity of the above modeling approach was checked using
a lubricant film with a uniform thickness of 200 nm (plane Couette
flow), and proving that the simulation converged against the analyti-
cal solution.

In Figure 5.2, the computed viscous friction torque is compared to
the measured overall friction torque.

Linear regression of the linear section of the measured friction
torque curve yields a non-zero ordinate intercept at zero speed. As
previously proposed by Poll [Pol00], this part of the overall friction
should result from boundary friction, whereas the superimposed lin-
ear increase should be due to the sheared lubricant. Indeed, the best-
fit line of the computed viscous friction torque accurately coincides
with the experimental data applying a parallel shift according to this
offset. At very low speeds, below the sliding speed at which mini-
mum friction is observed, the increasing overall friction is apparently
governed by rubber friction. The decreasing right-hand part of the
low-speed friction torque maximum is most likely influenced by the
onset of hydrodynamic lubricant film build-up effects. Nevertheless,
the comparison of computed viscous friction and the measured over-
all seal friction supports the assumption of mixed lubrication within
the linear section of the measured seal friction torque curve. Based on
these results, the friction torque curves measured with the elastomer
lip seals thus should not be interpreted as classical Stribeck curves
with a complete transition to full-film lubrication.

1 The simple (Semi-Implicit Method for Pressure-Linked Equations) algorithm al-
lows to couple the Navier-Stokes equations with an iterative procedure (see, e. g.,
Ferziger and Peric [FP01], and Jasak [Jas96]); here, the simpleFoam solver provided
with OpenFOAM was used.
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Figure 5.2: Comparison of measured overall seal friction torque and LIF based CFD computation
of corresponding viscous lubricant friction part, short-term run seal. Reproduced from
Wennehorst and Poll [WP09c].

5.2 simplified numerical approach

Utilizing the temperature-corrected viscosities the complementary
computations of the viscous lubricant friction component are re-
sumed, now covering the entire rotational speed range applied dur-
ing the optical measurements (see also Wennehorst et al. [WEP11]).
As in the CFD approach described above, the lubricant flow is con-
sidered to be isothermal, steady-state, laminar and incompressible
with Newtonian fluid behavior. The surfaces of both shaft and seal
are considered to be rigid with the no-slip boundary condition be-
ing applied. The viscous lubricant friction torque, however now is
derived from the axial lubricant film thickness profiles by utilizing
the laminar flow assumption and evaluating the wall shear stresses
analytically. According to Figure 5.3 and equation (5.2) the frictional
increments of axial lubricant slices are summed over the entire con-
tact region by means of Matlab scripting:

Tvisc =

(
d
2

)
·

n

∑
i=1

(
d · π · ∆y · η · u

hav, i

)
. (5.2)

The axial width ∆y of these slices equates to the maximum spatial
resolution of the imaging system which amounts to 0.85 µm/pixel.
As illustrated in Figure 5.3, the radial height of each lubricant slice is
set equal to the average of the associated film thickness values.

The lubricant film thickness profiles are evaluated over the com-
plete axial field of view. Thus, not only the actual lubricant film
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Figure 5.3: Computation of viscous lubricant friction torque based on axial lubricant film thickness
profiles (LIF measurement). Reproduced from Wennehorst et al. [WEP11].

within the seal lip contact band is considered but also the viscous fric-
tion components resulting from the oil-filled contact side areas (see
Figure 5.3). A closer investigation of the resulting axial wall shear
stress distribution clearly indicates that the additional shear stress
contributions of the direct contact vicinity should not be neglected.
Nevertheless, with further increasing lubricant film thickness the vis-
cous lubricant friction rapidly decreases.

In Figure 5.4, the results of the friction computations are depicted
for the film thickness profiles measured with the short-term run seal.
Applying the simplified numerical approach, the results obtained
above for the linear section of the friction torque curve are accurately
reproduced. Moreover, as can be clearly seen from Figure 5.4, utiliz-
ing the temperature-corrected viscosities, the assumption of mixed lu-
brication is obviously justified for the entire friction torque curve. The
friction torque offset observed on the right-hand side of the friction
torque minimum appears largely unaffected by the sliding velocity.
It is interesting to note that the magnitude of this offset apparently
equates to the sealing system’s boundary friction torque, given by
the ordinate intercept of the extrapolated linear section of the seal
friction torque curve, as shown in Figure 5.4, and previously argued
by Poll [Pol00].

Generally, as shown in Figure 5.5, the same findings apply to the
run-in seal. However, at higher rotational speeds the underestimation
of the total measured seal friction becomes more pronounced. This
is obviously due to local oil-filled surface cavities resulting from the
run-in process as described in Section 4.2.1. Their cross-sectional con-
tours appear in the film thickness profiles which are used as input in
the axisymmetric computation of the viscous lubricant friction. Con-
sequently, as they do not span the entire length of the sealing contact,
the computed viscous shear forces are slightly underestimated.
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Figure 5.4: Comparison of measured overall friction torque and LIF based simplified numeri-
cal computation of corresponding viscous lubricant friction part; short-term run seal,
temperature-corrected viscosities. Reproduced from Wennehorst et al. [WEP11].
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Figure 5.5: Comparison of measured overall friction torque and LIF based simplified numerical
computation of corresponding viscous lubricant friction part; run-in seal, temperature-
corrected viscosities. Reproduced from Wennehorst et al. [WEP11].
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Regarding the underestimation of seal friction observed with the
above semiempirical computation of the viscous lubricant friction
component, the most straightforward interpretation would be the
assumption of mixed lubrication comprising a boundary friction
component being roughly independent of sliding speed. Follow-
ing this purely phenomenological approach previously suggested by
Lein [Lei54], and Poll et al. [PGBQ92], Engelke [Eng11] proposed
a simple computational method for estimating radial lip seal friction
and seal under-lip temperature. Here, the overall radial lip seal fric-
tion torque Tseal is assumed to be composed of a boundary friction
component T0, being independent of rotational speed n, and a speed-
dependent viscous lubricant friction part Tη :

Tseal(ϑ) = T0 + Tη

= µ0 · Frad ·
(

d
2

)
+ η(ϑ) · b

h
·
(

d
2

)3

· (2 · π)
2

60
· n . (5.3)

Boundary friction coefficients µ0 were determined empirically for
sliding speeds approaching zero. As seal radial forces may decrease
significantly with increasing temperature2, the actual seal radial force
Frad measured at oil sump temperature was used in equation (5.3). As
a simple estimate for the lubricant film thickness h, Engelke assumed
h to be independent of speed, and roughly equal to the combined
contact roughness of the seal and the shaft. Thus, h was calculated
as the sum of the mean peak roughnesses Rp of both surfaces mea-
sured with a mechanical stylus instrument. The dynamic viscosity η

depends on the lubricant temperature which, at the same time, itself
depends on the frictional heat being generated within the sealing con-
tact. Thus, both the seal friction torque and the contact temperature
can be calculated by iteratively evaluating equation (5.3) utilizing an
appropriate coupling between specific frictional heat and under-lip
excess temperature. Utilizing a linearized relationship between these
parameters that was determined empirically3, a spreadsheet-based

2 See, e. g., Engelke [Eng11], and Ottink [Ott14] who conducted additional temper-
ature controlled radial force measurements with the seal type that was also used in
this work.

3 As detailed in Wennehorst et al. [WEP11], it should be emphasized that this re-
lationship de facto couples different scales: micro-scale frictional heat generation is
coupled to the heat balance of the actual macro-scale sealing system assembly. Fur-
thermore, it should be noted that this relation can also be established theoretically by
means of thermal finite element analysis (see, e. g., Engelke et al. [EPSD11], and Ot-
tink [Ott14]) or conjugate heat transfer analysis (see, e. g., Daubner et al. [DWH10]).
Provided that all relevant physical parameters are known to sufficient accuracy, it
can be determined “synthetically” based on a limited set of simulations. Within the
iteration scheme of the friction model, the corresponding relationship is then easily
implemented by means of appropriate interpolation. The experimental effort thus
could be reduced to a smaller number of tests needed for validation of the thermal
model.
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iteration scheme was set up by Engelke using the oil sump tempera-
ture as an initial value. The iterations were demonstrated to converge
quickly, yielding the contact temperature (or contact excess temper-
ature, respectively) and the seal friction torque as a function of ro-
tational speed. The temperature and seal friction torque estimates
obtained this way were shown to agree fairly well with experimental
results.

Coming back to the underestimation of seal friction observed with
the above semiempirical computation of the viscous lubricant friction
component, another interpretation should also be considered which
is based on a closer examination of the viscous shear stresses gener-
ated within the sealing contact zone. It is important to realize that,
as illustrated in Figure 5.6 for a simple Couette flow, any local av-
eraging of the actual lubricant film thickness distribution in rough
contacts inherently leads to an underestimation of the total viscous
friction force. This is due to the fact that the average of the lubricant
film thickness does not adequately capture the viscous shear stress
contributions resulting from very thin lubricant films. Besides the cir-
cumferential averaging of axial film thickness profiles, which is done
prior to the idealized axisymmetric computation of the viscous lubri-
cant friction, local averaging processes are inevitable due to the finite
lateral resolution of the imaging system. Moreover, as indicated in
Figure 5.3, averaging-like processes are also inherent to the fluores-
cence method due to the fact that fluorescence is emitted in all direc-
tions. Therefore, due to the finite working distance of the microscope,
in rough contacts the low intensity fluorescence emitted from very
thin lubricant films will be superposed with fluorescence originating
from adjacent regions of thicker films, so that very thin films appear
thicker than they are in reality. When calculating viscous lubricant
friction semiempirically from the measured (i. e., laterally discretized)
lubricant film thickness distributions, the combination of these aver-
aging effects thus introduces a systematic error, the size of which can
be expected to be strongly related to the lubrication condition4 char-
acterized by the ratio Λ of lubricant film thickness h to (combined)
surface roughness5.

4 It is interesting to note the similarity with the Patir and Cheng [PC78, PC79]
approach for deriving average Reynolds type equations applicable to any general
roughness structure. This “Average Flow Model” is based on defining empirical
pressure and shear (“correction”) flow factors such that the average lubricant flow
can be expressed in terms of these flow factors and the mean quantities such as
the mean pressure and the nominal film thickness. The flow factors are obtained
by numerical flow simulations based on measured or numerically generated rough
surfaces.

5 A common definition of the dimensionless film parameter Λ used in elastohydro-
dynamic lubrication is Λ = hmin/

(
R2

q, a + R2
q, b

)1/2

, where hmin is the minimum film thick-
ness in the (smooth) macroscopic elastohydrodynamic contact, and Rq, a/b are the
root mean square surface finishes of the two surfaces a and b, respectively (see, e. g.,
Hamrock et al. [HSJ04], p. 57). For a critical review of the Λ ratio, especially regard-
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Figure 5.6: Underestimation of viscous lubricant friction due to film thickness averaging, arith-
metic example.
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Indeed, it can be demonstrated by means of simple theoretical consid-
erations that the averaging error is most pronounced in the presence
of very thin lubricant films, i. e., under conditions of mixed, or even
thin film lubrication. However, when the separation of the surfaces
increases, thereby approaching hydrodynamic full film lubrication,
the averaging error rapidly decreases. This is illustrated in Figure 5.7,
again applying the computational methodology shown in Figure 5.6,
now varying the minimum film thickness in the range of 1 % to 100 %
of the reference height h6.

Therefore, if the seals were operating under conditions of full film
lubrication, the semiempirical computations of the viscous lubricant
friction would be expected to agree far better with the measured
seal friction. As the measured seal friction is appreciably underes-
timated in the semiempirical computations, it may be concluded that
the seals consistently operate under conditions of mixed lubrication.
Here, the term “mixed lubrication” does not necessarily involve par-
tial rupture of the lubricant film and a corresponding Coulomb-type
boundary friction component, as it is commonly presumed in the case
of hard surfaces. Instead, the compliance of the elastomer (i. e., its
low modulus of elasticity) may allow for the formation of thin micro-
elastohydrodynamic lubricant films separating the compressed elas-
tomer asperities and the counterface7. The thickness of these films
will be appreciably smaller than the contact roughness of the elas-
tomer seal lip surface. Within this notion of mixed lubrication, the
viscous lubricant friction originating from such films could in princi-
ple make up for the difference observed between the measured seal
friction and the results of the semiempirical computations. Therefore,
this alternative approach to mixed lubrication in soft rough contacts
will be studied in detail in Chapter 6.

ing its applicability under conditions of mixed lubrication and thin film lubrication,
see, e. g., Cann et al. [CIJL94], and Zhu and Wang [ZW12].

6 By applying the same computational methodology to pseudo-random roughness
profiles with a Gaussian height distribution and an exponential autocorrelation func-
tion (see, e. g., Patir [Pat78]), these findings were also generalized to more realistic
height distributions (data not shown).

7 Further experimental evidence for the formation of such soft micro-
elastohydrodynamic lubricant films may be found, e. g., in McClune and
Tabor [MT78], Kaneta et al. [KTN+00, KTT+05], and in Fowell et al. [FMSK14].
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6
M O D E L I N G L U B R I C AT I O N A N D F R I C T I O N O F
R A D I A L L I P S E A L S

Mixed lubrication approaches for calculating the frictional losses of
dynamic seals are currently based on classical hard surface mixed
lubrication models comprising partial lubricant film rupture and
a Coulomb-type boundary friction component (see Figure 6.1 ac-
cording to Poll [Pol00], and Shi and Salant [SS00], Shi and
Salant [SS01], Shen and Salant [SS06], Öngün et al. [ÖABD08],
Schmidt [SAP10], Salant [Sal10], Scaraggi and Carbone [SC12],
and Guo et al. [GJS+13]). These models are principally capable of
explaining the classical Stribeck curve-like transition from partial to
full-film lubrication: with increasing product of sliding velocity and
viscosity the hydrodynamic load-carrying capacity of the lubricant
film improves until the transition or lift-off point is reached where
the Coulomb boundary friction component vanishes and the overall
friction is then purely viscous. However, as described in Section 4.2
and Chapter 5, these lubrication approaches are obviously not capa-
ble of adequately covering the frictional phenomena observed with
soft low-elastic modulus sliding partners such as elastomeric seal lip
surfaces.

6.1 revisiting the concept of soft micro-elastohydro-
dynamic asperity lubrication

Given the above described difficulties encountered with standard
(hard surface, or isoviscous-rigid1) mixed lubrication models, an alter-

1 The term isoviscous-rigid, as used by Hamrock et al. [HSJ04], refers to the lubrica-
tion of hard surfaces when the contact pressure is low and, therefore, both the elastic
deformations of the (hard) contact partners, as well as the pressure dependency of
the lubricant viscosity are negligibly small which is the case, e. g., in journal bearings.
By contrast, the term isoviscous-elastic refers to the lubrication of soft contacts, where
the contact pressures are low as well (of the order of few MPa), so that the lubricant
viscosity can be considered isoviscous, too; however, due to the low elastic modu-
lus of the contact partners, the lubricant film formation is appreciably influenced by
elastic deformations which can occur not only at the macro scale (as is the case, e. g.,
in soft journal bearings), but at the asperity level as well, when the contact lacks a
macroscopic hydrodynamic pressure and fluid film formation mechanism (as is the
case with soft rough conformal surfaces in parallel sliding which are found, e. g., in
radial lip seal contacts).

79
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Figure 6.1: Lubrication regimes according to Poll [Pol00].

native lubrication model [Gab89, Gab91] is adopted, essentially re-
lying on the assumption that the lubrication of soft rough surfaces
can be described by micro- or submicron-scale soft elastohydrody-
namic (soft-EHL, i. e. isoviscous-elastic) lubrication at the asperity
level (“second order” µ-EHL in Figure 6.1). The overall seal radial
force is thus balanced by the joint action of both the (mesoscale) hy-
drodynamic pressure generation within the drag flow over the rough
deformable surface (“first order” µ-EHL in Figure 6.1) as well as the
structural response of the flattened and tangentially deformed as-
perities which are sliding on a thin soft-EHL oil film at nearly any
nonzero sliding velocity. The thickness of this oil film is determined
applying well-established soft-EHL central film thickness formulæ.
Under the assumption of a perfectly smooth counterface the over-
all friction thus entirely originates from the lubricant: in addition
to the viscous friction contribution of the oil-filled surface rough-
ness (mesoscale), the viscous shear stresses resulting from the thin
under-asperity soft-EHL oil films (submicron-scale) may contribute
significantly to the overall friction. It is interesting to note that this
asperity lubrication mechanism, i. e., the treatment of rubber asperi-
ties as an elastohydrodynamic problem, had first been proposed by
Jagger and Walker [JW67] as early as 1966, and later successfully
applied by McClune and Tabor [MT78]. It was not until 1989, how-
ever, that Gabelli [Gab89] revisited this approach, implementing the
soft (isoviscous-elastic) EHL central film thickness formula which had
been presented by Chittenden et al. in 1986 [CDT87].
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6.2 deterministic model of seal lip surface

In order to provide a basic geometric description of the seal lip sur-
face roughness, in a first step the seal lip is characterized using opti-
cal interference surface profilometry (Wyko NT1100, Veeco, Institute
of Measurement and Automatic Control (IMR), Leibniz Universität
Hannover, Germany) with lateral sampling intervals of 0.84 µm and
0.98 µm in circumferential and axial direction, respectively.

Depending on the roughness characteristics and the optical prop-
erties of the specimen, the raw data obtained with optical surface
profilometers always contains missing data or pixel values that are
spiking both unrealistically high or low; upon inspection of the raw
data these obvious outliers must be marked as invalid2 in order to ex-
clude them from subsequent fits. Matlab routines developed at the
IMR are used for the “stitching” (i. e., missing data interpolation) of
the corresponding surface raw data matrix. Global curvature removal
is performed by fitting a second-order bipolynomial to the surface
data and then subtracting it3. The choice of a quadratic bipolynomial
was based on the inherent curvature of the seal lip (in axial direction)
as well as the entire seal ring (in circumferential direction). In order
to remove the waviness component, a Gauss filter is then applied to
the surface data, using a cut-off wavelength of 80 µm.

From the final roughness data the root mean square height Sq and
root mean square slopes ∆r.m.s., x/y are computed. The root mean
square deviations of a continuous and a discrete surface from the
reference datum (least squares mean plane) are given by (see, e. g.,
Dong et al. [DSS94a])

Sq =

√√√√ 1
lxly

∫ ly

0

∫ lx

0
z2(x, y) dx dy ≈

√√√√ 1
MN

N

∑
j=1

M

∑
i=1

z2(xi, yj) (6.1)

where lx and ly are the side lengths of the sampling area and (M×N)
is the size of the sampling matrix in x- and y-direction, respectively.
The slope computation is carried out using the 7-point-formula

(
dz
dx

)

i
=

1
60sx

[45(zi+1 − zi−1)− 9(zi+2 − zi−2)

+ (zi+3 − zi−3)] (6.2)

2 In Matlab, this can be done, e. g., by assigning them the “missing” default value
NaN (Not a Number).

3 For a discussion of the polynomial order the reader may refer, e. g., to De Chiffre
et al. [DCLT+00].
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(
dz
dy

)

j
=

1
60sy

[45(zj+1 − zj−1)− 9(zj+2 − zj−2)

+ (zj+3 − zj−3)] (6.3)

as recommended in Chetwynd [Che78], Hamrock et al. [HSJ04],
and DIN EN ISO 4287 [ISO4287]. Here, sx and sy are the sampling
intervals in x- and y-direction, respectively. The root mean square
slope in either direction is then given by

∆r.m.s., x =

√√√√ 1
M− 6

M−3

∑
i=4

(
dz
dx

)

i

2

, (6.4)

∆r.m.s., y =

√√√√ 1
N − 6

N−3

∑
j=4

(
dz
dy

)

j

2

. (6.5)

As shown in McCool [McC86b], the root mean square height, root
mean square slope, and root mean square curvature are equivalent
to the spectral moments (m0)

1/2, (m2)
1/2, and (m4)

1/2, respectively, ac-
cording to Nayak [Nay71], which had been used by Gabelli [Gab89,
Gab91].

Using these parameters, a sinusoidal roughness model according
to Figure 6.2 is set up with amplitude a, effective wavelengths λr.m.s., x

and λr.m.s., y, and radii of curvatures Rx and Ry in circumferential and
axial direction, respectively (Table 6.1). It is worth noting that the root
mean square wavelength λr.m.s.—as a hybrid roughness parameter—
combines amplitude and spacing information. It is a weighted av-
erage and considers a profile as a series of harmonics in which the
amplitudes are weighted in proportion to their frequencies. It is thus
a parameter that is a measure of the spacings between local peaks and
valleys, taking into account their relative amplitudes and individual
spatial frequencies [Gri01].

It should be noted that “characteristic wavelengths” used in rough-
ness modeling are commonly based on the correlation length β∗ intro-
duced through the work of Peklenik [Pek68]. The correlation lengths
are derived from the auto-correlation function (ACF), which (as sum-
marized, e. g., in Griffiths [Gri01]) is a means of defining the statis-
tical features of profile spacings. It is a measure of the longitudinal
similarity between two identical but shifted profiles. For a particu-
lar shift length the correlation value is obtained by multiplying the
shifted and unshifted profile values ordinate by ordinate and then
calculating the average. For a random profile, the ACF will decay
quickly to zero but if the profile has a periodic component, the ACF
will oscillate (this can be seen, e. g., in the ACF of fine-turned sur-
faces, where the length over which the ACF oscillates corresponds to
the feedrate). The distance over which the correlation (which can be
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Table 6.1: Parameters of the roughness model.

Amplitude a:
√

2 Sq (6.6)

Effective wavelengths b: λr.m.s., x/y = 2π
Sq

∆r.m.s., x/y
(6.7)

Radii of curvatures c: Rx/y =
1√
2 Sq
·
(

λr.m.s., x/y

2π

)2

(6.8)

a Baglin [Bag86a]; b Griffiths [Gri01]; c Karami et al. [KES87]

modeled using an exponential function, see, e. g., Peklenik [Pek68])
decays to a certain percentage of its value at the origin (typically 10 %
or 50 % as proposed by Peklenik [Pek68]) is termed the correlation
length (β∗0.10 or β∗0.50, Peklenik originally used the symbols λ0.1 and
λ0.5) and two points separated along the surface by a distance equal
to the correlation length are regarded as (statistically) independent.
The non-isotropic properties of the surface can be seen from the po-
lar coordinate representation of the β∗θ distribution as suggested by
Peklenik [Pek68], which is in the first approximation an ellipse. In
the notation used by Patir [Pat78], the corresponding ellipticity ra-
tio is γ = β∗x/β∗y. As further detailed by Patir [Pat78], this ellipse
can also be considered as the locus of all points whose heights have
the same correlation with the height of a point located at the center of
the ellipse. Therefore, asperities should have roughly elliptical shapes
with the given ellipticity ratio. The parameter γ, which is the ratio
of the x and y correlation lengths, shows the degree of non-isotropy
of a rough surface. A value of γ = 1 corresponds to an isotropic
surface, while the limiting cases γ = 0 and γ = ∞ correspond to one-
dimensional transverse or longitudinal ridges. As already noted by
Patir [Pat78], the above definition of the correlation length β∗, which
is based on the choice of a specific decay value of the ACF, is some-
what arbitrary. Therefore, the root mean square wavelength λr.m.s.

was chosen in this work as an alternative approach that was deemed
more rigorous as it goes without such arbitrary choices.

In order to assess the validity of the above described roughness
modeling approach, the actual elastomer contact roughness was stud-
ied in situ on the optical test rig using the total internal reflection
contact visualization technique detailed in Section 3.2.1. Due to total
internal reflection at the sapphire–air interfaces, areas without contact
remain dark in the reflectance images, whereas the actual elastomer–
sapphire contacts are optically coupled and, therefore, result in bright
areas. A corresponding white light reflectance image of the sealing
contact is depicted in Figure 6.3 (dry conditions, 100× magnification,
lateral imaging resolution of 0.85 µm in both directions). As detailed
in Section 4.1, in order to provide a clearer image of the elastomer
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Figure 6.2: Deterministic roughness model. Reproduced from Wennehorst
and Poll [WP14].

contact roughness, i. e., without including the circumferential surface
structure of the counterface, for this image the (short-term run) seal
was mounted on a smooth part of the sapphire hollow shaft. Due
to the incidence angle of the illuminating light being oblique with
respect to both the horizontal and the vertical symmetry plane of the
sapphire hollow shaft, the overall brightness distribution of this im-
age is slightly skewed to the lower right. It is worth noting that this
overall brightness variation completely results from the illumination
technique and does not reflect circumferential seal lip contact pres-
sure fluctuations.

The total internal reflection image clearly reveals the actual elas-
tomer contact roughness, the character of which obviously originates
from the initial wear of the seal lip material (injection-molded FKM
with a mineral filler), during which near-surface filler particles and
filler particle agglomerates are worn away. In the above described
roughness model, the asperity spacings amount to 8.5 µm in the diag-
onal and approximately 12 µm in both the circumferential and axial
direction, respectively. Given the scale bar of 25 µm, which is de-
picted in Figure 6.3, it is very interesting to note that this range of
asperity spacings obviously provides a fairly realistic estimate of the
actual areal contact spot density. Therefore, following the concept of
functional filtering [TS78, Tri98], the resolution of the surface mea-
surement is deemed appropriate to allow sufficiently accurate mod-
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25 µm

Figure 6.3: White light total internal reflection image of actual seal lip con-
tact roughness, short-term run seal. Reproduced from Wen-
nehorst and Poll [WP14].

eling of those roughness components that will govern the physical
behavior of the contact.

The spacing of the model asperities is described by the effective
wavelength utilizing both the root mean square height Sq and the
root mean square slopes ∆r.m.s., x/y (see equation (6.7) in Table 6.1).
Provided the sampling area is sufficiently large, the amplitude pa-
rameter Sq is rather insensitive to the sampling interval4. The root
mean square slope, however, strongly depends on the sampling reso-
lution and decreases significantly with increasing size of the sampling
interval5. Therefore, when increasing the size of the sampling inter-
val, the effective wavelength will increase, leading to both an increase
of the asperity radii of curvatures and a reduction of the number of
asperities in contact per unit area (asperity density).

If, by way of a theoretical example, the size of the sampling interval
is artificially increased by using every third data point of the original
seal lip surface topography (thereby increasing the sampling inter-
val to approximately 2.52 µm in circumferential and 2.94 µm in axial
direction, respectively), the root mean square height Sq changes by
only 0.52 %. The root mean square slopes, however, are reduced sig-
nificantly to approximately 49 % of the original value in circumferen-
tial and 59 % in axial direction, respectively. Thus, the effective wave-
lengths increase to approximately 25 µm in circumferential and 20 µm
in axial direction, respectively, which amounts to roughly twice the
original values. Given the asperity spacings of this modified rough-
ness pattern, amounting from 16 µm in the diagonal to 25 µm in cir-
cumferential direction, this coarser structure does obviously not pro-
vide a realistic estimate of the actual contact spot density seen in Fig-
ure 6.3. Nevertheless, both the asperity density, which directly relates
to the normal load carried by each asperity, and the asperity radii of

4 See, e. g., Dong et al. [DSS94a].
5 See, e. g., Dong et al. [DSS94b].
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curvatures are important parameters of micro-elastohydrodynamic
asperity lubrication. Therefore, in Section 6.4.2, a coarser model will
be used in a sensitivity analysis assessing the impact of roughness
measurement resolution on the lubrication model results.

6.3 soft micro-ehl film thickness computation

The lubrication of the soft rough seal lip surface is described by micro-
or submicron-scale soft (i. e. isoviscous-elastic) elastohydrodynamic
lubrication at the asperity level. As long as the mesoscale hydrody-
namic pressure generation within the drag flow over the rough sur-
face alone is not sufficient to balance the entire external load, at nearly
any nonzero sliding velocity the flattened and tangentially deformed
asperities are sliding on a thin soft-EHL oil film. The thickness of
this oil film is determined applying the soft-EHL central film thick-
ness formula developed by Chittenden et al. [CDT87] according to
equations (6.9) to (6.12), which had been previously implemented by
Gabelli [Gab89, Gab91]

Hcen = 8.28

(
1.0− e

(
−0.86( Rs

Re )
2
3
))
·U0.65

e ·W−0.21
e , (6.9)

including the dimensionless groups

Central film thickness: Hcen = hcen/Re , (6.10)

Speed parameter: Ue = ηue/(E′Re) , (6.11)

Load parameter: We = F/(E′R2
e) , (6.12)

where

hcen (dimensional) central film thickness,

Re effective radius of curvature in the direction of lubricant
entrainment (undeformed geometry),

Rs effective radius of curvature in direction of lubricant
side-leakage (undeformed geometry),

η dynamic viscosity,

E′ equivalent elastic constant,

ue mean entrainment velocity,

F normal load.

When applied to the radial lip seal contact, the direction of lubri-
cant entrainment coincides with the circumferential (i. e., x-) direc-
tion, and the direction of lubricant side-leakage coincides with the
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Figure 6.4: Geometry of point contacts according to Chittenden et al. [CDT87].

axial (i. e., y-) direction (see Figure 6.2). The effective radii of curva-
ture Re and Rs (i. e., Rx and Ry, respectively) in these directions are
derived from the general case of two contacting ellipsoidal solids as
illustrated in Figure 6.4 according to Chittenden et al. [CDT87].

The two contacting bodies, (A) and (B), shown in Figure 6.4 (a)
are represented by an equivalent ellipsoid near a plane, as shown in
Figure 6.4 (b). If the principal radii of curvature of the undeformed
solids are (rAx, rAy) and (rBx, rBy), it may be shown that to give the
same separation close to the point of contact the equivalent ellipsoid
has principal radii of curvature (Rx, Ry) at the contact point given by
[CDT87]:

1
Rx

=
1

rAx
+

1
rBx

, (6.13)

1
Ry

=
1

rAy
+

1
rBy

. (6.14)

If the seal counterface is considered to be smooth the equivalent radii
of curvature equate to the radii of curvature of the elastomer asperi-
ties given by equation (6.8) (see Table 6.1).

The equivalent elastic constant E′ is derived from the Young’s mod-
ulus of elasticity and the Poisson’s ratio of the two contacting solids
(EA, νA, and EB, νB) using the relation [CDT87]:

2
E′

=
1− ν2

A
EA

+
1− ν2

B
EB

. (6.15)
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The mean entrainment velocity ue, finally, is given as the mean
surface velocity [CDT87]:

ue =
1
2
(uA + uB) . (6.16)

6.4 finite-element-based lubrication models

The following sections summarize the results of lubricant friction
computations obtained with finite-element-based lubrication models
of significantly different complexity. Both approaches, however, rely
on the assumption of a rough seal lip surface sliding against a smooth
counterface. This assumption, in the present study, is legitimate since
both seal friction and optical lubricant film thickness measurements
had been conducted simultaneously on a transparent sapphire hollow
shaft featuring a surface roughness of approximately 0.03 µm (Rq).
It is, however, worth noting that this roughness value was chosen
for comparability with real run-in seal counterfaces made of steel6.
Due to the fact that radial lip seal counterface roughness thus can
easily be orders of magnitude smaller than seal lip surface rough-
ness (few microns), the idealization of a smooth counterface is be-
lieved to be applicable to most practical situations. In cases where
the counterface roughness cannot be neglected, the reader may re-
fer to Gabelli [Gab89, Gab91] who modeled the combined surface
roughness with statistical distribution functions applying a general-
ized form of the Greenwood–Tripp stochastic model for contact of
two rough surfaces [GT70].

6.4.1 Preliminary study neglecting hydrodynamic effects

In a first step, a drastically simplified approach has been studied ne-
glecting hydrodynamic pressure build-up, pressure gradient effects
and cavitation. Viscosity is considered to be constant throughout the
entire fluid film, irrespective of local frictional heating beneath the
flattened asperities. There is no fluid–structure coupling; the elas-
tomer roughness is only normally deflected without being subject
to tangential deformation due to pressure and shear. The elastomer
roughness unit cell (Figure 6.2) deflection under the mean seal contact
pressure is determined using the commercial finite element software
Abaqus. The elastomer is modeled as a neo-Hookean material, as
described in Section 3.3. Hybrid elements are used in order to avoid
volumetric locking of the finite element mesh at large compressive
strains, which is a common problem particularly in the case of nearly
incompressible materials [SM09]. In a next step, by means of ad-
ditional Matlab scripting, the flattened roughness model is lifted ac-

6 See Section 1.1.3.
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hcen
ΔA

hav

Figure 6.5: Roughness unit cell, computation of viscous lubricant friction (simplified approach).
Reproduced from Wennehorst and Poll [WP14].

cording to the central film thickness. Then, the viscous friction torque
resulting from the entire sealing contact zone is computed from the
single roughness unit cell by summing all viscous friction increments
over the domain according to Figure 6.5 and equation (6.17)

Tvisc, contact =

(
d
2

)
· d · π · b

ARUC
·∑

i

(
∆Ai · η · u

hav, i

)
. (6.17)

Using the results of the finite element analysis, the height coordi-
nates of the deformed surface mesh are interpolated on a rectangu-
lar grid with equidistant spacing in each direction (see Figure 6.5),
thereby introducing a constant shaft surface area increment ∆A. As
illustrated in Figure 6.5, for all i shaft surface area increments ∆A on
the computational domain (the roughness unit cell covering a shaft
surface area ARUC), the average lubricant film thickness hav, i is de-
rived from the height of the four corresponding surface nodes. The
viscous lubricant friction originating from the entire roughness unit
cell is then obtained by summing up all the viscous friction incre-
ments originating from the i average lubricant film thickness values
and the shaft surface area increments ∆Ai. The ratio of the entire
nominal sealing contact area (d · π · b) to ARUC gives the number of
cells within the sealing contact which is used to sum up the viscous
friction increments from the roughness unit cells to the total viscous
friction force originating from the entire sealing contact zone. The
corresponding viscous friction torque is obtained by multiplication
with the shaft radius (d/2).

Finally, the viscous friction torque originating from the seal con-
tact vicinity is added. It is derived from the measured lubricant film
thickness profiles (see Figure 5.3 in Section 5.2). Its contribution to
the overall measured seal friction torque is shown in Figure 6.6. Even
though it does not constitute a major component of the overall fric-
tion, in order to accurately describe the frictional characteristics of
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Figure 6.6: Viscous friction torque originating from seal contact vicinity (based on measured lubri-
cant film thickness profiles). Reproduced from Wennehorst and Poll [WP14].

the entire sealing system its contribution obviously must be included
in the friction computation.

As shown in Figure 6.7, the computed viscous lubricant friction
and the measured seal friction agree fairly well, irrespective of the
numerous simplifications described above. As expected, at higher
sliding velocities, beyond the friction minimum, the computed fric-
tion systematically overestimates the real friction: having neglected
mesoscale hydrodynamic pressure generation within the drag flow
through the deformed surface roughness, there is no net lifting force
counteracting the external normal load (seal radial force). Thus, due
to the load parameter We being constant, the central EHL film thick-
ness is underestimated resulting in unrealistically high viscous shear
stresses. At the same time, due to the normal deflection of the asperi-
ties being constant, the central film thickness area under the flattened
asperities (“asperity contact spot size”) is overestimated leading to
unrealistically high total viscous friction values.

As described in Wennehorst and Poll [WP09c] (see Section 4.2.2),
at very low sliding velocities below the friction minimum (see close-
up in Figure 6.7), the system is subject to significant stick-slip lead-
ing to a pronounced friction maximum due to the additional rubber
friction component. It is interesting to note that at such low sliding
speeds the predicted soft micro-EHL central film thickness is of the or-
der of only several nanometers and thus well below the roughness of
the counterface (Rq ≈ 0.03 µm). Therefore, as illustrated in Figure 6.8,
with decreasing sliding velocity the rigid counterface roughness in-
creasingly interacts with the flattened elastomer asperities. Under
such severe conditions, on the nanoscale more complex models are
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of viscous lubricant friction (simplified approach); short-term run seal, temperature-
corrected viscosities. Reproduced from Wennehorst and Poll [WP14].

needed in order to explain the observed frictional phenomena. These
models would have to include viscoelastic and hysteresis losses in the
rubber due to local deformations caused by the passage of counter-
face asperities7.

It should be noted that within this concept the solid body friction
losses in the rubber can be induced across a thin coherent elastohy-
drodynamic lubricant film. Therefore, even though the friction torque
curve might, at first sight, resemble a classical Stribeck curve, the so-
called mixed friction regime does not necessarily involve partial rupture
of the lubricant film and a corresponding Coulomb-like friction com-
ponent, nor does the so-called viscous, or, hydrodynamic regime neces-
sarily involve a complete first order hydrodynamic unloading, i. e.,
hydrodynamic lift-off, of the compressed elastomer surface asperities.
With increasing second order under-asperity soft micro-EHL central
film thickness (which is dominated by the product u · η of sliding
velocity and viscosity, see equation (6.9)), the influence of the coun-
terface roughness will gradually decay until smooth sliding prevails
which is dominated nearly completely by viscous lubricant friction8.

7 The reader may refer, e. g., to Scaraggi and Persson [SP14], or to Klüppel
and Heinrich [KH00], Heinrich et al. [HKV00], Persson [Per01], Klüppel et
al. [KMLGH03], Lindner [Lin05], Le Gal et al. [LGYK05], Le Gal [LG07], Le
Gal and Klüppel [LGK08a, LGK08b], Heinrich and Klüppel [HK08], Dimaki and
Popov [DP12], Wangenheim [Wan12], and Li et al. [LPD+13].

8 It is interesting to note the similarity of this concept with the amplitude reduction
approach used by Mora [MSLCL12, Mor14] who modeled the traction properties
of tyres on wet roads. The contact of the tyre and the wet road was treated as
a macroscale elastohydrodynamic problem with water (or the slurry formed by wa-
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6.4.2 Sensitivity analysis

In order to further investigate the impact of the roughness measure-
ment resolution on the results of the micro-EHL model, a sensitivity
analysis was carried out using a larger roughness unit cell. As dis-
cussed in Section 6.2, when increasing the size of the sampling in-
terval by a factor of three, due to the decreasing slope, the effective
wavelengths increase to approximately 25 µm in circumferential and
20 µm in axial direction, respectively, which amounts to roughly twice
the original values. At the same time the root mean square height Sq

stays virtually constant. For the sake of simplicity, the roughness unit
cell used in the sensitivity analysis will, therefore, use the same am-
plitude, and the wavelengths will be exactly twice the original values.
Thus, both the total number of roughness unit cells within the sealing
contact zone and the asperity density will reduce to one-fourth, the
latter leading to a fourfold increase in normal load per asperity con-
tact. According to equation (6.8) (see Table 6.1), the asperity radii of
curvatures will also be increased by a factor of four. Using these new
parameters, equations (6.9) to (6.12) yield a central EHL film thick-
ness increase by a factor of (1/4)0.65 · (4/16)−0.21 · 4, equaling 2.17.
Therefore, the fluid shear stresses within the central film thickness re-
gion will decrease by the same factor. At the same time, the asperity
contact spot size increases approximately by a factor 5, according to
the finite element analysis. Given the reduced asperity density, the
total area of asperity contact will increase by a factor of 1.25. There-
fore, the viscous lubricant friction originating from the micro-EHL
central film thickness region will reduce to about 60 % of its original
value. When including the viscous friction components originating
from both the entire mesoscale surface roughness as well as the seal
contact sides, the total seal friction torque amounts to approximately
62 % of the original value at 2 min−1, 66 % at 40 min−1, and 68 % at
100 min−1, respectively. Therefore, the roughness measurement reso-
lution significantly influences the results of the micro-EHL model. It
should, however, be emphasized that, as demonstrated in Section 6.2,
the above described sensitivity analysis is based on a roughness rep-
resentation featuring an unrealistically low asperity density. Thus,
the seal friction computation based on the original roughness model
will be much more realistic.

6.4.3 Fully coupled fluid–structure interaction approach

In order to account for first order (mesoscale) hydrodynamic pressure
generation as well as normal and tangential asperity deformations

ter and wear debris, respectively) acting as the lubricant. The elastohydrodynamic
lubricant film filters out certain components of the road roughness spectrum, and,
therefore, directly influences the solid body friction losses in the rubber.
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Figure 6.9: Structural model of elastomer seal lip. Reproduced from Wen-
nehorst and Poll [WP14].

due to pressure and shear, a fully coupled fluid–structure interaction
(FSI) model of the lip seal contact has been developed, incorporating
second order soft micro-elastohydrodynamic asperity lubrication as
a boundary condition submodel.

The lubrication model is set up using the finite element-based open
source multiphysical simulation software Elmer. Currently, the sim-
plified model utilizes globally averaged values of lubricant viscosity
and contact pressure. The three-dimensional structural model of the
elastomer seal lip according to Figure 6.9 (deterministic roughness
model according to Section 6.2) thus encompasses only one half of
the seal contact width in axial (y) direction and a single wavelength
in circumferential (x) direction, making use of axial symmetry and
imposing circumferential periodicity.

Again, the seal counterface is assumed to be perfectly smooth. The
elastomer is modeled as a hyperelastic neo-Hookean material. The
final resolution of the finite element mesh (41 472 8-node hexahedra)
was determined by means of an additional mesh refinement study,
gradually increasing the number of elements until the relative change
of the model output parameters was negligibly small. The average
dimensions of surface elements within the contact zones were ap-
proximately 0.6 µm in circumferential and 0.45 µm in axial direction,
respectively.
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The lubricating oil is considered to be incompressible; in order to
determine the pressure distribution, the Reynolds equation9

∂

∂x

(
h3 ∂p

∂x

)
+

∂

∂y

(
h3 ∂p

∂y

)
= 12ũη

∂h
∂x

(6.18)

with

ũ =
uA + uB

2
= ue = constant

is solved on the fluid–structure interface. Inter-asperity cavitation is
accounted for by means of the well-established Swift–Stieber cavita-
tion zone formation conditions10

∂p
∂x

=
∂p
∂y

= 0, p = pcav . (6.19)

As will be discussed later, in this specific case their shortcoming of not
being fully mass conservative is of minor importance. Starting from
an initial surface separation the pressure field is solved and used as
input for the elasticity solver. After each iteration the global radial
(vertical) force balance is evaluated; from the difference of external
load and hydrodynamic lifting force the soft-EHL central film thick-
ness is derived, taking the operating parameters, the surface micro-
geometry and the effective elastic properties of the contact partners
into account (Table 6.2).

The momentary overall circumferential viscous friction force is uti-
lized to calculate the average specific frictional heat, allowing for ad-
justment of oil film temperature and viscosity via the empirical ther-
mal coupling scheme described in Section 4.3 (see also Wennehorst
et al. [WEP11]). The upper boundary of the seal lip model is then
consecutively moved downward. The soft micro-EHL oil film is arti-
ficially enforced restraining the vertical displacement of the interface
nodes according to the present central film thickness value. Utilizing
force-feedback and an optimization routine, the displacement of the

9 A comprehensive derivation of the Reynolds equation from the full set of the Navier-
Stokes equations has been given, e. g., by Hamrock et al. [HSJ04], see pp. 181 to
207. Equation (6.18) is the standard reduced form of the Reynolds equation for
hydrodynamic (and soft elastohydrodynamic) lubrication. Here, the fluid properties
do not vary significantly throughout the conjunction and thus may be considered
to be constant, and the motion is pure sliding. Moreover, when applied to the
configuration of the elastomer lip seal contact, only the seal counterface at z = 0
moves. Thus, in the notation used in Figure 6.4, uA = 0 and uB = u, so that the
right-hand side of equation (6.18) becomes 6uη ∂h

∂x .
10 These cavitation boundary conditions are also frequently referred to as Reynolds

cavitation boundary conditions. For a detailed review of different models and algo-
rithms, respectively, that are available to take into account the effect of cavitation in
hydrodynamic lubrication, the reader may refer, e. g., to Braun and Hannon [BH10]
or Shen and Khonsari [SK13].
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Table 6.2: Model key parameters (short-term run seal).

Shaft diameter d 0.082 m

Reference viscosities at
40 ◦C and 100 ◦C

ν40/100 171.92/13.35 mm2/s

Lubricant density at 15 ◦C ρ15 902 kg/m3

Equivalent elastic constant E′ 11.75 MPa

Seal radial force Fr 14.3 N

Root mean square roughness
of seal lip surface

Sq 4.37 µm

Effective wavelength in
circumferential direction

λr.m.s., x 12.24 µm

Effective wavelength in
axial direction

λr.m.s., y 11.84 µm

Number of undulations across
seal contact

Ny 9

upper boundary is iteratively adjusted until the steady-state conver-
gence criteria of all sub-systems and the global coupled system are
met so that the external seal radial force is accurately balanced by
the combined reaction of this asperity EHL contact and the hydro-
dynamic lift. The basic concept of this iterative solution process is
illustrated in Figure 6.10.

In order to provide an illustration of the final deformed configu-
ration, in Figure 6.11 the seal contact of the short-term run seal is
depicted at a rotational speed of 7 min−1. In this example, the shad-
ing corresponds to the nodal contact force.

In Figure 6.12, the computed viscous lubricant friction torque is
compared to the measured seal friction torque. As expected, account-
ing for hydrodynamic pressure generation, cavitation as well as both
normal and tangential deformations of the elastomer surface asperi-
ties, the fully coupled fluid–structure interaction model provides a far
more accurate estimate of seal friction than the simplified approach.
In both the simplified and the fully coupled approach the maximum
fluid shear stresses consistently stay below the critical shear stress for
shear thinning. It is worth noting that at the time the fluid–structure
interaction model was set up, no special finite element formulation
for the treatment of nearly incompressible materials was available. A
comparative test case indeed revealed a stiffer structural response at
the largest compressive strains when compared to the Abaqus hybrid
element formulation. As an important implication of this different
numerical behavior, at very low sliding speeds, when hydrodynamic
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Figure 6.10: Soft micro-EHL FSI simulation flow chart. Reproduced from Wennehorst and
Poll [WP14].

asperities sliding on thin micro-EHL film

Figure 6.11: Deformed configuration at 7 min−1 (short-term run seal), shading corresponding to
nodal contact force. Reproduced from Wennehorst and Poll [WP14].
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Figure 6.12: Comparison of measured overall friction torque and FSI soft micro-EHL computation
of viscous lubricant friction, short-term run seal (fully coupled FSI model including
empirical thermal coupling scheme according to Engelke [Eng11] and Wennehorst
et al. [WEP11]). Reproduced from Wennehorst and Poll [WP14].

pressures (counteracting the external load) are low, asperity normal
deflection and “contact spot” size will be too small, leading to an
underestimation of viscous lubricant friction.

In Figure 6.13, the ratio rh of the hydrodynamic lifting force to the
external load (seal radial force) is depicted. It is interesting to note
that at a rotational speed of approximately 1 min−1 (corresponding
to approximately 5 mm s−1), where minimum seal friction was ob-
served, the hydrodynamic lifting force is negligibly small, indicating
clearly that first order (mesoscale) micro-elastohydrodynamic lubri-
cation does not (yet) suffice to cause any substantial unloading (i. e.,
lift) of the compressed elastomer roughness. Therefore, even though
the seal friction is at a minimum, the seal must be considered as op-
erating deep within the mixed lubrication regime.

The lubricant film formation mechanism of standard mixed lubrica-
tion approaches (comprising partial lubricant film rupture and a cor-
responding Coulomb-type friction component) largely relies on first
order hydrodynamic effects; therefore, the computed friction mini-
mum can be expected to be located at a higher sliding velocity. Evi-
dence for this supposed systematic shift may be found in the results
of Schmidt [Sch11] who modeled the friction and wear characteristics
of hydraulic seals using a standard mixed lubrication approach based
on the flow factor method. In order to verify the mixed lubrication
model, the friction curves measured in tribometer tests (ball against
three tilted elastomer plates) were compared with the friction curves
obtained with the corresponding simulation model. The tested mate-
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Figure 6.13: Ratio of hydrodynamic lifting force to external load, short-term run seal. Reproduced
from Wennehorst and Poll [WP14].

rial was ultra-high-molecular-weight polyethylene (UHMW–PE), and
a mixture of water and glycol was used as lubricant. In the tribometer
tests, at a lubricant temperature of 25 ◦C and a normal load of 10 N,
minimum friction was observed at a sliding velocity of approximately
4.5 mm s−1. The computed friction minimum, however, was located
at approximately 100 mm s−1.

These results further underline that the revisited second order soft
micro-elastohydrodynamic asperity lubrication mechanism is obvi-
ously capable of giving a physically sound explanation of both low-
speed lubricant film formation as well as the frictional characteristics
of lubricated soft rough conformal contacts in parallel sliding which
inherently lack a macroscopic hydrodynamic pressure and fluid film
formation mechanism. As discussed at the end of Section 6.4.1,
the second order soft micro-elastohydrodynamic asperity lubrication
mechanism may effectively attenuate the viscoelastic and hysteresis
losses in the rubber induced by the passage of counterface asperities
until the viscous lubricant friction component prevails and the over-
all friction increases again. It is, however, important to notice that,
with regard to the underlying lubricant film formation mechanism,
this transition is completely different from what is assumed when
applying the concept of Stribeck curves.

In addition to the neo-Hookean hyperelastic material, further com-
putations were carried out with a linear elastic approach in order to
assess the impact of the elastomer material model on the results of
the FSI soft micro-EHL model. The results of these computations are
depicted in Figure 6.14 according to Wennehorst and Poll [WP15].



100 modeling lubrication and friction of radial lip seals

0 10 20 30 40 50 60 70 80 90 100
0

0.05

0.1

0.15

0.2

0.25

0.3

0.35

0.4

0.45

0.5

rotational speed, rpm

fr
ic

ti
on

to
rq

ue
,N

m

Seal friction torque (measured)
Initial slope of friction torque curve
Fluid–structure interaction soft micro-EHL approach (hyperelastic)
Fluid–structure interaction soft micro-EHL approach (linear elastic)

Figure 6.14: Impact of the elastomer material model on the results of the FSI soft micro-EHL seal
friction computations, short-term run seal. Reproduced according to Wennehorst
and Poll [WP15].

As expected (see Figure 3.7), the linear elastic material yields larger
asperity contact spot sizes11 and, therefore, leads to a systematic over-
estimation of seal friction compared to the hyperelastic material. With
increasing rotational speed this overestimation tends to slightly de-
crease due to the gradual build-up of first order hydrodynamic lift
(see Figure 6.13) which increasingly contributes to the total load sup-
port.

6.4.4 Application to the run-in seal

In order to further assess the applicability of the above described
second order soft micro-elastohydrodynamic asperity lubrication ap-
proach, additional friction computations were carried out for the run-
in seal. Again, the seal lip surface roughness of the test seal was
characterized using non-contacting optical profilometry. Because the
white light interferometer (Wyko NT1100, see Section 6.2) was not
available, the roughness measurement was carried out with a laser
scanning microscope (Keyence VK-X200, Institute of Measurement
and Automatic Control (IMR), Leibniz Universität Hannover, Ger-
many). The lateral sampling interval was approximately 0.7 µm in
both circumferential and axial direction and, therefore, comparable
with the previous measurements. The corresponding parameters of
the bi-sinusoidal roughness model as well as its geometric representa-

11 This is consistent with results reported by Scaraggi and Carbone [SC12].
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Figure 6.15: Bi-sinusoidal roughness model of run-in seal in comparison with correspond-
ing model of short-term run seal. Reproduced according to Wennehorst and
Poll [WP15].

tion are shown in Figure 6.15 in comparison with the short-term run
seal.

With regard to the key parameters of the soft micro-elastohydro-
dynamic asperity lubrication model it is important to remember that
the seal radial force did not differ among the short-term run and the
run-in test seals (see Table 6.2 and Section 3.3). Given the reduced
root mean square wavelengths and the correspondingly increased as-
perity density of the run-in seal, the load carried by a single asper-
ity of the run-in seal is, therefore, appreciably smaller compared to
the short-term run seal. At the same time the ratio of amplitude to
wavelength of the run-in seal is smaller, compared to the short-term
run seal, which further aids in the build-up of the hydrodynamic lu-
bricant film. Thus, at a given constant seal radial force, due to the
altered roughness characteristics the overall lubricant film formation
of the run-in seal will be improved compared to the short-term run
seal. It is further interesting to note that the model asperities of the
run-in seal are still nearly circular in shape. Therefore, the run-in
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Figure 6.16: Comparison of measured overall friction torque and soft micro-EHL computation of
viscous lubricant friction (simplified approach); run-in seal, temperature-corrected
viscosities.

process, at least with this seal elastomer compound, did not induce
axially oriented asperities with an ellipticity ratio smaller than one,
as previously observed by Kammüller [Kam86].

In Figure 6.16, the computational results based on the simplified
approach (neglecting first order hydrodynamic effects) are compared
to the measured seal friction torque. As expected, at higher sliding
velocities (beyond the linear region of the measured friction torque
curve), when using the simplified soft micro-EHL approach neglect-
ing first order hydrodynamic effects, the systematic overestimation of
the seal friction torque is noticeably greater for the run-in seal com-
pared to the short-term run seal (see Figure 6.7). This provides further
indirect evidence of the improved lubricant film build-up character-
istics of the run-in seal that have been demonstrated through the re-
sults of the LIF lubricant film thickness measurements described in
Section 4.2.1.

As shown in Figure 6.17, for the run-in seal, too, the fully coupled
FSI soft micro-EHL model provides a far more accurate estimate of
the seal friction torque than the simplified approach. As explained
above, the linear elastic material leads to a systematic overestimation
of seal friction compared to the hyperelastic material. However, due
to the improved hydrodynamic load bearing capacity and the corre-
spondingly reduced radial asperity deformations (i. e., deformations
in z direction), with increasing rotational speed this overestimation is
less pronounced compared to the short-term run seal. This follows
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Figure 6.17: Comparison of measured overall friction torque and FSI soft micro-EHL computation
of viscous lubricant friction, run-in seal (fully coupled FSI model including empir-
ical thermal coupling scheme according to Engelke [Eng11] and Wennehorst et
al. [WEP11]). Reproduced according to Wennehorst and Poll [WP15].

also directly from the ratio rh of the hydrodynamic lifting force to the
external load (seal radial force) which is depicted in Figure 6.18 for
both seals, additionally including the results obtained with the differ-
ent material modeling approaches. In contrast to the seal lip surface
roughness characteristics, which strongly influence the build-up of
first order hydrodynamic lift, the latter depends only weakly on the
choice of the elastomer material modeling approach. Regarding the
enhanced load bearing capacity of the run-in seal, which amounts to
approximately 85 % at a rotational speed of 100 min−1 (correspond-
ing to a sliding velocity of approximately 0.5 m s−1), it should be re-
membered that the corresponding low-speed measurements were car-
ried out at room temperature using a lubricating oil with relatively
high reference viscosities. Therefore, as shown in Figure 4.15, at a
rotational speed of 100 min−1 the maximum temperature within the
sealing contact zone of the run-in seal was only 30 ◦C with a corre-
sponding dynamic viscosity of about 300 mPa s. At more realistic oil
sump temperatures and sliding velocities, due to frictional heating
the lubricant viscosity within the sealing contact zone will be drasti-
cally reduced to a small fraction of this value. For example, as shown
by Engelke [Eng11] (for standard oil seals) and Ottink [Ott14] (for
the seal type used here), based on an oil sump temperature of 80 ◦C,
at sliding velocities of 5 m s−1 to 10 m s−1 the temperature within the
sealing contact zone may easily exceed 100 ◦C. Under these condi-
tions, according to the temperature–viscosity characteristics of the
mineral base oil used here (see Figure 3.9), the dynamic viscosity will
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Figure 6.18: Ratio of hydrodynamic lifting force to external load, comparison of short-term run
seal and run-in seal. Reproduced according to Wennehorst and Poll [WP15].

be on the order of only 10 mPa s. However, both first order as well
as second order micro-elastohydrodynamic lubricant film build-up
strongly depend on the product u · η of sliding velocity and viscosity.
Therefore, even under realistic conditions of high sliding velocities,
in many practical situations the drop of the lubricant viscosity within
the sealing contact zone can be assumed to prevent rh (the ratio of
hydrodynamic lifting force to external load) from approaching one,
i. e., the seal will continue to operate under mixed lubrication condi-
tions. When the sliding velocity is further increased, the fluid shear
stress may locally (especially within the second order under-asperity
lubricant films) exceed the critical shear stress for the onset of shear
thinning; this impedes the lubricant film formation further. Moreover,
when the fluid shear stress is larger than the asperity contact pressure,
the lubricant film may rupture locally due to shear cavitation.

The lubricant film formation of the run-in seal is illustrated in
Figure 6.19 for the rotational speed steps used in Figure 6.18. The
cross-sections of a single asperity depicted herein are based on the
actual deformed geometry of the run-in seal lip structural model as
computed with the fully coupled FSI soft micro-EHL approach. As
shown in Figure 6.19, at very low sliding velocities, where minimum
friction was observed, the lubrication of the contraformal Hertzian as-
perity contacts is nearly completely governed by second order micro-
EHL. With increasing speed, however, first order micro-EHL effects
become more and more important, and the corresponding asperity
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Figure 6.19: Lubricant film formation of run-in seal. Cross-sections of a single asperity, based
on actual deformed geometry of seal lip structural model as computed with fully
coupled FSI soft micro-EHL approach. Reproduced according to Wennehorst and
Poll [WP15].
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Figure 6.20: Second order under-asperity central elastohydrodynamic lubricant film thickness of
short-term run seal and run-in seal.

micro-wedge formation contributes increasingly to the overall hydro-
dynamic load bearing capacity of the lubricant film12.

The enhanced first order hydrodynamic load bearing capacity of
the run-in seal can also be seen indirectly from Figure 6.20, where the
build-up of the second order under-asperity central elastohydrody-
namic lubricant film thickness hcen is shown for both the short-term
run and the run-in seal. At higher rotational speeds beyond approx-
imately 40 min−1 to 60 min−1, due to the correspondingly reduced
asperity normal load the central EHL film thickness increase of the
run-in seal is noticeably steeper compared to that of the short-term
run seal. The second order central EHL film thickness depends only
weakly on the choice of the elastomer material modeling approach,
and the qualitative trends are consistent with the results obtained for
the ratio rh of hydrodynamic lifting force to external load (see Fig-
ure 6.18).

Figure 6.21 shows the computed dynamic lubricant viscosity within
the sealing contact zone. As explained in Section 4.3, it is based on
the seal under-lip excess temperature which is empirically coupled
to the specific seal friction via the iterative scheme proposed by En-
gelke [Eng11]. Starting out from a slightly lower oil sump temper-
ature prior to the experiments, the overall viscosity level during the
measurements with the run-in seal is higher compared with the short-
term run seal. Nevertheless, the qualitative trends of both seals are
very similar. As expected, the impact of the elastomer material mod-

12 It is interesting to note the similarity with the experimental results of Fowell et
al. [FMSK14].
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Figure 6.21: Computed dynamic lubricant viscosity within sealing contact zone of short-term run
seal and run-in seal.

eling approach on the results of the viscosity computations is more
pronounced for the short-term run seal. This is consistent with the re-
sults of the seal friction computations shown in Figures 6.14 and 6.17.

Figure 6.22 shows the maximum fluid shear stress τmax = η · u/hmin

resulting from the smallest gap height and, therefore, directly relat-
ing to the second order under-asperity elastohydrodynamic lubricant
film thickness hcen. For both the short-term run seal and the run-
in seal the impact of the elastomer material modeling approach on
the computational results is small, being qualitatively consistent with
those obtained for the second order under-asperity central elastohy-
drodynamic lubricant film thickness hcen and the dynamic lubricant
viscosity η shown in Figures 6.20 and 6.21. In contrast to the short-
term run seal, the maximum fluid shear stress within the sealing con-
tact zone of the run-in seal passes through a maximum located at a
rotational speed of approximately 60 min−1. For the given set of oper-
ating parameters (i. e., sliding velocities, oil sump temperatures and
thermal viscosity characteristics), and given the very similar viscos-
ity decay rate of the short-term run and the run-in seal according to
Figure 6.21, this maximum follows directly from the enhanced first or-
der hydrodynamic load support observed with the run-in seal which,
as described above and shown in Figures 6.19 and 6.20, becomes op-
erative at rotational speeds of approximately 40 min−1 to 60 min−1.
The maximum fluid shear stresses consistently stay below the criti-
cal shear stress for shear thinning; they are also consistently below
the mean asperity contact pressure which is of the same order as the
critical shear stress for shear thinning. Therefore, under the given
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Figure 6.22: Maximum fluid shear stress within contact zone of short-term run seal and run-in
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conditions the lubricant can be considered to behave Newtonian, and
shear cavitation is not expected to occur.

6.4.5 Further validation on a steel shaft

So far the computational results obtained with the second order soft
micro-elastohydrodynamic mixed lubrication approach have been
compared to the results of seal friction measurements carried out on
the optical test rig (see Section 3.1), using a transparent sapphire hol-
low shaft as the seal counterface. As explained in Section 3.1, due
to its high thermal conductivity being similar to that of steel, sap-
phire was chosen instead of glass in order to avoid heat accumulation
within the sealing contact zone and a corresponding unrealistic drop
of the lubricant viscosity. The surface finish of the sapphire hollow
shaft was chosen to be comparable with real run-in seal counterfaces
(see also Section 6.4), and its wettability was confirmed to be compa-
rable to that of steel counterfaces made of 100Cr6 bearing steel. Thus,
based on the good comparability between the sapphire model sys-
tem and the real application, the empirical thermal coupling scheme
described in Section 4.3, providing the seal under-lip excess temper-
ature as a function of specific seal friction, was deemed applicable
for both steel and sapphire counterfaces. Therefore, when using a
counterface made of steel with a comparable roughness, seal friction
computations based on the above FSI second order soft micro-EHL
model can be expected to be of comparable accuracy.
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Figure 6.23: Comparison of seal friction torque measured on 100Cr6 counterface and FSI soft
micro-EHL computation of viscous lubricant friction, run-in seal (fully coupled FSI
model including empirical thermal coupling scheme according to Engelke [Eng11]
and Wennehorst et al. [WEP11]).

In order to assess the validity of this assumption, a further series
of seal friction measurements in the range of 1 min−1 to 100 min−1

were made with the run-in seal and a counterface made of 100Cr6.
The steel shaft was ground to a roughness of 0.14 µm (Sq). When
measured in circumferential direction, i. e., in the direction of sliding,
the roughness was considerably smaller, amounting to 0.03 µm (Rq)
and, therefore, equaling the roughness of the sapphire hollow shaft13.
As in the previous speed step experiments, the oil sump temperature
was measured in the direct vicinity of the sealing contact. As shown
in Figure 6.23, for the 100Cr6 counterface the FSI soft micro-EHL
model predicts seal friction to an accuracy being indeed comparable
to that obtained with the sapphire counterface.

13 In contrast to the brittle fracturing of sapphire yielding an isotropic surface rough-
ness structure, plunge grinding of the steel shaft yields an anisotropic surface rough-
ness structure. Here, the axially measured roughness, directly relating to the grain
size of the grinding wheel, can be noticeably larger compared to that measured in
circumferential direction, i. e., along the grinding grooves. As noted in Section 1.1.3,
with regard to the radial lip seal system this was previously described by Kunst-
feld [Kun05].
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C O N C L U S I O N A N D O U T L O O K

The experimental results of this work clearly show, and confirm pre-
vious findings, that the friction of elastomeric radial lip seals may
be at a minimum under conditions where speed-dependent first or-
der hydrodynamic lubricant film build-up effects are far too small
to completely separate the seal lip surface asperities from the shaft.
Thus, when passing through such a friction minimum, there is no
transition to full-film lubrication in the classical sense, and the fric-
tion curve is, therefore, something very different from what is usually
referred to as a “Stribeck” curve. Obviously, the seals are consistently
running in a mode of mixed lubrication, where the elastomer seal lip
surface asperities are still compressed, but, at the same time, are in
a continuously lubricated sliding condition without indication of dry
contact.

Semiempirical computations of the viscous lubricant friction com-
ponent based on measured average lubricant film thickness profiles
further demonstrate that the resulting viscous friction component
alone consistently underestimates the measured seal friction. By ac-
counting for the impact of film thickness averaging effects on the
results of these semiempirical computations, it is argued that the
flattened elastomer asperities and the counterface may be separated
by thin micro-elastohydrodynamic lubricant films. The thickness of
these second order films is expected to be appreciably smaller than
the contact roughness of the elastomer seal lip surface, and the vis-
cous lubricant friction originating from such films could make up for
the difference observed between the measured seal friction and the
results of the semiempirical computations.

In view of the experimental and semiempirical results, a fi-
nite element based fluid–structure interaction soft micro-elastohydro-
dynamic mixed lubrication model has been developed comprising
elastic deformations of the elastomer surface asperities, inter-asperity
cavitation and coupling of frictional heating, lubricant film tempera-
ture and lubricant viscosity. The computed seal friction agrees well
with the experimental results. Even at the lowest sliding speeds,
when the first order hydrodynamic lifting force is negligibly small,
the soft micro-elastohydrodynamic asperity lubrication mechanism
is obviously capable of giving a physically sound explanation of both

111
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low-speed lubricant film formation as well as the frictional charac-
teristics of lubricated soft rough surfaces in parallel sliding. This con-
trasts remarkably with widely adopted mixed lubrication approaches
comprising local rupture of the lubricant film and a corresponding
Coulomb-type boundary friction component. In the approach de-
scribed in this work, there is no need for additional empirical pa-
rameters, such as the boundary friction coefficient, which require ad-
ditional experimental effort prior to any computation. Instead, the
model entirely relies on geometry and material parameters that can
be determined separately.

It is shown that at the lowest sliding velocities, when the thick-
ness of the second order under-asperity lubricant films is below the
roughness of the counterface, the hard substrate roughness increas-
ingly interacts with the flattened elastomer asperities, giving rise to
a steep increase in seal friction. Under such severe conditions, on
the nanoscale more complex models are needed in order to explain
the observed frictional phenomena. These models would have to in-
clude viscoelastic and hysteresis losses in the rubber due to local de-
formations caused by the passage of counterface asperities. Within
the proposed mixed lubrication concept the solid body friction losses
in the rubber can be induced across a thin coherent elastohydrody-
namic lubricant film. Therefore, even though the friction torque curve
might, at first sight, resemble a classical Stribeck curve, the so-called
mixed friction regime does not necessarily involve partial rupture of
the lubricant film and a corresponding Coulomb-type friction com-
ponent, nor does the so-called viscous, or, hydrodynamic regime neces-
sarily involve a complete first order hydrodynamic unloading, i. e.,
hydrodynamic lift-off, of the compressed elastomer surface asperities.
With increasing thickness of the second order under-asperity lubri-
cant films, the influence of the counterface roughness, i. e., the rub-
ber solid body friction component, will gradually decay until smooth
sliding prevails which is dominated nearly completely by viscous lu-
bricant friction. As further demonstrated, the build-up of the second
order under-asperity lubricant films is tightly linked to the first or-
der hydrodynamic micro-wedge formation on the level of the seal lip
surface roughness.

Ongoing work is focused on further improving the accuracy of the
computational approach. With regard to very low sliding speeds, this
involves the implementation of hybrid finite element formulations al-
lowing for a more accurate treatment of nearly incompressible mate-
rials undergoing large compressive strains. To capture the first order
hydrodynamic effects more accurately at high sliding speeds, a fully
mass conservative cavitation algorithm is used. Experimental and
theoretical work focuses on a deeper understanding of the impact the
elastomer material properties and the surface micro-geometries have
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on the asperity lubrication mechanism and on the characteristics of
the rubber solid body friction component.

The findings of this dissertation are not limited to the elastomer
shaft seal application, but may also prove useful for studies of
other soft rough conformal sliding contacts as, e. g., found in bio-
tribological systems such as natural synovial joints and artificial joint
replacements.
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