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Abstract

Turbocharging is nowadays considered the most commonly used method of engine
supercharging. One of the important factors affecting the turbocharger performance
is the heat transfer inside the turbocharger and from the turbocharger to the ambient.
Heat transfer takes place due to the high temperature gradient between the turbine
and the other components of the turbocharger as well as between the turbine and the
ambient. This heat transfer causes underestimation of the measured compressor
efficiency and overestimation of the turbine efficiency. This results in an inaccurate
estimation of the compressor power and the turbine power. Therefore, the measured
turbocharger performance maps are not accurate enough to simulate the
turbocharger performance in engine simulation programs. Furthermore, the
measured turbocharger performance maps provide the turbocharger performance for
very few operating points in comparison with the engine operating points.

The present research work aims at investigating the turbocharger non-adiabatic
performance. It also aims at extending the simulation of the turbocharger
performance down to very low turbocharger rotational speeds as well as compressor
operation in the fourth quadrant of the performance map. The turbocharger
performance simulation is based on physically meaningful models for the
aerodynamic performance of radial turbomachines. The aerodynamic performance of
micro radial compressors is also experimentally investigated.

Three different turbochargers are investigated in the present research work. The
experimental investigation is conducted using two different combustion chamber test
rigs. Models and correlations for the estimation of the amount of heat transfer
between the components of the turbocharger as well as between the turbine and the
ambient are developed. Empirical loss correlations are obtained for micro radial
compressors. Correlations for estimating the slip factor of radial compressors are
also presented. A program for predicting the actual performance of micro radial
compressors in low rotational speed operating range is introduced. A turbocharger
performance simulation program is also presented. This program is designed to
operate as a stand alone program or as two subroutines in the engine simulation
programs.



Kurzfassung

Turboaufladung ist heutzutage die am haufigsten verwendete Methode fur die
Aufladung von Verbrennungsmotoren. Warmeubertragung innerhalb des Turboladers
und vom Turbolader an die Umgebung ist einer der wichtigen Faktoren, die das
Turboladerverhalten beeinflussen. Sie findet wegen des hohen
Temperaturgradienten zwischen der Turbine und den anderen
Turboladerbestandteilen sowie zwischen der Turbine und der Umgebung statt. Diese
Warmeubertragung fuhrt zur Unterschatzung des Verdichterwirkungsgrades und
Uberschatzung des Turbinenwirkungsgrades. Die berechnete Verdichter- bzw.
Turbinenleistung mit Hilfe der gemessenen Kennfelder wird deswegen zu grof}
geschatzt. Das bedeutet, dass die gemessenen Kennfelder nicht genau genug fur die
Simulation des Turboladerverhaltens in Motorsimulationsprogrammen  sind.
AulRerdem stellen die gemessenen Kennfelder das Turboladverhalten nur fur wenige
Betriebspunkte dar.

Ziel der vorliegenden Arbeit ist, das diabate Verhalten des Turboladers zu
untersuchen und die Simulation des Turboladers bis zu sehr niedrigen Drehzahlen zu
erweitern. Die Simulation des Verdichters deckt auch den Verdichterbetrieb im
vierten Quadranten des Kennfeldes ab. Die Erweiterung der Kennfelder basiert auf
physikalisch sinnvollen Modellen flir das aerodynamische Verhalten der
Radialturbomaschinen. Das aerodynamische Verhalten der Mikroradialverdichter
wird auch untersucht.

Drei Turbolader werden im Rahmen der vorliegenden Arbeit untersucht. Die
experimentelle Untersuchung wird mit zwei unterschiedlichen
Brennkammerprufstanden durchgefuhrt. Modelle bzw. empirische Korrelationen fur
die Bestimmung der Warmeubertragung innerhalb des Turboladers und vom
Turbolader an die Umgebung werden entwickelt. Des Weiteren werden empirische
Korrelationen fur die Bestimmung der aerodynamischen Verluste und des
Minderleistungsfaktors erstellt. Ein  Programm flir die Vorhersage des
Radialverdichterverhaltens im niedrigen Drehzahlbereich wird erstellt. Ein anderes
Programm fur die Erweiterung der gemessenen Kennfelder bis zu sehr niedrigen
Drehzahlen wird erarbeitet. Dieses Programm dient sowohl als Stand-Alone
Programm als auch als Subroutinen in Programmen zur Simulation des Motors.
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1.INTRODUCTION

1.1 Introduction

Engine supercharging can be defined as the introduction of air (or air/fuel mixture)
into an engine cylinder at a density higher than ambient (Watson and Janota, 1982).
It aims at increasing the amount of air supplied to an engine of a given size; hence
more fuel can be burnt. This increases the power output of the engine as a result of
increasing the amount of burnt fuel. It is evident that the principle objective is to
increase the engine power output, not to improve the engine efficiency. However, the
engine efficiency may benefit (Watson and Janota, 1982).

Engine supercharging can be achieved using many different methods of
supercharging. The applied methods of supercharging are summarized in Figure 1-1
(Malobabic, 1989). These methods can be classified into mechanical supercharging,
turbocharging, COMPREX-supercharging, and others.

Methods of engine supercharging

v v
Mechanical supercharging Turbocharging
O Fluid flow machines O Without control
O Positive displacement O By pass control
machines Q Variable geometry control
COMPREX® Other methods
” p| O Steam turbine

QO Resonant pipe

Figure 1-1 Methods of engine supercharging (Malobabic, 1989)

Mechanical supercharging uses a rotary or positive displacement compressor to
compress the air swallowed by engine. The power required to drive this compressor
is directly taken from engine crank shaft. Consequently, compressor rotational speed
is directly related to engine rotational speed. Watson and Janota (1982) show a
typical arrangement of an engine fitted with a mechanically driven supercharger
(Figure 1-2). Mechanical supercharging has been used many times in the past,
particularly in piston aircraft engines.
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Inlet manifold

| ]
Power
J Compressor
Exhaust Chain, belt,
outlet or gear drive

f

Ambient air inlet

Figure 1-2 Typical arrangement of an engine fitted with a mechanically driven
supercharger (Watson and Janota, 1982)

Turbocharging is nowadays considered the most commonly used method of engine
supercharging. The idea behind turbocharging is to utilize the waste exhaust gas
energy to drive a turbine directly coupled to a centrifugal compressor. It is evident
here that the power required to drive the compressor is taken from the exhaust gas
rather than from the engine as in mechanical supercharging. This waste exhaust gas
energy is about 30% of the total energy of a typical diesel engine at rated power
(EPA, 1998). Thus, turbocharged engines have a favorable power density and overall
efficiency compared with mechanically supercharged engines (Challen and
Baranescu, 1999). Figure 1-3 (Watson and dJanota, 1982) shows a typical
arrangement of a turbocharged engine. Turbocharger is the subject of the current
research work and it will be considered in more detail in the following sections.

Ab Compressor
mbient Inlet manifold
air inlet N\ —

) )
Exhaust _/ Power

outlet <« Exhaust
Turbine manifold

Figure 1-3 Typical arrangement of an engine fitted with turbocharger (Watson and
Janota, 1982)

Comprex supercharger makes use of the fact that if two fluids having different
pressures are brought into direct contact in long narrow channels, equalization of
pressure occurs faster than mixing (fgingiir et al., 2003). The idea behind comprex
superchargers is to use pressure waves to compress the intake air (or mixture).
These waves are generated by means of direct contact between the exhaust gas and
the intake air in long narrow flow channels. More details about comprex
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superchargers can be found in Gyarmathy (1983), Mayer (1981), Kirchhofer (1977),
and Kirchhofer and Spinnler (1986).

Other methods of supercharging have been investigated, such as resonant pipe
supercharging, and steam turbine supercharging.

1.2 Turbocharging

Turbocharging was first proposed in patents by Buchi as long ago as 1905 and
1909 (Weaving, 1990). It has been extensively used with diesel engines as a
superior boosting system. This is because it allows a significant increase in the
maximum power rating with a decrease in gaseous and particulate emissions (Flotho
et al., 2000, Merker and Kessen, 1999; Merker and Stiesch, 1999). Recently, the
application of turbocharging has been extended to cover spark ignition engines
(S.I.E) as well as diesel engines. Turbocharging of S.I.E aims at increasing the power
to weight ratio; i.e. achieving a compact engine, and maximizing the fuel economy
while preserving or even improving the existing performance characteristics
(Hemmerlein, 1994).

Turbocharging is currently the most commonly used method for engine
supercharging. The reasons of the current turbocharging dominance are:

a. Turbocharging reduces the weight and bulk of the engine for a given power output
(Taylor, 1977). Therefore, turbocharged engines are compact in size. The compact
engine size results in a reduction in engine heat losses as well as friction losses.

b. Turbocharging improves the fuel economy due to the utilization of the engine
exhaust gas energy.

c. Turbocharging results in a decrease in gaseous and particulate emissions (Flotho

et al., 2000, Merker and Kessen, 1999; Merker and Stiesch, 1999).
. The turbocharger delivers boost in response to engine demand.
. The space required to fit a turbocharger is small.
The turbocharger prevents loss of engine power at high altitudes.
. The turbocharger has a high flexibility of control (General Electric, 1943).

« 00 Q

However, the turbocharger has the following disadvantages (Weaving, 1990):

a. It takes time to go from one operating state to another in response to engine
demand, the well publicized 'turbo lag'.

b. The turbocharger compressor is limited by choke, poor efficiencies at high flow
rates, and surge at low flow rates so that the compressor operating range is limited
and this affects the allowable engine speed range.
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1.3 Mechanical design of the turbocharger

A typical turbocharger design is shown in Figure 1-4. The turbocharger consists
mainly of an exhaust gas driven turbine and a radial air compressor. The turbine and
the compressor are mounted at opposite ends of a common shaft and enclosed in a
cast housing. A shaft nut or threaded wheel is used to join the compressor wheel and
the turbine wheel. The shaft is enclosed in a bearing housing and supported with a
bearing. This bearing is designed for high rotational speeds. Lubrication oil fills the
clearance between the bearing and the shaft. This oil filled clearance is very
important to the turbocharger mechanical efficiency and life. Seal systems separate
the bearing housing from both the turbine and the compressor. The seals restrict the
oil from entering the compressor and the turbine areas. They also reduce the flow of
gases from the turbine or the compressor into the bearing housing.

o

e T
\

.

i
i J

| 'r—)‘.
E |

Lubrication oil

Bearing

’* - Compressor
/7 impeller

Turbine
wheel

{
N

. Compressor
Turbine

Main shatft

Figure 1-4 Typical turbocharger design

The main components of the turbocharger are discussed in brief in the following
sections.

1.3.1 The radial compressor of the turbocharger

Early turbocharger designs had used radial flow, backswept, and shrouded impellers.
Later on, unshrouded impellers replaced shrouded impellers. The application of
unshrouded impellers results in impeller weight reduction. This enables
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turbochargers to rotate at higher rotational speeds, hence producing higher boosting
pressure ratios (>2:1). The application of unshrouded impellers also reduces
windage losses and improves the turbocharger response to engine demand.

It is also a common practice to increase the number of impeller blades with the
application of splitter blades. This provides more guidance to the flow towards the
impeller exit, and minimizes blockage at the compressor eye. However, increasing
the blade number is limited by the increase in manufacturing costs, impeller weight,
hub stresses, and inertia (Rodgers, 2000). A blade number higher than certain
optimum blade number results in a reduction of the compressor efficiency as a result
of the increased aerodynamic friction losses. The optimal blade number is a function
of compressor specific speed, blade angle at the impeller outlet, and circumferential
Mach number at the impeller outlet (Rodgers, 2000).

The radial compressor diffuser may be a vaned or vaneless diffuser. A compressor
with a vaned diffuser has higher peak efficiency than that with a vaneless diffuser.
This is mainly because the vanes reduce the tangential velocity component more
rapidly than a vaneless space, thereby increase the diffusion rate and reduce the
flow path length. Thus losses are reduced leading to more efficient diffusion (Watson
and Janota, 1982). However, vaneless diffusers provide a wider stable operating
range than that of vaned diffusers. This wide stable operating range is very important
for automotive engines, where the variations in speed and load range are large.
Moreover, vaneless diffusers have the advantages of reducing the effect of dirt
accumulation, and have lower noise levels. Thus vaneless diffusers are commonly
used in the radial compressor of the turbocharger. However, engines with a narrow
operating range of speed and load can be equipped with vaned diffuser
compressors.

1.3.2 The radial turbine of the turbocharger

Radial inflow turbines are widely used in turbochargers. However, very large engines
can also use axial or mixed flow turbines. The main advantages of radial inflow
turbines versus axial flow turbines are (Weaving, 1990):

a. A single piece casting

b. More appropriate flow characteristics
c. Lower manufacturing cost

d. Simple entry and exit ducting

Turbine casing can be either single entry or multiple-entry. The latter is required to
achieve separation of gas pulses in the exhaust manifold. Multiple-entry volute
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casing may be either “double entry volute casing” or “twin entry volute casing”.
Figure 1-5 (Zinner, 1980) shows double entry and twin entry volute casings. Double
entry volute casing separates the exhaust gas circumferentially, while twin entry
volute casing separates the flow meridionally. Most of the multiple-entry automotive
turbochargers have twin entry volute casings (Weaving, 1990). This is because they
are more effective and have lower losses compared with double entry volute
casings (Weaving, 1990).

V. X
y/ \
\ | / . i
Nl Section A-A
a. double entry b. twin entry

Figure 1-5 Multiple entry volute casing; a. double entry, b. twin entry (Zinner, 1980)

1.3.3 Turbocharger bearing system

Turbocharger bearing may be a roller bearing or a journal bearing. A roller bearing
gives higher mechanical efficiency (Watson and Janota, 1982). However it cannot
meet the durability requirements at the currently encountered very high rotational
speeds, and it is more expensive. Journal bearings are found in the majority of small
automotive turbochargers.

More details about turbocharger bearing systems are found in Watson and Janota
(1982), Challen and Baranescu (1999), and Weaving (1990).

1.4 Methods of controlling the turbocharger

One of the most important advantages of the turbocharger is the flexibility of
control (General Electric, 1943). This is due to the fact that the turbocharger
rotational speed depends on the available energy at the turbine inlet rather than the
engine rotational speed as in mechanical supercharging (Pucher, 2000). The control
of the turbocharger aims at adjusting the boost pressure according to the engine
demand. The principal methods of controlling the turbocharger can be classified into
by-pass control, and variable geometry control.
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1.4.1 By-pass control

By pass control of the turbocharger uses a pneumatic or electric by pass valve
located at the turbine inlet to control the turbocharger. This by pass valve opens or
closes according to engine demand. The idea behind by pass control is to allow the
use of a turbocharger with a smaller turbine. A small turbine gives better engine
acceleration at low engine rotational speeds, i.e. low exhaust gas flow rates.
However, small turbine wheels may be destroyed with increasing the engine
rotational speed and load. This is mainly because of the high exhaust gas pressure
as well as the high thermal stresses. To avoid this, the by pass valve opens and only
a part of the exhaust gas flows through the turbine. It is clear that the by pass control
causes significant waste of the exhaust gas energy at high engine rotational speeds
and full load (Hagelstein et al., 2000).

1.4.2 Variable geometry control

Variable geometry turbocharging involves the use of a turbocharger with adjustable
geometry. This adjustable geometry feature can be applied to the compressor as well
as to the turbine. The compressor geometry can be adjusted using:

a. Adjustable compressor inlet guide vanes
b. Adjustable diffuser vane angle
c. Adjustable diffuser width.

The Turbine geometry can be adjusted by means of:

a. Adjusting the volute geometry
b. Adjusting the turbine guide vanes angle.

Variable geometry turbochargers with variable turbine guide vanes (VTG) are the
most commonly used design. Figure 1-6 shows the principle of turbocharger control
using adjustable turbine guide vanes. The control of the VTG-turbocharger takes
place by means of opening or closing the guide vanes. This changes the angle of the
guide vanes as well as the turbine effective flow area. By these means the pressure
ratio across the turbine, and thus the boost pressure, can be maintained at high
levels down to much lower engine rotational speeds (Challen and Baranescu, 1999).
Experimental investigations showed a better engine dynamic performance with
variable geometry turbochargers than that with by pass controlled turbochargers
(Chapman and Brentano, 2000)
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Exhaust Exhaust
gas inlet gas inlet

Inlet guide vanes
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a. Guide vanes at open position b. Guide vanes near closed position

Figure 1-6 Principle of adjustable turbine guide vanes control

1.5 Turbocharger performance maps

Turbocharger performance is presented in the form of separate compressor and
turbine performance maps. These maps are normally provided by the turbocharger's
manufacturer or measured in laboratory using combustion chamber test rigs.

1.5.1 Compressor performance map

The Compressor performance map presents the compressor characteristics at
different compressor operating points. It normally includes the following measured
data:

a. Compressor reduced mass flow rate or volume flow rate m.4c or Vred,c

(abscissa)
b. Compressor total pressure ratio w; ¢ (ordinate)
c. Compressor isentropic total-to-total efficiency n;s, ¢
d. Compressor reduced rotational speed Nreq, c.

Compressor reduced mass flow rate is given according to SAE 9222 by

\[T'It/T'It, ref (11)

r'nred c~— I’hC
p1t/p1t, ref
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Compressor reduced volume flow rate is given according to SAE 9222 by

Vied,c = V1,C/\/T1t/T1t, ref (1.2)

with
. m
Vig=—21
’ P1t (1.3)
I:‘)air T1t

Compressor total pressure ratio is given by

Pst
nt,C = 1 4
Pt (1.4)
Compressor isentropic total-to-total efficiency is given by
(x,, — 1/,
Ahisc  Cpair Tt [Tt & - 1]
Mis,C = = ’ (1.5)

A hac,C - Cp,air (T5t _T1t)

An evaluation of compressor efficiency based on equation (1.5) assumes that all
kinetic energy at the compressor outlet can be used. However, air delivered from the
turbocharger to the inlet manifold of an engine is brought almost to rest without doing
useful work (Watson and Janota, 1982; Challen and Baranescu, 1999). Thus the
total-to-static isentropic compressor efficiency is a more appropriate definition of
turbocharger compressor efficiency. Unfortunately many turbocharger manufacturers
quote total-to-total efficiency for turbocharger compressors (Watson and Janota,
1982; Challen and Baranescu, 1999).

Compressor reduced rotational speed is given according to SAE 9222 by

n

Nied,Cc = ———
Tt/ Tt ref (1.6)

1.5.2 Turbine performance map

Turbine performance map presents the turbine characteristics at different turbine
operating points. It normally includes the following measured data:

a. Turbine total-to-static pressure ratio metss, T
b. Turbine reduced mass flow rate mqq 1

c. The product of turbine isentropic total-to-static efficiency and turbocharger
mechanical efficiency nis 1. Mm
d. Turbine rotational speed parameter np, 1
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e. Guide-vane position GVP (only for a turbine with variable guide vanes).

Turbine total-to-static pressure ratio is given by

Pet
T6t8s,T = )
s " (1.7)
Turbine reduced mass flow rate is given by

- . ATat

Mreg, 7 =Mt 0
6t

(1.8)

Direct estimation of the turbine efficiency using the measured temperature at the
turbine outlet yields a highly overestimated turbine efficiency. This is mainly because
the temperature difference across the turbine results from the expansion of the
exhaust gas in the turbine as well as the high turbine heat losses. Malobabic (1989)
showed that the estimated turbine efficiency using the measured temperature at the
turbine outlet can be higher than 100%. Therefore, turbine performance maps
include the product of the turbine isentropic total-to-static efficiency and the
turbocharger mechanical efficiency. This product can be estimated from
measurements by means of defining a turbocharger overall efficiency in the form

y (Kair - 1)/Kair
Mc Cp, air Tat (nt, C - 1)

. _(Kexh - 1)/Kexh 1 .9
MT Cp exh Tot (1 - (n6t83,T) j 49

The turbocharger mechanical efficiency is given by

Nturbo =

Mm = We /Wy (1.10)

Multiplying equation (1.9) by m,, Wt /W and rearranging

Nturbo = Mis, T Mm Nis,C (1.11)
or
Nis, T NMm =ﬂturbo/ﬂis,c (1.12)

Equation (1.12) is used for the estimation of the product of the turbine total-to-static
efficiency and the turbocharger mechanical efficiency from the measured data.

The turbine rotational speed parameter is given by

n

nrsp,T =T
\/TTSt (1.13)
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1.6 Adiabatic versus non-adiabatic turbocharger performance

Adiabatic turbocharger performance takes place in the absence of heat transfer
between the components of the turbocharger and between the turbocharger and its
ambient. It is therefore evident that adiabatic turbine performance is not likely to
occur during normal operation of the turbine due to the high temperature of the
exhaust gas. Even if the surface area of the turbine was insulated, heat transfer
would take place from the turbine to the lubrication oil as well as to the compressor.
However, adiabatic turbine performance can be achieved in the laboratory by
supplying the turbine with compressed air instead of the hot exhaust gases. This type
of experiments is normally called “cold measurements”. Compressor performance
likewise is actually non-adiabatic due to heat transfer from the turbine to the
compressor. Adiabatic compressor performance can also be achieved by means of
cold measurements. It is very important in this case to keep the oil temperature lower
than the air temperature in the compressor to avoid heat transfer from the oil to the
compressor. Pucher et al. (2003a) showed that adiabatic compressor performance
can also be assumed during normal operation of the turbocharger with hot exhaust
gases at sufficiently high turbocharger rotational speed.

The complex turbocharger geometry introduces many possible heat transfer
mechanisms inside the turbocharger as well as from the turbocharger to the ambient
as shown in Figure 1-7. Heat transfer between the components of the turbocharger
as well as between the turbocharger and the ambient can be classified into:

Heat transfer from the turbine to the compressor

Heat transfer from the turbine to the oil

Heat transfer from the turbine to the ambient

Heat transfer from the turbine to the cooling water (for water cooled turbochargers)
Heat transfer from the compressor to the ambient

Heat transfer between the compressor and the oil

Heat transfer between the turbocharger and the engine block

@ 0200w

Heat transfer from the turbine to the compressor takes place by means of
conduction, convection, and radiation. However, the surface area available for
convection and radiation between the turbine and the compressor is normally smaller
than that available for conduction heat transfer. The bright compressor casing
(emissivity = 0.63) reduces radiation heat transfer from the turbine to the compressor
furthermore. Heat transfer from the turbine to the oil takes place by means of forced
convection in the clearance between shaft and bearing. This means that
turbocharger lubrication oil also works as a cooling fluid. The lubrication oil as a
cooling fluid reduces the amount of heat transfer by conduction from the turbine to
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‘ Conduction heat transfer
2> Convection heat transfer

mmmmmﬂll:» Radiation heat transfer

C———> Heat transfer to the oil

E=EmEER®> Heat transfer to the cooling water
(water cooled turbochargers)
Heat transfer between the
compressor and the oil
@ Heat transfer between the
turbocharger and the engine
block

Figure 1-7 Mechanisms of heat transfer in/from the turbocharger
the compressor.

Heat transfer from the turbine to the ambient takes place by means of radiation and
free convection. These two mechanisms are very important for the turbine heat
transfer because of the high temperature of the turbine casing. Heat transfer from the
compressor to the ambient takes place likewise by means of radiation and free
convection. Radiation heat transfer from the compressor is very small because of the
low emissivity of the bright compressor casing as well as the low temperature
difference between the compressor casing and the ambient. This applies particularly
for the small turbochargers. The low temperature difference between the compressor
casing and the ambient and the small compressor surface area also result in a small
amount of heat transfer by free convection from the compressor to the ambient.

Heat transfer to the compressor results in an increase in the total temperature at the
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compressor outlet and hence an underestimation of the isentropic compressor
efficiency according to equation (1.5). The underestimated isentropic compressor
efficiency results consequently in an overestimated turbine efficiency according to
equation (1.12). Therefore, modeling of the turbocharger non-adiabatic performance
aims at estimating the actual turbine power and compressor power by estimating the
actual compressor efficiency. Equation (1.5) can be rewritten as

-k,
Ahisc Cp.air Tt (“EKC ) _1)

ANacc ¢y ar (Tstai~T1t) +dc

Nis,c = (1.14)

It is evident that the actual compressor efficiency can be estimated by subtracting the
effect of heat transfer to the compressor from equation (1.14). Consequently, the
actual turbine efficiency can be estimated using equation (1.12).

1.7 Methods of turbocharger performance simulation

Methods of turbocharger performance simulation can be classified into mathematical
interpolation, operational similarity, mean value modeling, and CFD modeling.
Mathematical interpolation makes use of the common mathematical interpolation
methods to estimate the turbocharger operating characteristics. It is evident here that
no physical basis is considered in this method. Moreover, mathematical interpolation
cannot be used for the extrapolation of performance maps.

Operational similarity makes use of the common dimensionless groups to estimate
every operating point. In this method, the turbocharger performance maps are
presented as functions of different dimensionless groups. The most commonly used
dimensionless groups for the compressor are

1. Stage flow coefficient

o _ V1,c
stage,C ED2 J (115)
4 242
2. Impeller flow coefficient
¢ =Com /Uy (1.16)

3. Peripheral Mach number

uo

1.17
v Kair Rair Tt ( )

MU2 =
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4. Work coefficient

Co air (Tst — Tat)
p,air \ ' 5t 1t
Y= 2 (1.18)
uz

5. Compressor pressure coefficient

Apy

y=—"——
0.5p4 U3

(1.19)

The most commonly used dimensionless group with turbines is the turbine blade
speed parameter. It is defined as the ratio of peripheral speed at the turbine wheel
inlet uz to the spouting velocity c

Cs = \/2Cp,exh T6t [1 - (n6t83 )_(KEXh_D/KEXh ] (1 '20)

Operational similarity can be used efficiently for interpolating the performance maps.
However, extrapolating the compressor map with this method may result in extremely
wrong estimated compressor characteristics. This occurs particularly at low
compressor rotational speeds. This is because the peripheral Mach number tends to
zero while the stage flow coefficient and the impeller flow coefficient tend to infinity.

Mean value modeling predicts the operating characteristics by means of modeling
the flow in the compressor and the turbine along a mean streamline. It takes into
consideration both the aerodynamic losses and the slip factor of radial
turbomachines. This method can be used efficiently in the interpolation and the
extrapolation of the performance maps by choosing probable models for the slip
factor and the aerodynamic losses.

CFD codes can be used efficiently for predicting certain turbocharger operating
points. However, the very long calculation time currently makes it impossible to use
CFD codes with engine simulation programs.

1.8 Importance of the present research work

Engine simulation programs have provided a very significant tool for the development
of turbocharged engines. These programs were very simple at the early beginning in
such a way that they consider only the thermodynamic properties before and after
cylinder. With increasing the computers capabilities, they have been developed and
extended to include the simulation of the engine together with its manifolds and
turbocharger. The simulation of turbocharger performance aims at providing the
required boundary conditions for engine simulation. Most of the existing engine
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simulation models are based on performance maps provided by the manufacturer or
measured in laboratory. These maps cover only a limited turbocharger operating
range. Therefore, they cannot be used to simulate the turbocharger performance at
every engine rotational speed. A measured compressor map is limited by:

a. Surge line at low flow rate

b. Minimum measurable rotational speed nni,

c. Maximum measurable rotational speed nmax

d. Test rig resistance curve and/or compressor choking at high flow rate.

Figure 1-8 shows a schematic diagram of a compressor map with its four different
limiting boundaries.
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N curve of
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Figure 1-8 Schematic diagram of compressor map

The surge line represents the limit of the compressor stable operation. This stable
operation depends on both the compressor and its ducting; i.e. it is a system
characteristic. The minimum measurable rotational speed is governed by poor
measuring accuracy at low rotational speed. This is because compressor total
pressure ratio, temperature difference across the compressor, and compressor mass
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flow rate decrease with decreasing the rotational speed. This results in an increase in
the measuring error, and hence a poor measuring accuracy at low rotational speeds.
Maximum measurable rotational speed depends on the ability of a test rig to provide
the turbine with the power required to drive the compressor at high rotational speeds.
It is also restricted by the maximum allowable turbocharger rotational speed. Test rig
resistance curve represents the characteristics of the compressor ducting with a fully
opened throttle valve. These characteristics differ from one test rig to the other as
well as from the test rig to the engine.

Moreover, sudden engine acceleration results in a sudden increase in the amount of
air swallowed by the engine. This may result in a compressor operation with total
pressure ratio less than or equal to unity ; ¢ < 1. This means that the operation of the
compressor with an engine can extend into the fourth quadrant of the compressor
map. This quadrant is not normally covered in the available compressor maps. This is
mainly because of the zero or negative isentropic compressor efficiency normally
encountered in this quadrant (m; . < 1). The compressor operates in the fourth
quadrant of the map either as a throttle to the flow or as an abnormal turbine. The
distinction between these two compressor operating regimes depends on the
compressor torque. The compressor operates as a throttle valve when the
compressor torque is greater than or equal to zero and the compressor total pressure
ratio is less than unity n; ¢ < 1. The measured compressor efficiency under these
conditions is normally negative. Since negative compressor efficiency has no
physical meaning, the compressor under these conditions is said to operate as a
throttle valve. This means that the compressor is doing nothing other than increasing
the losses in the engine intake manifold. The compressor can also operate in the
fourth quadrant of the map as an abnormal turbine. This operating regime takes
place when the compressor torque is less than zero and the compressor total
pressure ratio is less than unity n; ¢ < 1. The air expands through the compressor
and delivers useful work to the compressor shaft. This means that the compressor
operates as a turbine but with rotational speed in the opposite direction to that of a
normal radial turbine. Therefore, the compressor is said to operate as an abnormal
turbine.

A measured compressor performance map also provides information concerning the
compressor performance only at few measured operating points. This may be
suitable for the simulation of an engine running only at constant speed and load. This
is because the turbocharger in this case operates at a single operating point.
However, engines for automotive and traction application have a wide speed and
load range. This means that the turbocharger operates at many operating points in
response to the varying engine demand. Figure 1-9 (Pucher et al. 2001) shows an
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engine operating range superimposed on a compressor performance map. The solid
lines represent the measured compressor performance map using combustion
chamber test rig. The symbols represent the compressor operation according to the
varying engine demand. It is evident in Figure 1-9 (Pucher et al. 2001) that:

a. Compressor performance is known only for very few engine operating points.

b. Many operating points have their rotational speed lower than the minimum
measured rotational speed. This occurs mainly during engine part load operation.

c. Compressor operating range can be extended down to the fourth quadrant of the
compressor map (m < 1).

d. Some operating points are located beyond the measured surge line using the
combustion chamber test rig.

e. It is also possible that the compressor operates at rotational speed higher than the
maximum measured rotational speed.
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Figure 1-9 Engine operating range during engine dynamic test superimposed on a
compressor performance map (Pucher et al. 2007)

Another significant factor in the simulation of the compressor performance is the heat
transfer between the hot turbine and the cold compressor. This heat transfer causes
an overestimation of the calculated compressor power using the measured
compressor isentropic efficiency. This is because the measured air temperature
difference across the compressor in this case results from the compressor
aerodynamic work and the amount of heat transfer from the turbine to the
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compressor. Therefore, the measured isentropic efficiency of the compressor will be
lower than the one measured if the compressor was adiabatic. This also affects the
estimated turbine efficiency according to equation (1.12) and hence the estimated
turbine power. So that the amount of heat transfer from the turbine to the compressor
should be subtracted from the estimated compressor total enthalpy difference in
order to estimate the actual compressor power and turbine power. Turbine power
and compressor power are very important for engine simulation programs. This is
mainly because they are further used in iterating calculations to estimate the
turbocharger rotational speed (Linnhoff, 1985). Therefore, inaccurate estimation of
the turbine power and/or the compressor power results in a bad estimation of the
engine boundary conditions.

Turbine performance likewise is known only at a few measured operating points.
These operating points are governed by the power required to drive the compressor
at different rotational speeds and flow rates during measurements. This means that
turbine performance maps cannot provide any information regarding the turbine
performance when the operating points are located between two measured
performance lines or outside the measured range.

The previous discussion highlights the importance of a physically meaningful
simulation of the turbocharger performance maps to enable inter- and extrapolation
of the turbocharger performance maps. This physically meaningful simulation should
also allow the estimation of the turbocharger performance at very low rotational
speeds. Furthermore, the extrapolation of the compressor map should be extended
down to compressor operation in the fourth quadrant of the map. Turbocharger
non-adiabatic behavior must also be considered to obtain accurate estimation of the
compressor power and the turbine power. This requires the investigation of the
complex heat transfer process between the components of the turbocharger as well
as between the turbocharger and the ambient.

1.9 Aim of the present research work

The present research work aims at investigating the turbocharger non-adiabatic
performance. It also aims at providing a physically meaningful method of
turbocharger performance simulation. This method takes into account both the
non-adiabatic turbocharger performance as well as the aerodynamic performance of
the compressor and the turbine respectively. It uses the measured performance
maps as basis for the interpolation and extrapolation of the turbine and the
compressor maps. The extrapolation of the compressor map aims at extending the
compressor performance prediction down to the fourth quadrant of the map.



Aim of the present research work 19

Three different turbochargers are investigated in the present research work. The first
two turbochargers are the GT1749V 55 Trim and the GT1749V 70 Trim
turbochargers from the company Honeywell Garrett. These turbochargers have a
single entry turbine with variable inlet guide vanes. They are mainly used with
turbocharged passenger car engines. The third turbocharger is a K29 turbocharger
from the company 3K Borg Warner Turbo Systems GmbH. This turbocharger has a
turbine with twin entry casing. It is mainly used with turbocharged truck and heavy
diesel engines.

Two different combustion chamber test rigs are used in the present research work.
The first one is used for the investigation of the single entry turbochargers. The
second test rig is used for the investigation of the turbocharger with twin entry
turbine. The following parameters are investigated:

a. Effect of exhaust gas temperature on the turbocharger non-adiabatic performance.

b. Effect of inlet guide vane position on the turbine performance as well as the
turbocharger non-adiabatic performance.

c. Effect of total pressure ratio between the inlet pipes of the twin entry turbine on the
turbine performance as well as the turbocharger non-adiabatic performance.

d. The performance of the GT1749V 55 Trim compressor at very low rotational
speeds as well as in the fourth quadrant of the compressor map.

e. The aerodynamic performance of micro compressors.

The compressor performance at very low rotational speeds and fourth quadrant of
the compressor map is measured by the Technical University Berlin. These
measurements are conducted in cooperation with the institute of turbomachinery IfS,
University of Hanover, in the framework of a research project for the
“Forschungsvereinigung Verbrennungskraftmaschinen FVV” (Pucher et al., 2003b).
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2.LITERATURE SURVEY

2.1 Turbocharger non-adiabatic performance

Turbocharger non-adiabatic performance results from the heat transfer between the
components of the turbocharger and between the turbocharger and its ambient.
Chapman et al. (2002) investigated the effect of heat transfer on the turbocharger
performance using a water cooled turbocharger. They found that the oil and water
cavities surrounding the rotor assembly acts as a thermal barrier to allow virtually no
heat transfer between the turbine and the compressor. Pucher and Nickel (2002)
investigated the effect of oil inlet temperature on the measured isentropic compressor
efficiency at a rotational speed of 60000 rpm using air at 295K to drive the turbine
(cold measurements). They showed that increasing the oil inlet temperature from
55°C to 85°C results in 10% decrease in the measured compressor isentropic
efficiency. However, no significant effect of oil temperature was recorded when the
inlet temperature was increased from 75°C to 85°C. They reported that this decrease
in the measured compressor isentropic efficiency is due to heat transfer from the oil
to the compressor during the cold measurements. They concluded that the measured
compressor efficiency is a function of the oil inlet temperature at low turbocharger
rotational speeds.

Malobabic et al. (1983) reported that the heat transfer to the compressor has a
negative influence on the compression process, not only with respect to the increase
of the compressor outlet temperature but also with respect to the required
mechanical power. They also reported that the turbine power is reduced due to the
heat loss to the ambient and to the compressor during the expansion process.
Therefore, the turbocharger will operate at a considerably lower speed which in turn
influences the charging process (Malobabic et al., 1983). Rautenberg and Kammer
(1984) modelled the non-adiabatic turbocharger performance by decomposing the
amount of heat transfer to the compressor into three portions. The first portion Qpefore
takes place before the impeller, the second portion Qin, takes place during the
compression process in the impeller, and the third portion Qaser takes place after the
impeller. They applied the same principle to the heat transfer from the turbine and
presented thermodynamic analysis of the non-adiabatic compression and expansion
processes. This concept will be used in Section 4.2 below.

Malobabic and Rautenberg (1987) showed that the estimated non-adiabatic turbine
efficiency using the measured turbine inlet and outlet temperatures is considerably
higher than the adiabatic turbine efficiency. They found that the non-adiabatic turbine
efficiency was greater than 100% for a wide range of operating points. They also
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showed that non-adiabatic turbine efficiency increases hyperbolically in the direction
of higher temperatures and lower mass flow rates. They concluded that non-adiabatic
turbine efficiency is not a measure of the aerodynamic quality and/or the mechanical
power output of the turbine. Hagelstein et al. (2002) reported that the nature of heat
flow in the turbocharger is extremely complex and the solution by a real, significant
infinitesimal calculation (CFD) is almost impossible. They simplified the heat model of
Rautenberg and Kammer (1984) and decomposed the amount of heat transfer to the
compressor into two portions only. The first portion Querore takes place before the
compressor impeller, while the second portion Qater takes place after the compressor.
They considered the compression process in the impeller to be adiabatic. Hagelstein
et al. (2002) also presented thermodynamic analysis of the non-adiabatic compressor
performance using the modified model of Rautenberg and Kammer (1984).

Baar and Lucking (2002) presented thermodynamic analysis of the turbocharger non-
adiabatic performance by applying heat balance to the turbocharger. Bohn et al.
(2003a, 2003b, 2003c) performed 3D conjugate calculation for a passenger car
turbocharger. They developed a complex 3D model that includes the compressor, the
oil cooled bearing housing, and the turbine.

Chapman et al. (2002) investigated the effect of heat transfer on the turbine and the
compressor efficiencies of a water cooled turbocharger both numerically and
experimentally. They estimated the amount of heat transfer inside/from the
turbocharger by applying heat balance to the turbocharger using the experimental
data. The amount of heat transfer was also estimated by the CFD code during the
numerical investigation. The CFD code provides polynomial expressions for
estimating the amount of heat transfer in the turbine and the compressor at each
operating point. Chapman et al. (2002) applied these polynomial expressions to
correct both the turbine and the compressor efficiencies. They showed that heat
transfer rates into and out of the turbocharger significantly affect the turbocharger
efficiency.

2.2 Turbocharger performance simulation

Turbocharger performance simulation aims at predicting the turbocharger operating
characteristics at every engine operating point. It implies the simulation of both the
compressor performance map and the turbine performance map.

2.21 Compressor performance simulation

Many different models have been presented for the simulation of compressor
performance. Most of these models are based on the measured compressor
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performance maps. Zinner (1980, 1961) presented diagrams for the estimation of
turbocharger operating points. These diagrams are based on energy balance of the
turbocharger and continuity. Kurzke (1996) discussed the extrapolation of
compressor maps towards very low rotational speed. He also discussed the problems
of reading the compressor maps by the simulation programs due to the shape of the
performance lines at the choking and the surge limits. He showed that a compressor
map in the standard form cannot be directly used in performance calculations.
Therefore, he presented a method to allow the reading of compressor maps
independently of the shape of the performance lines. Werner (2001) presented a
method for predicting the compressor performance using the performance maps.
Chesse et al. (2000) applied a mathematical model for the estimation of compressor
operating points. They estimated the mass flow rate and the isentropic efficiency
using two dimensional interpolation of the compressor map in matrix form. They
calculated the compressor power for operating points beyond the surge line of the
manufacturer performance map using the simplified equation

WC :KC n2 (21)

They reported that the factor K¢ is specific to the compressor being used.

Kouremenos et al. (1994) simulated the compressor performance using the method
of operational similarity. They assumed the compressor to be adiabatic. They
presented polynomial equations for the compressor efficiency and the normalized
isentropic total enthalpy difference as functions of the flow coefficient. The
coefficients of these polynomial equations were estimated from the measured
compressor map using the least squares method. Kouremenos et al. (1994) reported
that this method can predict the turbocharger operation at any point from 50% up to
100% of load reliably. Willems and Jager (2000) approximated the compressor
pressure coefficient by a cubic polynomial in the stage flow coefficient. The unknown
parameters in this cubic polynomial were also estimated from the measured
compressor map. The same approach was also used by Hild et al. (1998) to simulate
the compressor performance. Staudacher et al. (2003) compared the extrapolation
using the conventional compressor map parameters with that using dimensionless
parameters. They showed that the latter with high quality initial data represents the
most accurate solution. They also reported that the extrapolation using conventional
map parameters is only possible if values of pressure ratio and reduced mass flow
rate of the rotational speed line n=0 are known.

Many authors have used mean value modeling for the simulation of compressor
performance. Aungier (2000, 1995) presented aerodynamic performance prediction
models for centrifugal compressors. These models make use of empirical
correlations for the aerodynamic losses and the impeller slip factor. Mueller et al.
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(1998) presented mean value modeling for the turbocharger compressor assuming
the compressor to be adiabatic. Mean value modeling of compressor performance
was also used by Kolmanovsky and Stefanopoulou (2000).

Miersch et al. (2000) modelled the compressor as a simple throttle valve in order to
estimate the compressor flow rate as a function of the compressor static pressure
ratio. They performed a coordinate transformation in order to enable the estimation of
the pressure ratio at part load as well as in the fourth quadrant of the compressor
map. Storset et al. (2000) modelled the flow through the compressor by means of
compressor mass flow parameter. This parameter depends on compressor static
pressure ratio and rotational speed. They considered the compressor efficiency to be
constant at steady state engine operation. Fiaschi et al. (2001) presented and
analyzed five different functions representing the polytropic efficiency versus the
stage flow coefficient. These functions are based on physically meaningful models
and include terms for friction losses, incidence effect, choking flow limit, disk friction,
and leakage losses.

Swain (1990), Swain and Connor (1992), Came et al. (1996), and Swain and Meese
(1998) presented simplified models for predicting centrifugal compressor
performance. The impeller efficiency in these models was considered to be function
of the peak impeller efficiency, flow rate at peak impeller efficiency, flow rate, and
choking flow rate. Gravdahl et al. (2002) modelled the compression process as an
isentropic compression from the total pressure and the total temperature at the
compressor inlet to the total pressure at the compressor outlet. This isentropic
compression is followed by an isobaric entropy increase. They considered this
entropy increase to be due to shock loss, and fluid friction loss.

Most of the information available for the performance in the fourth quadrant of the
performance map concerns pumps (Senoo and Yamaguchi, 1986, Engeda, 1987;
Martin, 1983; Martin, 2000) or axial flow compressors (Riegler et al., 2000). Very little
data is available for the radial flow compressors.

2.2.2 Turbine performance simulation

Zinner (1980, 1961), and Bulaty (1974) estimated the turbine flow rate by modeling
the turbine as an isentropic nozzle with an effective flow area A¢ T and a discharge
coefficient Cq 1

- Pet
mt =Cy41 A —0
T =Ld,T Aeff, T ,—RethGt T (2.2)

The turbine flow function ®t in equation (2.2) is given by
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Values of the discharge coefficient and the effective flow area can be estimated from
the measured turbine performance map. Kolmanovsky et al. (1999) corrected the
turbine flow function by inserting additional functions of the guide-vane position. They
also presented the turbine effective flow area as a polynomial function of guide-vane
position. Rodgers (2003) reported that the attainable efficiency of radial turbines is
dominated by the turbine blade speed parameter, turbine exit flow coefficient cgm/uz,
and turbine specific speed. He also reported that extensive experimental results and
analysis for a wide variety of radial turbine designs confirm the dominance of the
turbine blade speed parameter on the radial turbine efficiency. Therefore, turbine
blade speed parameter is the most commonly used parameter for describing the
turbine efficiency.

Bulaty (1974) applied a polynomial function for the ratio of turbine efficiency to
maximum turbine efficiency in terms of the ratio of turbine blade speed parameter to
turbine blade speed parameter at maximum efficiency. Malobabic and Rautenberg
(1985) presented an equation for estimating the turbine efficiency as a function of the
turbine blade speed parameter and the turbine diameter ratio. They obtained this
equation by assuming inlet flow without incidence and outlet flow without swirl at the
turbine design point. Kolmanovsky et al. (1999) presented the turbine efficiency as a
polynomial function of the turbine blade speed parameter and the guide-vane
position. They obtained the coefficients of this polynomial by fitting the experimental
data. The same approach was also used by Hild et al. (1998).

Mean value modeling of turbine performance using empirical loss correlations was
applied by Chen and Winterbone (1990) and Baines (1998). Balje (1981) presented
detailed performance analysis of radial inward flow turbines.

Ghasemi et al. (2002) presented models for predicting the performance of twin entry
turbines under steady state and partial admission operating conditions.

2.3 Aerodynamic losses

Aerodynamic losses in turbomachines can be classified into volute losses, diffuser
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losses for compressors or stator losses for turbines, and rotor losses. Rotor losses in
turn can be classified into incidence, friction, passage, disk friction, tip clearance,
secondary flow, blade loading, and diffusion loss. Additional shock losses take place
when the fluid Mach number exceeds unity.

Aerodynamic losses of radial turbomachines were reviewed by Logan (2003), and
Whitfield and Baines (1990). Denton (1993) discussed the origins and effects of
losses in turbomachines. He presented models for estimating viscous effects in
boundary layers, viscous effects in mixing processes, shock waves, tip clearance
loss, and miscellaneous losses. Japikse (1996), and Aungier (2000, 1995) presented
correlations for predicting the aerodynamic losses of centrifugal compressors.

Incidence losses take place at the rotor inlet due to mismatch between the flow angle
and the blade angle. The historical incidence loss model considers this loss to be
proportional to the kinetic energy based on normal component of the relative velocity
at the rotor inlet (Whitfield and Baines, 1990). Japikse (2000) reported that this model
appears to work sensibly for an important part of the impeller loss process. However,
a single preferred value for the optimum incidence angle varies substantially
(Japikse, 2000). The optimum incidence angle is the flow angle by which the
incidence loss is zero. Whitfield and Baines (1990) obtained an expression for the
optimum incidence angle by applying the steady incompressible continuity equation
to the flow at the rotor inlet. Other incidence loss correlations are also presented by
Aungier (2000, 1995), and Gravdahl et al. (2002).

Rodgers (1991) derived a simple correlation for the centrifugal compressor efficiency
decrement due to inducer shroud relative Mach number greater than unity. He also
presented correlation for predicting the effect of changing the Reynolds number on
centrifugal compressor efficiency. Lohmberg et al. (2001) presented a model for
estimating shock losses in a high pressure ratio turbocharger. This model was
obtained by applying simplifying assumptions such that the flow at the impeller inlet
can be approximated with that across normal shock waves.

Impeller friction loss is mostly modelled with an equivalent pipe flow model (Rodgers,
2000; Whitfield and Baines, 1990). Rodgers (2000) treated the impeller passage as
curved pipe bend and presented correlations for estimating friction, secondary flow,
windage, and shock losses. Ludtke (1999, 1989) presented correlations for
estimating the friction power loss of centrifugal compressors as well as disk friction
loss.

Zangeneh et al. (1998) reported that numerical prediction of pump impellers showed
a good correlation between the intensity of secondary flows and the gradient of the
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static pressure coefficient on the suction surface of the impeller.

Senoo and Ishida (1987, 1986) reported that the tip clearance causes change of the
input power and increase in the pressure loss. They presented expressions for
estimating the effect of tip clearance and blade loading on compressor performance.
Expressions for predicting the effect of blade loading and tip clearance were also
presented by Aungier (2000, 1995) and Denton (1993).

Stanitz (1952a) developed an analysis method for predicting the performance of
vaneless diffusers. He assumed one dimensional compressible flow with friction, heat
transfer, and area change in vaneless diffusers. Traupel (1977, 1962) presented a
model for predicting the performance of vaneless diffusers assuming one
dimensional compressible flow and uniform velocity distribution at the diffuser inlet.
This model is based on the solution of conservation equations of the flow in vaneless
diffusers. He considered the losses in vaneless diffusers to be due to friction and
energy dissipation. He also reported that the friction coefficient can be calculated
using pipe flow models while the dissipation coefficient can be calculated using the
relation

Cgis =Cs +0.0015 (25)

Japikse (1984) presented detailed analyses of design technology and performance
prediction of diffusers. Rodgers (1984) analyzed the performance of vaneless parallel
wall diffusers. He showed that vaneless diffuser losses at peripheral Mach numbers
less than 1.2 and optimum or lower specific speeds are essentially due to internal
friction. He also presented a correlation for estimating the loss coefficient of a parallel
wall vaneless diffuser as a function of friction coefficient, width to diameter ratio,
diffuser diameter ratio, and absolute flow angle at the impeller outlet. Heyes (1998)
reported that the impeller outlet flow has a strong influence on the diffuser
performance. He also reported that a good diffuser recovery can be obtained if the
impeller outlet flow is uniform in its flow velocity and direction. Dou and Mizuki (1998)
analyzed the flow in parallel wall vaneless diffusers with large width to radius ratio
using 3D boundary layer theory. Based on experimental observations of Sideris and
Van den Braembussche (1987), Van den Braembussche (1990) assumed the swirl
velocity at the impeller outlet to be constant along the impeller circumference. Meese
and Swain (2001) conducted experimental analysis and analytical investigation for
the vaneless diffusers of two automotive turbochargers. They measured the static
pressure distribution at the diffuser inlet and outlet and assumed one dimensional
flow. They applied the loss coefficient of Rodgers (1984) to predict the vaneless
diffuser losses. They also derived an expression for the length of the flow path from
diffuser inlet to outlet assuming free vortex flow. Analysis of vaneless diffuser
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performance using the measured static pressure distribution at the diffuser inlet and
outlet was also presented by Rautenberg et al. (1998, 1974) for symmetric vaneless
diffusers, and Seume et al. (2003) for asymmetric vaneless diffusers.

Hagelstein et al. (2000) presented experimental and numerical investigations for an
external volute of rectangular cross section. They showed that the volute losses at
high mass flow rate are about twice the value at the design point. Sideris and Van
den Braembussche (1986) reported that the volute acts like a diffuser at smaller
mass flow rates and this results in a static pressure rise between volute inlet and
outlet. At higher mass flow rates, the volute is too small and the flow accelerates
resulting in a decreasing static pressure from volute inlet to outlet (Sideris and Van
den Braembussche 1986). Van den Braembussche (1990), Van den Braembussche
et al. (1999), Rautenberg et al. (1998), and Seume et al. (2003) presented models for
the analysis and prediction of the flow in centrifugal compressor volutes. These
models take into account the vortical structure of the flow which has been observed
during 3D flow measurements.

2.4 Slip factor

The slip factor accounts for the reduction in the anticipated swirl velocity at the
impeller outlet due to imperfect guidance of the flow by the blades. Figure 2-1 shows
the difference between the actual and the ideal velocity triangles at the impeller
outlet. The ideal velocity triangle at the impeller outlet is achieved only by perfectly
guiding the flow through the impeller. The relative flow angle at the impeller outlet
coincides with the blade angle at the impeller outlet in this case. This velocity triangle
is called ideal because the actual relative flow angle at the impeller outlet is always

»
»|

Figure 2-1 Comparison between the ideal and the actual velocity triangle at the
impeller outlet
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lower than the blade angle due to imperfect guidance of the flow. The two angles will
coincide with each other only with the application of infinite number of blades.
However, the blade number cannot exceed a certain optimum number (Rodgers,
2000). Therefore, deviation of the actual relative flow angle from the blade angle
takes always place at the impeller outlet. This deviation results in reduction of the
actual swirl velocity. Therefore, a slip velocity always exists at the impeller outlet. The
slip velocity is defined as the difference between the ideal swirl velocity and the
actual swirl velocity at the impeller outlet

Cslip =C2ub —C2u (2.6)

The slip factor of a centrifugal compressor is defined as the ratio of the actual swirl
velocity at the impeller outlet to the ideal swirl velocity

Coy _1_ Cslip

h= P
Cau,b Cau,b (2.7)
The ideal swirl velocity is given by
Com

C =Uy —

2ub =42 = Bo (2.8)
The meridional velocity at the impeller outlet is given by
Com =M/(p2 A2) (2.9)

Many factors affect the flow guidance, and hence the slip factor. Wiesner (1967)
considered the slip factor to be a function of blade number, blade angle at the
impeller outlet, and the impeller diameter ratio. Balje (1981) reported that the
assumption of Wiesner (1967) appears to be a highly simplifying assumption in view
of the complex flow mechanism within and behind the impeller. Balje (1981) and
Ziegler et al. (2002) reported that the slip factor is influenced by the downstream
conditions for vaneless or vaned diffusers. Eckardt (1980) showed that the blade
shape also affects the slip factor. He concluded that additional consideration of the
impeller blade shape will be mandatory for more accurate slip correlations.
Balje (1981), Harada (1988), Oh and Oh (2000), and Oh (2001) reported that the slip
factor is also influenced by the blade loading.

Several efforts have been made to obtain accurate estimation of the slip factor under
different geometrical and operating conditions. As early as 1927, Stodola (1945)
derived an expression for the estimation of the slip velocity in the form

U,y sin BZb

- (2.10)

Cslip =

Busemann (1928) analyzed the flow in impellers with logarithmic blades to obtain a
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somewhat more accurate model for the slip factor. He presented a model that
requires a family of curves for the estimation of the slip factor. Stanitz (1952b)
presented theoretical analysis of radially bladed impellers using finite difference
method. He showed that the slip factor for radially bladed impellers can be presented

by

(2.11)

Whitfield and Baines (1990) reported that Stanitz correlation was an exact solution
and was not applied to conditions beyond those of the theoretical analysis.
Wiesner (1967) approximated successfully the Busemann slip factor by a simple
empirical equation. He compared the slip factor with the test data of more than 60
impellers at the best efficiency point and obtained the simple empirical correlation

1 \SinBoy,

u — Q7 2.12
07 (2.12)

He also presented a correction procedure for diameter ratios larger than a limiting
diameter ratio ¢Lin, in the form

. 3
uz[1——V SZ'E_EZD}P(—SSL‘mj ] (2.13)

1= &lim
where
éLim = €Xp(-8.16sin By, /2) (2.14)
and
e=D4/D, (2.15)

Based on the results of Busemann (1928), Aungier (2000, 1995) presented a more
accurate approximation to the limiting diameter ratio in the form

*

H—p
€Lim =
Lim 1_ M* (2-16)
where
u* =sin(19°+0.2B4,) (2.17)

A corrected slip factor for € > gi, was given by Aungier (2000, 1995) in the form

Heor = M 1_(Jj

1—€Lim

(2.18)
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Theoretical correlations for estimating the slip factor were also presented by
Harada (1988), Oh and Oh (2000), and Oh (2001).
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3. TEST-RIG AND ERROR ANALYSIS

3.1 Introduction

Two test rigs are used in the present research work. The first one is used for the
performance investigation of turbochargers with single entry turbines. The second
one is used for turbochargers with twin entry turbines. Each test rig uses a
combustion chamber for the production of exhaust gas at high temperature “hot
measurements”. This means that the performance of the turbocharger during
measurements is quasi stationary. “Cold measurements” can also be performed on
both test rigs. In this case the combustion chamber is switched off and compressed
air is used to drive the turbine. Cold measurements are very important for the
investigation of the turbocharger adiabatic performance, while hot measurements are
very important for the investigation of the turbocharger non-adiabatic performance.
Hot measurements are also important for the performance investigation at high
turbocharger rotational speeds. This is mainly because the fluid power supplied to
the turbine during cold measurements is normally insufficient to drive the
turbocharger at high rotational speeds.

The first test rig has a combustion chamber with a lower capacity compared to that of
the second one. Therefore, it cannot be used for investigating truck- and racing car
turbochargers. This is mainly because the fluid power required to drive these
turbochargers is normally higher than the capacity of the small combustion chamber
test rig.

3.2 Small combustion chamber test rig

3.2.1 Design of the small combustion chamber test rig

Small combustion chamber test rig is used for investigating passenger car
turbochargers with single entry turbines. Figure 3-1 shows the lay-out of this test rig.
A main valve controls the flow rate of the air supplied to the test rig. The supplied air
is divided into combustion air and by-pass air. The combustion air mixes with the fuel
in the combustion chamber to form a fuel-air mixture. This mixture is burnt in the
combustion chamber using a spark plug. By-pass air mixes with the hot exhaust
gases at the rear part of the combustion chamber to control the exhaust gas
temperature. A combustion chamber by-pass valve controls the amount of by-pass
air. Opening the combustion chamber by-pass valve increases the amount of by-
pass air and hence reduces the exhaust gas temperature.
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Figure 3-1 Isometric view and layout of the small combustion chamber test rig
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Fuel is supplied to the combustion chamber by means of a rotary pump which
delivers fuel at 25 bar. Fuel injection pressure and mass flow rate are regulated using
a drum with fuel controller to achieve stoichiometric combustion during
measurements. A diaphragm separates the drum into two sides. Each side receives
a static pressure signal from the combustion chamber. This imposes a pressure
difference between the two sides of the diaphragm. The pressure difference causes
the diaphragm to deform. A rod contacting the diaphragm at the centre point is used
to transport the diaphragm deformation into a small throttle valve. Thereby, fuel
injection pressure and flow rate are proportional to the pressure difference of the
combustion chamber. The maximum allowable injection pressure is controlled with an
electronic controller. This controller sends a control signal to switch the combustion
chamber off if the injection pressure exceeds the maximum allowable injection
pressure. The maximum allowable injection pressure of the small combustion
chamber is adjusted at 22 bar. The combustion chamber is also provided with a
flame stability sensor. This sensor detects the fluctuations in the flame temperature
based on the radiation properties of the flame. It also sends a control signal to switch
the combustion chamber off if the temperature fluctuations exceed some limiting
value. A glass window is also used to observe the flame quality.

A by-pass valve located after the combustion chamber is used to control the turbine
operation. It is similar in principle to the by-pass control of turbochargers. The by-
pass valve opens to reduce the flow rate of the exhaust gas through the turbine. This
reduces the turbocharger rotational speed.

A flexible pipe joint is used to reduce the effect of pipe thermal expansion on the
measured turbocharger. It is compressed or expanded to maintain the distance
between the combustion chamber and the turbocharger almost constant during
measurements. The combustion chamber and the hot pipes are thermally insulated.

Two throttle valves are used to control the compressor operating points. The larger
one is normally used in the operating range extending from the choking limit to
shortly before the surge limit. The smaller one is used at surge point to achieve
accurate estimation of the surge point.

A rotary pump is used to pump the oil into the turbocharger bearing. The oil is stored
in oil tank and heated in the tank, if necessary, by means of electrical heater. A
counter flow heat exchanger is used to maintain the oil inlet temperature within
15 °C. The oil pipe line can be adjusted using set of valves to allow the oil to by-pass
the heat exchanger and flows directly into the bearing. Oil filter is used to clarify the
oil before entering the bearing housing.
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3.2.2 Instrumentation

Figure 3-2 shows a schematic of the small combustion chamber test rig together with
its measuring points. Two venturimeters are used for estimating the turbine and the
compressor mass flow rate. Static pressure measurements are carried out using four
static pressure taps of 0.5 mm diameter at each measuring location. These taps are
uniformly distributed around the pipe circumference. Total pressure probes and total
temperature probes are used to measure the total pressure and the total
temperature, respectively. Total temperature probes have Ni-CrNi-thermocouples
(K-type) and use ice as a reference point for the temperature measurements.
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Figure 3-2 Schematic of the small combustion chamber test rig

Pressure transducers with different measuring ranges are used to sense the
pressure signals and convert them into electrical signals. Depending on the level of
the measured pressure, transducers with measuring ranges of 0---0.350 bar and 0---2
bar are used with the small combustion chamber test rig. Turbocharger rotational
speed is measured with an eddy current sensor with a maximum linearity of £0.2% of
the full scale reading (800 rpm). Oil volume flow rate is measured with a turbine
flow-meter with a linearity of £0.15% - £1% of the measuring range.

Static pressure and total temperature are measured at the compressor inlet. These
measurements together with the mass flow rate enable the estimation of total
pressure at the compressor inlet. Static pressure, total pressure, and total
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temperature are measured at the compressor outlet. Total pressure at the
compressor outlet is also estimated from the measured static pressure, total
temperature, and mass-flow rate. The estimated value is compared with the
measured one to assure the accuracy of measurements. Total temperature and static
pressure are measured at the venturimeter inlet to estimate the fluid density.
Pressure difference across the venturimeter is measured to estimate the mass flow
rate. Static pressure, total pressure, and total temperature are measured at the
turbine inlet while static pressure and total temperature are measured at the turbine
outlet.

A data-acquisition system is used to collect the measured data and send them to a
computer. A computer program, written in HP VEE visual programming language, is
used to collect and present the measured data during the experiment.

3.3 Large combustion chamber test rig

3.3.1 Design of the large combustion chamber test rig

Large combustion chamber test rig is used mainly for the investigation of
turbochargers with twin entry turbines. It is also used for investigating turbochargers
with fluid power demand higher than the capacity of the small combustion chamber
test rig. Figure 3-3 shows the construction of the large combustion chamber test rig.
The principle of this test rig is very similar to that of the small combustion chamber
test rig. However, an injection pump is used to feed the combustion chamber with the
required fuel. Injection pressure of the large combustion chamber ranges from 50 to
200 bar. Fuel flow rate and injection pressure are varied by varying the stroke length
of the injection pump. Two pipes are feeding the twin entry turbine. Each pipe has a
valve to control the flow rate and the total pressure through the pipe. The two valves
are used together to adjust the total pressure ratio between the two pipes. By this
means, twin entry turbine performance under partial admission conditions can be
investigated. A compact oil system with integrated heating system is used to feed the
turbocharger with oil.

3.3.2 Instrumentation

Figure 3-4 shows a schematic diagram of the large combustion chamber test rig with
its measuring points. The instrumentation of this test rig is also very similar to that of
the small combustion chamber test rig. However, a nozzle flow meter is located at
the suction side of the compressor to estimate the compressor flow rate. An inductive
sensor with a magnetic nut attached to the shaft is used to measure the turbocharger
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rotational speed.

3.4 Test turbochargers

Three turbochargers are investigated in the present research work. Two of them
have a single entry turbine with adjustable guide vanes. These turbochargers are the
GT1749V 55 Trim turbocharger and the GT1749V 70 Trim turbocharger by
Honeywell Garrett. The turbocharger trim is defined on the basis of the compressor
impeller area ratio

A,
Tr|m:A—1’100 (31)

The third turbocharger has a twin entry turbine without guide vanes. This
turbocharger is the K29 turbocharger of the company Borger Warner Turbo Systems
GmbH. The GT1749V 55 Trim and the K29 turbochargers are used mainly in the
investigation of the turbocharger non-adiabatic performance. Figure 3-5 shows an
overview of these turbochargers while Table A-1 shows the main dimensions of the
three turbochargers investigated. The main dimensions of the GT1749V 55 Trim
turbocharger and the GT1749V 70 Trim turbocharger are very similar.

a. GT1749V b. K29

Figure 3-5 Overview of the GT1749V 55 Trim and the K29 turbochargers

The GT1749V 70 Trim turbocharger is used mainly for the investigation of the
aerodynamic losses and the slip factor of micro compressors. Therefore, additional
static pressure taps are located in the back side of the vaneless diffuser at diameter
ratio A=1.26 and 1.6, where
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A =D/D, (3.2)
Each measuring location has 8 static pressure taps with 0.5 mm inner diameter.
These taps are uniformly distributed around the circumference of the vaneless

diffuser. Figure 3-6 shows the locations of the static pressure taps in the vaneless
diffuser of the GT1749V 70 Trim compressor.

90°
0° 180°
270°
% =1.26 A =16
2 =1 % =1.67

(Impeller outlet) (Diffuser outlet)

270°
Figure 3-6 Locations of static pressure taps in the vaneless diffuser of the
GT1749V 70 Trim turbocharger

The manufacturing of these taps was very difficult because of the complex and small
geometry of the turbocharger. This applies especially to the static pressure taps at
diameter ratio 1.26. Locating these taps in the front side of the compressor was not
possible because of the volute casing. It was also very difficult to locate these taps in
the back side of the vaneless diffuser because of the bearing housing. Therefore, a
5-axis milling machine was used to create grooves in the back side of the diffuser
wall. These grooves are extended from the required measuring location to another
location where enough space is available. It was also not possible to locate the static
pressure taps at a diameter ratio less than 1.26. This is because the diffuser wall is
not thick enough to accommodate the grooves. Static pressure tubes with 0.5 mm
inner diameter are located in these grooves and later covered with epoxy filled with
aluminum oxide Al;O3 which can withstand a maximum temperature of 250°C.
Figure 3-7 shows the GT1749V 70 Trim turbocharger with the static pressure taps in
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the back side of the vaneless diffuser. The pressure taps were checked after
manufacturing and it was found that the taps at 180° are blocked. It was not possible
to repair these taps or even to create new taps because of the very limited available
space.

Figure 3-7 GT1749V 70 Trim turbocharger with static pressure tapes at diameter
ratio 1.26 and 1.6

3.5 Experimental error analysis

Experimental error analysis aims at estimating the maximum probable error
associated with the measurements. It is presented in the present research work on
the basis of the differential method for the propagation of errors (Beckwith, 1982).
This method is based on Taylor’'s theorem and presents the maximum probable error
of a function f(x4, X2, ..., Xp) in the form

2 2 2
of = 8x11 + SXZi et 8Xni (3.3)
0X4 0Xo OXnp,
where
Xi nominal values of variables

OXi discrete errors
of overall error.
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Equation (3.3) is used for the estimation of the maximum probable measuring error.
Figure A-1 to Figure A-8 present the estimated error of the measured compressor
and turbine maps of the GT1749V 55 Trim and the K29 turbochargers. The maximum
probable errors of the measured maps are satisfactory. However, the maximum
probable error of the compressor efficiency at neq c= 60000 rpm for the
GT1749V 55 Trim turbocharger and neq ¢ = 40000 rpm for K29 turbocharger is quite
high. This is mainly because of the low temperature difference and pressure ratio
across the compressor at low rotational speeds. The high probable error of the
compressor efficiency results in a higher probable error in the estimated product of
the turbine efficiency and the mechanical efficiency. This is mainly because this
product is estimated from the turbocharger efficiency and the compressor efficiency,
equation (1.12). Therefore, the probable error of the estimated product of the turbine
efficiency and the mechanical efficiency is always higher than that of the compressor
efficiency.
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4. PARAMETER STUDY OF THE TURBOCHARGER NON-ADIABATIC
PERFORMANCE

4.1 Introduction

Turbocharger non-adiabatic performance takes place during normal operation of the
turbocharger due to the high temperature gradient between the hot turbine and the
ambient as well as between the turbine and the compressor. The temperature
gradient causes heat transfer between the components of the turbocharger as well
as between the turbocharger and the ambient. The amount of heat transfer between
the components of the turbocharger causes a deviation of the measured
turbocharger performance from the actual performance.

The complex turbocharger geometry introduces many geometrical and operating
parameters that affect the turbocharger non-adiabatic performance. The purpose of
the present parameter study is to analyse the turbocharger non-adiabatic
performance and define the parameters affecting this performance. It also helps to
understand and estimate the effect of each parameter on the turbocharger
performance.

4.2 Modeling of turbocharger non-adiabatic performance

The complex turbocharger geometry results in very complex heat transfer
mechanisms inside the turbocharger. First, heat is transferred by conduction from the
turbine casing to the bearing housing. The lubrication oil removes part of this
conduction heat transfer and hence reduces the amount of heat transfer from the
bearing housing to the compressor. This means that the lubrication oil also acts as a
cooling fluid. The amount of heat transfer from the bearing housing to the
compressor causes deviation of the measured compressor efficiency from the actual
compressor efficiency because the measured total temperature difference across the
compressor in this case results from the compressor aerodynamic work and the
amount of heat transfer to the compressor. Therefore, the measured compressor
efficiency under non-adiabatic operating conditions is lower than the actual
compressor efficiency. This underestimated compressor efficiency causes an
overestimation of the product of the turbine total-to-static efficiency and the
mechanical efficiency according to equation (1.12). The deviation of the measured
compressor efficiency from the actual one can be analysed with the help of
Figure 4-1. This figure shows a schematic h-s diagram for the compression process
in an adiabatic and a non-adiabatic compressor. In the absence of heat transfer to
the compressor, the compression process would follow the path 1-5,4.. The true total
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temperature at the compressor outlet is therefore higher than the adiabatic total
temperature due to the amount of heat transfer to the compressor. The effect of heat
transfer to the compressor on the compressor performance is modelled by assuming
the compression process through the impeller to be adiabatic (Hagelstein et al.,
2002). The amount of heat transfer to the compressor is divided into two fractions.
The first fraction of heat transfer takes place at constant pressure before the impeller
inlet. This amount of heat transfer causes the total temperature to increase from T
to T4¢. The air is then compressed adiabatically in the impeller and this causes the
total temperature at the impeller outlet to increase to Ts;aqi~. The second fraction of
heat transfer takes place at constant pressure after the impeller. This fraction causes
the total temperature to increase from Ts; aqi* t0 Tst.

A
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& &/
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© © 02 ‘ /
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] vy >
y T‘|t* q C,before
P T1t
Entropy s

Figure 4-1 Schematic h-s diagram of the compression process in an adiabatic and a
non-adiabatic compressor

The application of this model introduces three different expressions for the
compressor efficiency. These three definitions allow the description of the
compressor non-adiabatic performance. The first expression for the compressor
efficiency is called the adiabatic compressor efficiency. This is the compressor
efficiency in the absence of heat transfer to the compressor

Ahis,C _ Ahis,C*
Ahggic  Ahggice

NadiC = (4.1)

where
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K —1
Ahisc = Cp,airT1’t nt,éair -1 (4.2)
Ahggic = Cp air (Tst aci — Trt) (4.3)
Kair_‘I
Ahis.c* = Cp air T1t* nt,éa" -1 4.4)
Ahggicr = Cp,air(TSt,adi* - T1t*) (4.5)

The second expression for the compressor efficiency is called the compressor
non-adiabatic or diabatic efficiency ngia,c. This is the measured compressor efficiency
under non-adiabatic operating conditions

Ny _ Ahis,C

dia,C Ahdia,C (4-6)
where
ANgia.c = Cp,air (Tst = Tat) 4.7)

The third expression for the compressor efficiency is called the compressor heat
efficiency. This expression is used to define the actual compressor work under
non-adiabatic operating conditions

Ahis c

Nheat,C = (4.8)

Ahggic

The denominator of equation (4.8) represents the actual compressor aerodynamic
work under non-adiabatic operating conditions.

The same model can be applied to the expansion process through the turbine as
shown in Figure A-9.

4.3 Effect of heat transfer on the compressor and the turbine aerodynamic
work

Heat transfer between the components of the turbocharger as well as between the
turbocharger and the ambient can affect the aerodynamic work of the compressor
and the turbine. This causes the heat efficiency of both the turbine and the
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compressor to be less than the adiabatic one. The actual compressor aerodynamic
work can be presented from equation (4.1) as

Ahggic+ :AhiS,C*/nadi,C (4.9)

Substituting equation (4.9) in equation (4.8)

et o = —— 80 4.10
tC = :

S Ahig ot /Madic (4.10)
Rearranging equation (4.10)

Nheat,C _ Ahis ¢ _ Tyt

Nagic  AMiscr T @1

The total temperature at the impeller inlet under non-adiabatic operating conditions is
given by

Tipx = Tyt + Ac pefore /Cp,air (4.12)

The specific amount of heat transfer to the compressor before the impeller is given
by

dc,before = QC,before /mC (4.13)

The specific amount of heat transfer to the compressor before the impeller
represents a fraction K¢ pefore Of the total specific heat transfer to the compressor

dc,before = K¢ pefore dc (4.14)

Therefore, equation (4.12) can be rewritten as

Tyt = Tit + K pefore CIC/Cp,air (4.15)
Substituting equation (4.15) in equation (4.11) and rearranging

Nheat,C Tot 1

Nadic Tyt +Kcpetore Ac/Cpair - 1+Kc pefore Snc (4.16)

The compressor heat number (y ¢ is defined as
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dc
Cp,airT1t

Che = (4.17)

Equation (4.16) shows that the amount of heat transfer to the compressor causes an
increase in the compressor aerodynamic work and hence in the compressor power
demand. This increase in the compressor power demand under non-adiabatic
conditions also depends on the distribution of the heat transfer. Figure 4-2 shows the
ratio of the compressor heat efficiency to the compressor adiabatic efficiency as a
function of the compressor heat number and the fraction of heat transfer before the
impeller. The compressor heat efficiency equals the compressor adiabatic efficiency
at zero heat number and/or heat transfer to the compressor only after the impeller
(Kcpefore = 0). This is because zero compressor heat number means adiabatic
compression in the compressor and zero heat transfer before the impeller means
adiabatic compression in the impeller. Therefore, heat transfer to the diffuser and the
volute of the compressor do not affect the compressor power demand.

o 1.01

e -
2 £ 1.00de=—
o 2 1 ST ---
c 8 0.994 NS el T T — -
Q = 1 NS T~ T T e -
o s\ \~ \\\\\\\\\
E 5\ 0.98 4 T
® g A ~aL 0 Tt~
= & 0.97- e e T
®© 5 i S ~.. T~
O = ~ ~. e
c £ 0.964 ~. S Tl
. O J AN ~o. TS~
O ) s\ \~\ ~.
» = 0.954 . .
3 © 4] Compressor heat number ¢ 1 ™ ~o
- - . . ’ N ~.
o % 0.9 ] 0 (adiabatic compressor) T S~
ES® 093]----0.025 S "~
o = 1 T o
5 % 0924 - 0.050 ..
o090 0.91 _' ----- 0.075 <
§ g— R 0.100

8 0-90 T T T T T T T T T T T T T T T T T T T

00 01 02 03 04 05 06 07 08 09 1.0

Fraction of heat transfer before the impeller KC’before [-]

Figure 4-2 Ratio of compressor heat efficiency to compressor adiabatic efficiency as
a function of compressor heat number and fraction of heat transfer before
the impeller

Increasing the fraction of heat transfer before the impeller results in an increase in
the power demand of the compressor and hence a decrease in the compressor heat
efficiency under non-adiabatic operating conditions. The decrease in the compressor
heat efficiency becomes more significant with increasing compressor heat number. It
can also be observed in Figure 4-2 that the fraction of heat transfer before the
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impeller can be assumed to equal 0.5 for values of the heat number less than 0.025
without any significant error.

The ratio of turbine heat efficiency to turbine adiabatic efficiency can be likewise
presented as

Nheat, T

=1-Kr pefore Ch,T
NadiT ,before Gh, (4.18)

where Kt petore i the fraction of heat transfer before the turbine rotor. The turbine heat
number presents the total amount of heat transfer from the turbine in non
dimensional form

_ar

Cp,ethGt (4'19)

Cht =

Figure 4-3 shows the effects of the turbine heat number and the fraction of heat
transfer before the turbine rotor on the ratio of the turbine heat efficiency to the
turbine adiabatic efficiency. The turbine heat efficiency coincides with the turbine
adiabatic efficiency at zero turbine heat number and/or zero heat transfer before the
turbine rotor. However, these conditions cannot be achieved for the turbine.
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Figure 4-3 Ratio of turbine heat efficiency to turbine adiabatic efficiency as a
function of turbine heat number and fraction of heat transfer before the

turbine rotor
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The amount of heat transfer from the turbine cannot be zero during normal operation
of the turbocharger even with insulating the turbine surface area. This is because of
the amount of heat transfer from the turbine to the bearing housing and then to the
compressor. The fraction of heat transfer before the turbine also cannot be zero. This
is because of the very large surface area of the turbine volute in comparison with the
surface area of the rotor shroud. Therefore, the turbine heat efficiency is less than
the adiabatic turbine efficiency. Increasing the amount of heat transfer from the
turbine may cause significant decrease in the turbine heat efficiency and hence in the
power delivered by the turbine. Figure 4-3 shows that the decrease in the turbine
heat efficiency can be as high as 9% of the adiabatic turbine efficiency at a heat
number of 0.09 and Kr pefore = 1.

4.4 Effect of heat transfer on the measured compressor and turbine
efficiencies

The compressor non-adiabatic efficiency can be expressed as

Ndia,c = Ahis’C 4.20
% Ahggicr +dc (4.20)
Rearranging equation (4.20)
1 _Ahagi- . dc i
Ngiac Ahigc  Ahisc (4.21)

The first term in the right hand side of equation (4.21) is the reciprocal of the
compressor heat efficiency, equation (4.8). Therefore

1 1 N dc
NdiaCc Mheatc Ahisc (4.22)

Multiplying equation (4.22) by the adiabatic compressor efficiency

Nadi,C  MNadiC +_Yc . 423
= diC _
Ngiac Theatc Ahisc (4.23)

Equation (4.23) can be rewritten in the form

NediC _ Madic , dc Ahig ¢

MNadi,C 4.24
Ndia,c  Mheat,C Ahis,C Ahis,C* o ( )

It is evident from equation (4.1) that
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Nadi,C 1

Ahig ¢+ ) Ahggic+ (4.25)
Therefore, equation (4.24) can be rewritten as
Nadic _ MadiC dc  Ahisce

= + (4.26)
NdiaC  Mheatc ANagicr Ahisc
Equation (4.26) can be rewritten as
Nadic _ MadiC dc Ty Cpair It

= + t (4.27)

Ndia,c  Mheat,C Ahadi,C* Tyt Cp,airT1t

Substituting from equations (4.15), (4.16), and (4.17) in equation (4.27) and
rearranging

Nadi,Cc

Cp,airT1t
(4.28)

= (1 +Kc before Ch,c )(1 +Che h
adi,C*

MNdia,C

Equation (4.28) can be further developed by applying Euler's equation for
turbomachinery to the compressor

Ahggic+ =U2C2, —U1Cqy (4.29)

The swirl velocity at the compressor inlet equals zero in the absence of compressor
inlet guide vanes. Therefore

Ahggicr =U2C2y (4.30)
The swirl velocity at the impeller outlet is given by

Cay = 1 (Up —Com/tanpyp) (4.31)
Substituting for ¢, in equation (4.30) and rearranging

Ahggice = u3(1- o /tanByy ) (4.32)

where ¢, is the impeller flow coefficient, equation (1.16). Substituting for Ahagi c+ from
equation (4.32) in equation (4.28)



Effect of heat transfer on the measured compressor and turbine efficiencies 49

Nadi,C Cp, air 11t

== (1+KC,before Ch,C) 1+Qh,C 2 nat (4.33)
Ndia,C wu3( —¢2/tanl32,b)
Since

Kair Ry
Cp,air = Kaalrir _allr (4.34)
Equation (4.33) can be rewritten as
Nadi,c ( Chc 1 1
— =\1+K¢ pefore Che )| 1T+——- : 4.35

Ndia,C peiore = ) Kair =1 Mu3 1 (1-92/tanByy ) (4.35)
or
Ndia,C —1

2= (1+ KC,before Qh,C) )
Nadi,c

I (4.36)
1, 5nc 1 1
Kair =1 Mu3 M(1—¢2/tan[32,b)

where Mu, is the compressor peripheral Mach number, equation (1.17). Equation
(4.36) shows clearly that the deviation of the measured compressor non-adiabatic
efficiency from the compressor adiabatic efficiency depends on many geometrical
and operating parameters. These parameters are

. Compressor heat number Cp, ¢

. Fraction of heat transfer before the impeller K¢ pefore
. Impeller peripheral Mach number Mus

. Impeller flow coefficient ¢,

. slip factor n

. Blade angle at the impeller outlet B2

oo OB WN -

It is very important to note that these parameters are also affecting the measured
product of the turbine total-to-static efficiency and the mechanical efficiency. This is
because the product of the turbine efficiency and the mechanical efficiency is
estimated according to equation (1.12) from the turbocharger overall efficiency and
the measured compressor efficiency. The measured compressor efficiency according
to the new definitions is the non-adiabatic compressor efficiency. Therefore
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NTurb
(n6t8S,T nm)measured = & (437)
MNdia,C
However, the actual product of the turbine efficiency and the mechanical efficiency
should be estimated from the equation

MNTurb
(Motes T Mim )y = — 1222 (4.38)
MNheat,C
Therefore
( ) _( ) ~ Ndia,C
n6t85,T nm ac n6t83,T nm measured (439)
Nheat,C

This means that the relative systematic error in the measured product of the turbine
efficiency and the mechanical efficiency due to the amount of heat transfer to the
compressor is

ANgtgs, T (T]6t83,T Mm )measured _(nGtSS,T nm)ac _ MNheat,C _1

(4.40)

(ﬂetSS,T )ac (netSS,T Mm )ac Ndia,C

The ratio of the compressor heat efficiency to the compressor non-adiabatic
efficiency can be obtained by dividing equation (4.16) by equation (4.36)

MNheat,C 14 1 1 1 44
= h,C ' ' :
Ndia,C Kair =1 Mu3 1 (1_¢2/tanB2,b) (4.41)
Substituting equation (4.41) in equation (4.40)
Anetgs, T _ Che T 1 1 440
(Metes, )ac g =1 Mu2 1 (1-¢p/tanByy) (4.42)

It is therefore evident that the measured turbocharger performance is affected by the
heat transfer between the turbocharger components. The measured compressor
efficiency is less than the compressor heat efficiency and the measured turbine
efficiency is higher than the turbine heat efficiency. This means that the estimated
compressor power and turbine power from the measured performance maps are
overestimated.

The above analysis defines the main parameters affecting the measured compressor
and turbine efficiencies. The effect of each parameter on the measured compressor
non-adiabatic efficiency and the error in the estimated product of the turbine
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efficiency and the mechanical efficiency is discussed in the flowing sections.

4.41 Compressor heat number

The compressor heat number is a number that presents the amount of heat transfer
to the compressor in non-dimensional form. Increasing the heat number causes an
increase in the compressor power demand and a decrease in the compressor
non-adiabatic efficiency. Figure 4-4 shows the variation of the ratio of the compressor
non-adiabatic efficiency to the compressor adiabatic efficiency with the compressor
heat number. This figure is obtained by varying the value of the compressor heat
number in equation (4.36) and setting all other geometrical and operating parameters
at typical values of the GT1749V 70 Trim turbocharger. The compressor
non-adiabatic efficiency coincides with the compressor adiabatic efficiency at zero
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Figure 4-4 Variation of the ratio of compressor non-adiabatic efficiency to
compressor adiabatic efficiency with the compressor heat number

compressor heat number. Increasing the amount of heat transfer to the compressor
increases the compressor heat number and hence decreases the compressor
non-adiabatic efficiency. This effect is very significant at low compressor peripheral
Mach number Mu, (low rotational speeds). This is because the compressor
aerodynamic work decreases with decreasing the compressor peripheral Mach
number. Therefore, increasing the compressor heat number at low peripheral Mach
number causes a significant increase of the ratio between the specific amount of heat
transfer to the compressor and the compressor aerodynamic work. This makes the
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effect of heat transfer to the compressor very significant at low rotational speeds. The
measured product of the turbine efficiency and the mechanical efficiency is therefore
significantly affected by the amount of heat transfer to the compressor at low
rotational speeds. Figure 4-5 shows the percentage error of the measured product of
the turbine efficiency and the mechanical efficiency as a function of the compressor
heat number. This systematic percentage error can be as high as 100% at low
compressor peripheral Mach number and sufficiently high compressor heat number.
Decreasing the compressor heat number results in a decrease of the error in the
product of the turbine efficiency and the mechanical efficiency. The effect of the
compressor heat number on the error in the product of the turbine efficiency and the
mechanical efficiency decreases with increasing the compressor peripheral Mach
number. This is because the ratio of the compressor non-adiabatic efficiency to the
compressor heat efficiency tends to be unity with increasing the compressor
peripheral Mach number. This causes a decrease of the error in the product of the
turbine efficiency and the mechanical efficiency according to equation (4.40).
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Figure 4-5 Percentage error of the measured product of the turbine efficiency and
the mechanical efficiency as a function of the compressor heat number

4.4.2 Fraction of heat transfer before the compressor impeller

Figure 4-6 shows the variation of the ratio of the compressor non-adiabatic efficiency
to the compressor adiabatic efficiency with the fraction of heat transfer before the
compressor impeller. The fraction of heat transfer before the impeller has a very
small effect on the compressor non-adiabatic efficiency. This small effect is mainly
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Figure 4-6 Variation of the ratio of compressor non-adiabatic efficiency to
compressor adiabatic efficiency with the fraction of heat transfer before
the compressor impeller

due to the increase in the compressor aerodynamic work with increasing the fraction
of heat transfer to the compressor before the impeller. This is because the overall
total temperature difference across the compressor results from the amount of heat
transfer to the compressor and the compressor aerodynamic work. The increase in
the total temperature due to the amount of heat transfer to the compressor is
independent of the fraction of heat added before the impeller. The increase in
compressor aerodynamic work depends on the fraction of heat transfer before the
impeller. Therefore, the effect of the fraction of heat added to the compressor before
the impeller is mainly due to the increase in the compressor aerodynamic work. This
means that the fraction of heat transfer before the impeller affects both the
compressor non-adiabatic efficiency and the compressor heat efficiency in the same
way. Therefore, it has no effect on the percentage error of the measured product of
the turbine efficiency and the mechanical efficiency as shown in equation (4.42).

4.4.3 Compressor peripheral Mach number

Compressor peripheral Mach number is one of the most important parameters
affecting the non-adiabatic turbocharger performance. This can be clearly observed
in equation (4.36) where the ratio of the compressor non-adiabatic efficiency to the
compressor adiabatic efficiency depends on the square of the compressor peripheral
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Mach number. This also applies to the percentage error in the product of the turbine
efficiency and the mechanical efficiency as shown in equation (4.42). Figure 4-7
shows the variation of the ratio of the compressor non-adiabatic efficiency to the
compressor adiabatic efficiency with the compressor peripheral Mach number. This
ratio tends to be unity with increasing the compressor peripheral Mach number.
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Figure 4-7 Variation of the ratio of compressor non-adiabatic efficiency to
compressor adiabatic efficiency with the compressor peripheral Mach
number

This is because the compressor aerodynamic work increases with increasing the
rotational speed. Therefore, the ratio between the specific amount of heat transfer to
the compressor and the compressor aerodynamic work decreases with increasing
the rotational speed. This causes the deviation of the compressor non-adiabatic
efficiency from the compressor adiabatic efficiency to decrease with increasing the
rotational speed. It is also evident in Figure 4-7 that the compressor can be assumed
to work adiabatically at high compressor peripheral Mach number and low
compressor heat number. The deviation of the compressor non-adiabatic efficiency
from the compressor adiabatic efficiency increases significantly with decreasing the
rotational speed even at small heat numbers. This causes high error in the estimated
product of the turbine efficiency and the mechanical efficiency at low rotational
speeds, Figure 4-8. This error decreases with increasing the turbocharger rotational
speed as a result of decreasing the ratio between the specific amount of heat transfer
to the compressor and the compressor aerodynamic work.
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Figure 4-8 Percentage error of the measured product of the turbine efficiency and

the mechanical efficiency as a function of the compressor peripheral
Mach number

4.4.4 Impeller flow coefficient

Impeller flow coefficient affects the turbocharger non-adiabatic performance in the
same way as the compressor peripheral Mach number. Increasing the impeller flow
coefficient is always associated with decreasing the compressor aerodynamic work,
equation (4.32). This causes an increase in the specific amount of heat transfer to
the compressor in comparison with the compressor aerodynamic work. Therefore,
the effect of heat transfer on the compressor non-adiabatic efficiency increases with
increasing the impeller flow coefficient as shown in Figure 4-9. The error in the
product of the turbine efficiency and the mechanical efficiency likewise increases with
increasing the impeller flow coefficient as shown in Figure 4-10.

4.4.5 Impeller slip factor

The compressor slip factor directly affects the compressor aerodynamic work. High
values of the slip factor at the same peripheral Mach number and impeller flow
coefficient mean higher compressor aerodynamic work. Therefore, the ratio between
the specific amount of heat transfer to the compressor and the compressor
aerodynamic work decreases with increasing the compressor slip factor. This causes
less deviation of the compressor non-adiabatic efficiency from the compressor
adiabatic efficiency with increasing the value of the slip factor. This behavior can be
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clearly shown in Figure 4-11 where the ratio of the compressor non-adiabatic
efficiency to the compressor adiabatic efficiency tends to be unity with increasing the
slip factor. It is also evident in Figure 4-11 that the slip factor significantly affects the
compressor non-adiabatic efficiency at values of the compressor heat number
= 0.025.
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Figure 4-11 Variation of the ratio of compressor non-adiabatic efficiency to
compressor adiabatic efficiency with the compressor slip factor

Figure 4-12 shows the systematic percentage error of the measured product of the
turbine efficiency and the mechanical efficiency as a function of the compressor slip
factor. The increase in the slip factor results in a decrease of the error in the product
of the turbine efficiency and the mechanical efficiency. This is due to the decreasing
effect of the amount of heat transfer to the compressor on the compressor
non-adiabatic efficiency with increasing the value of the slip factor.

4.4.6 Blade angle at the impeller outlet

It is well known that impellers with large blade angle at outlet deliver higher
aerodynamic work to the fluid. This can also be seen in equation (4.32). This makes
compressors with large blade angle at impeller outlet less affected by the amount of
heat transfer to the compressor. Figure 4-13 shows the variation of the ratio of the
compressor non-adiabatic efficiency to the compressor adiabatic efficiency with the
blade angle at the impeller outlet. The effect of blade angle at the impeller outlet is
very small at low heat numbers and increases with increasing the compressor heat
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number. This effect is generally less significant than the effect of compressor
peripheral Mach number, impeller flow coefficient, and slip factor. However, it should
be noted that increasing the blade angle at impeller outlet also improves the
compressor slip factor (Wiesner, 1967, Stodola, 1945). Therefore, the blade angle at
the impeller outlet actually affects the compressor non-adiabatic efficiency in two
ways. First, increasing the blade angles provides higher aerodynamic compressor
work and hence a smaller ratio between the specific amount of heat transfer to the
compressor and the compressor aerodynamic work. Second, increasing the blade
angle at the impeller outlet improves the compressor slip factor and hence reduces
the effect of heat transfer to the compressor on the non-adiabatic compressor
efficiency. Thus, it can be generally said that a compressor with a large blade angle
at the impeller outlet is less affected by the amount of heat transfer to the
compressor. Consequently, the error in the product of the turbine efficiency and the
mechanical efficiency decreases with increasing the blade angle at the impeller outlet
as shown in Figure 4-14.
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the mechanical efficiency as a function of the blade angle at impeller
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5. EXPERIMENTAL RESULTS AND ANALYSIS

5.1 Compressor non-adiabatic performance

Compressor non-adiabatic performance is investigated by comparing the results of
the cold measurements with that of the hot measurements. Cold measurements are
conducted by supplying the turbine with compressed air instead of the hot exhaust
gases. The oil inlet temperature is kept lower than the total temperature at the
compressor outlet to avoid any possible heat transfer from the oil to the compressor.
Therefore, the compressor can be assumed to work adiabatically during the cold
measurements and the measured compressor performance can be considered to be
the adiabatic compressor performance. The turbine is supplied with hot exhaust
gases in the hot measurements and the turbocharger performance maps are
measured at constant total temperature at the turbine entry. These measurements
are repeated at different exhaust gas total temperatures at the turbine entry. The hot
measurements are then compared with the cold measurements. Any deviation of the
measured compressor performance in the hot measurements from the adiabatic
compressor performance is considered to be due to the amount of heat transfer to
the compressor.

Two turbochargers are investigated at different exhaust gas total temperatures at the
turbine entry. These turbochargers are the GT1749V 55 Trim turbocharger and the
K29 turbocharger. The GT1749V 55 Trim turbocharger is also investigated at
different turbine inlet guide-vane positions. The K29 turbocharger has a twin entry
turbine without turbine inlet guide vanes. The performance of this turbocharger is
also investigated under partial admission conditions.

5.1.1 Single entry turbocharger compressor
5.1.1.1 Effect of exhaust gas temperature at the turbine entry

Figure 5-1 shows the variation of the compressor total pressure ratio with the
compressor reduced mass flow rate at different compressor reduced rotational
speeds and total temperatures at the turbine entry for the GT1749V 55 Trim
compressor. The measured performance lines of the compressor are not affected by
the total temperature of the exhaust gas at the turbine entry. This means that the
amount of heat transfer to the compressor has a negligible effect on the aerodynamic
losses of the compressor and hence on the compressor total pressure ratio. This
behaviour is also recorded during the measurements of a wide variety of
turbochargers. However, these results are not available for publication in the present
research work.
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Figure 5-1 Variation of the compressor total pressure ratio with the compressor
reduced mass flow rate at different compressor reduced rotational
speeds and total temperatures at the turbine entry for the GT1749V 55
Trim compressor

Figure 5-2 shows the variation of the measured compressor efficiency with the
compressor reduced mass flow rate at different compressor reduced rotational
speeds and total temperatures at the turbine entry for the GT1749V 55 Trim
compressor. The measured compressor efficiency at Tgt = 305 K represents the
compressor adiabatic efficiency (cold measurements). The adiabatic efficiency is
measured only in the operating range extending from 60000 rpm to 120000 rpm. This
is because the fluid power supplied to the turbine in the cold measurements is not
sufficient to drive the compressor at higher rotational speeds. Therefore, the
adiabatic compressor performance is measured only for rotational speeds 60000-
120000 rpm. The parameters extracted from the comparison of the cold and the hot
measurements are therefore presented only in the operating range extending from
60000 rpm to 120000 rpm.
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The measured compressor efficiency in the hot measurements represents the
non-adiabatic compressor efficiency. Figure 5-2 shows a clear effect of the total
temperature at the turbine entry on the compressor non-adiabatic efficiency. The
measured compressor non-adiabatic efficiency is lower than the compressor
adiabatic efficiency due to the amount of heat transfer from the turbine to the
compressor. The deterioration of the compressor non-adiabatic efficiency is very
significant at low rotational speed (low compressor peripheral Mach number). The
effect of heat transfer from the turbine to the compressor decreases with increasing
the compressor rotational speed (increasing the compressor peripheral Mach
number). Therefore, the deterioration of the compressor non-adiabatic efficiency
decreases with increasing the turbocharger rotational speed. The measured
compressor non-adiabatic efficiency at 140000 rpm and 160000 rpm is almost
independent of the exhaust gas temperature at the turbine entry. This behavior
coincides very well with the results of the parameter analysis of the turbocharger
non-adiabatic performance presented in Chapter 4.

It is also evident in Figure 5-2 that the deviation of the compressor non-adiabatic
efficiency from the compressor adiabatic efficiency is higher near the compressor
surge line. This behavior depends on the specific amount of heat transfer to the
compressor

dc =Qc/mc (5.1)
The amount of heat transfer to the compressor Q¢ depends on the temperature
difference between the turbine and the compressor as well as the thermal resistance
of the bearing housing. Figure A-10 shows that the temperature difference between
the compressor casing and the turbine casing increases with increasing the
compressor flow rate. This is mainly due to the decrease in the compressor casing
temperature with increasing the flow rate through the compressor as shown in
Figure A-11. The variation in the turbine casing temperature at certain constant
rotational speed is small compared with that of the compressor casing as shown in
Figure A-12. Increasing the temperature difference between the turbine and the
compressor increases the amount of heat transfer to the compressor. Therefore, the
amount of heat transfer to the compressor increases with increasing the compressor
flow rate at certain constant rotational speed and vice versa. However, the rate of
change of the temperature difference between the turbine casing and the compressor
casing with the compressor flow rate at constant rotational speed is small as shown
in Figure A-10. This means small rate of increase in the amount of heat transfer to
the compressor with increasing the compressor mass flow rate at constant rotational
speed. Therefore, the specific amount of heat transfer to the compressor decreases
with increasing the compressor flow rate and this causes less deviation of the
compressor non-adiabatic efficiency from the compressor adiabatic efficiency at high
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compressor flow rate. The specific amount of heat transfer to the compressor
increases significantly near the compressor surge line because of the low
compressor flow rate and this causes the higher deterioration of the compressor
non-adiabatic efficiency at low flow rate.

Figure 5-3 shows the variation of the compressor heat number with the compressor
stage flow coefficient at different compressor reduced rotational speeds and total
temperatures at the turbine entry for the GT1749V 55 Trim compressor. The
compressor heat number is estimated by comparing the compressor non-adiabatic
efficiency (hot measurements) with the compressor adiabatic efficiency (cold
measurements). Figure 5-3 shows that the compressor heat number increases with
decreasing the compressor flow rate. The rate of change of the compressor heat
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Figure 5-3 Variation of the compressor heat number with the compressor stage flow
coefficient at different compressor reduced rotational speeds and total

temperatures at the turbine entry for the GT1749V 55 Trim compressor
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number with the compressor flow rate is high at low flow rates and decreases with
increasing the flow rate. The compressor heat number decreases with increasing the
compressor flow rate due to the decrease of the specific amount of heat transfer to
the compressor with increasing the compressor flow rate. It significantly Increases at
the compressor surge line due to the significant increase of the specific amount of
heat transfer to the compressor at low flow rates. This means that the deterioration of
the compressor non-adiabatic efficiency increases with increasing the compressor
heat number. This measured behavior also matches very well the results of the
parameter analysis of the turbocharger non-adiabatic performance (Section 4.4.1).

Figure 5-4 shows the ratio of the compressor non-adiabatic efficiency to the
compressor adiabatic efficiency at different compressor reduced rotational speeds
and total temperatures at the turbine entry for the GT1749V 55 Trim compressor.
The ratio of the compressor non-adiabatic efficiency to the compressor adiabatic
efficiency tends to be unity with increasing turbocharger rotational speed. The
significant effect of the heat transfer to the compressor on the compressor
non-adiabatic efficiency at low rotational speeds is due to the small compressor
aerodynamic work in this operating range. The ratio of the specific amount of heat
transfer to the compressor to the compressor aerodynamic work is therefore very
significant at low compressor rotational speeds even at relatively small compressor
heat number. Consequently, the amount of heat transfer to the compressor
significantly affects the compressor non-adiabatic efficiency at low rotational speeds.

Figure 5-5 shows the percentage difference between the compressor non-adiabatic
efficiency and the adiabatic efficiency as a function of the compressor stage flow
coefficient for the GT1749V 55 Trim turbocharger at the exhaust gas temperature
Tet =973 K. The difference between the compressor efficiencies decreases
significantly with increasing compressor rotational speed. This is due to the decrease
in the ratio of the specific amount of heat transfer to the compressor to the
compressor aerodynamic work. The difference of the compressor efficiencies also
decreases with increasing flow rate from the surge flow rate as a result of decreasing
compressor heat number. With further increase of the flow rate, the compressor
reaches an operating point where the decrease in the compressor aerodynamic work
is more significant than the decrease in the specific amount of heat transfer to the
compressor. The difference of the compressor efficiencies starts to increase once
again with increasing the compressor flow rate after this point.

It is also very important to note that the behavior of the compressor non-adiabatic
efficiency as well as the compressor heat number with the exhaust gas temperature
at the turbine entry is non-intuitive. It was expected that the amount of heat transfer
to the compressor increases with increasing the exhaust gas temperature at the
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Figure 5-4 Ratio of the compressor non-adiabatic efficiency to the compressor
adiabatic efficiency at different compressor reduced rotational speeds
and total temperatures at the turbine entry for the GT1749V 55 Trim
compressor

turbine entry. However, Figure 5-2 and Figure 5-3 show that the measured
compressor non-adiabatic efficiency and the estimated compressor heat number are
not directly dependent on the exhaust gas temperature at the turbine entry. The
highest deterioration of the compressor non-adiabatic efficiency and the highest
compressor heat number for the 60000 rpm compressor performance line take place
at Tgt =873 K. For the 100000 rpm compressor performance line, this occurs at
Tet = 973 K for example. This behavior means that the exhaust gas temperature at
the turbine entry is not the only parameter affecting the compressor heat number.
This is because heat transfers first by conduction from the turbine casing to the
bearing housing. The lubrication oil removes part of this conduction heat transfer and
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the rest flows to the compressor. Thus, the lubrication oil also works as a cooling fluid
for the bearing housing. It has therefore a significant effect on the amount of heat
transfer to the compressor and hence on the compressor heat number. It is therefore
very important to estimate the amount of heat transfer to the oil.

It is also important to estimate the effect of heat transfer to the compressor on the
compressor heat efficiency. Figure 5-6 shows the ratio of the compressor heat
efficiency to the compressor adiabatic efficiency of the GT1749V 55 Trim
turbocharger at different rotational speeds and exhaust gas temperatures at the
turbine entry. This figure is estimated from the measured data with the assumption
that 50% of the heat transfer to the compressor takes place before the impeller. It is
shown in Section 4.3 that this assumption can be made for the compressor at low
compressor heat numbers without a significant error in the estimated heat efficiency.
Figure 5-6 shows that the amount of heat transfer to the compressor causes
0.5-1.5% deterioration of the compressor heat efficiency at low rotational speeds.
The deterioration of the compressor heat efficiency increases with decreasing the
compressor flow rate because of the increase in the compressor heat number with
decreasing the flow rate.
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Figure 5-6 Ratio of the compressor heat efficiency to the compressor adiabatic
efficiency of the GT1749V 55 Trim turbocharger at different rotational
speeds and exhaust gas temperatures at the turbine entry

5.1.1.2 Effect of lubrication oil

The amount of heat transfer to the oil can be estimated from the total power added to
the oil and the bearing frictional power. The total power added to the oil is estimated
from the oil flow rate and the oil temperature difference across the bearing housing.
The frictional power of the bearing can be estimated from the cold measurements of
the turbocharger. An empirical formula is obtained for the bearing frictional power as
a fraction of the compressor power. This formula is applied because the amount of
heat transfer to the oil during hot measurement causes further increase in the oil
temperature and hence further decrease of the oil viscosity. The formula is obtained
by fitting the test data of the GT1749V 55 Trim turbocharger using the subroutine
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“Ifit.for” (Press et al., 1992). The test data of the turbocharger at rotational speeds
60000 — 100000 rpm are used as input to the subroutine. The formula is then
selected to match very well the test data at 120000 rpm. This enhances the ability of
this empirical formula to extrapolate the bearing frictional power at higher rotational
speeds. This empirical formula was not tested with bearing geometries and bearing
types different than that of the GT1749V 55 Trim turbocharger. It takes the form

Q .
B _ 491627 1 expl-7.87 Re 02 5101 2

We

The oil Reynolds number based on shaft speed is given by

oilu = (5.3)

The oil viscosity is estimated at the oil mean temperature. The shaft speed is
estimated from the turbocharger rotational speed n and the shaft mean diameter

Dshaft

nnD
Ushaft = G—OShaﬂ (5.4)

The Strouhal number is defined as the ratio of the shaft speed to the oil mean
velocity Cj

Sr = Ugpaft /Coil (5.5)

The oil mean velocity is estimated by applying continuity equation to the oil flow
inside the bearing housing

Coil = moil/(poil Z(D%,i —Dhatt )j (5.6)

Figure A-13 shows that equation (5.2) can be used to estimate the frictional power of
the bearing with a good accuracy based on the test results. Therefore, the amount of
heat transfer to the oil during the hot measurements can also be estimated.

Figure 5-7 shows the ratio of the amount of heat transfer to the oil to the compressor
power at different turbocharger normalized rotational speeds and exhaust gas
temperatures at the turbine entry. This figure is estimated from the measurements
along the compressor surge line to ensure comparison under identical turbocharger
operating conditions. The turbocharger normalized rotational speed is defined as the
ratio of the turbocharger rotational speed to the compressor design rotational speed.
The amount of heat transfer to the oil increases with increasing the exhaust gas
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Figure 5-7 Ratio of the amount of heat transfer to the oil to the compressor power at

different turbocharger normalized rotational speeds and exhaust gas
temperatures at the turbine entry

temperature at the turbine entry. It can be as high as 1.5-3.5 times the compressor
power at low rotational speed. The ratio of the amount of heat transfer to the oil to the
compressor power decreases with increasing the turbocharger rotational speed. This
is due to the increase in the compressor power with increasing the rotational speed.
Figure 5-8 shows the amount of heat transfer to the oil as a fraction of the total power
added to the oil at different turbocharger normalized rotational speeds. This figure is
also extracted from the test data along the compressor surge line. The amount of
heat transfer to the oil represents 90-95% of the total power added to the oil at low
rotational speeds. This fraction decreases with increasing the turbocharger rotational
speed as a result of increasing the bearing frictional power.

Figure 5-7 and Figure 5-8 illustrate clearly the significant effect of the lubrication oil
on the turbocharger non-adiabatic performance. The lubrication oil causes complex
heat transfer mechanisms inside the turbocharger. This is because the amount of
heat transfer from the turbine to the oil increases with increasing the exhaust gas
temperature at the turbine entry. This increases the oil temperature in the bearing
housing and hence decreases the oil viscosity. Decreasing the oil viscosity
decreases the bearing frictional power and increases the oil Reynolds number.
Increasing the oil Reynolds number increases the amount of heat transfer to the oil.
Therefore, increasing the amount of heat transfer from the turbine to the bearing
housing is associated with increasing the ability of the oil to cool the bearing housing.
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Figure 5-8 Amount of heat transfer to the oil as a fraction of the total power added to
the oil at different turbocharger normalized rotational speeds

The amount of heat transfer to the compressor depends on the amount of heat
transfer from the turbine to the bearing housing and the amount of heat transfer to
the oil. Therefore, the compressor heat number and the deterioration of the
compressor non-adiabatic efficiency are affected not only by the exhaust gas
temperature at the turbine entry but also by the flow rate and the physical properties
of the lubrication oil.

Figure 5-8 also shows that the fraction of heat transfer to the oil increases with
increasing the rotational speed above 120000 rpm. These data are estimated from
the extrapolation of equation (5.2). This means that heat may also transfer from the
compressor to the oil at high rotational speeds. This behavior unfortunately cannot be
directly estimated from the available measurements. This is because heat transfer
from the compressor to the oil may take place during the cold as well the hot
measurements. Comparison of the hot and the cold measurements therefore cannot
help in the direct estimation of this behavior. This makes this heat transfer mode
hypothetical for the time being. However, this hypothesis can be proven with the help
of the available test data. Figure 5-2 shows that the measured compressor
non-adiabatic efficiencies at rotational speeds 140000 rpm and 160000 rpm are
independent of the exhaust gas temperature at the turbine entry. This means that
either the amount of heat transfer to the compressor is very small or heat transfers
from the compressor. Figure 5-9 shows the ratio of the compressor casing
temperature to the total temperature at the compressor outlet. The compressor
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Figure 5-9  Ratio of the compressor casing temperature to the total air temperature
at the compressor outlet

casing temperature is measured at a point located on the back side of the
compressor at a radius that corresponds to the diffuser outlet and the volute inlet.
The casing temperature is higher than the total temperature at the compressor outlet
at low rotational speeds. This means that heat transfers to the compressor after the
impeller at low rotational speeds. The ratio of the casing temperature to the total
temperature at the compressor outlet decreases with decreasing the flow rate and
increasing the rotational speed. This indicates that the amount of heat transfer to the
compressor decreases with increasing the rotational speed. The compressor casing
temperature is lower than the total temperature at the compressor outlet by about
12.6 °C at the surge point of the 140000 rpm performance line. This indicates that
heat transfers from the air to the compressor casing at high rotational speeds.

A special experiment is made to prove whether this heat transfers to the ambient by
free convection and radiation or to the bearing housing. This experiment is made
using the GT1749V 70 Trim turbocharger because the GT1749V 55 Trim was
damaged at the end of the experimental work and was no longer available. The
GT1749V 70 Trim compressor also shows a non-adiabatic compressor efficiency that
is independent of the exhaust gas temperature at high rotational speeds. The
GT1749V 70 Trim compressor non-adiabatic efficiency is measured at rotational
speed 180000 rpm and exhaust gas temperature 873 K with insulation around the
compressor and without insulation. Figure A-14 shows the measured compressor
non-adiabatic efficiency with insulation and without insulation. The amount of heat
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transfer from the compressor by free convection and radiation has almost no effect
on the measured compressor non-adiabatic efficiency. This means that heat can
transfer from the compressor to the oil at high turbocharger rotational speeds. This
also means that heat transfer by free convection and radiation from the turbine to the
compressor has a negligible effect on the compressor non-adiabatic performance.
This is because the common surface area available for convection and radiation heat
exchange between the turbine and the compressor is small compared with that
available for conduction heat transfer in the bearing housing. The low absorptivity of
the bright compressor casing also reduces the effect of radiation heat transfer from
the turbine to the compressor furthermore. Therefore, it can be assumed that the
amount of heat transfer by conduction in the bearing housing is the main source of
heat transfer to the compressor.

5.1.1.3 Effect of turbine guide-vane position

The performance of the GT1749V 55 Trim turbocharger is also investigated at
different turbine inlet guide-vane positions. Figure A-15 shows a comparison of the
measured compressor non-adiabatic efficiency at turbine inlet guide-vane positions
100% open and 0% open and exhaust gas temperature at the turbine entry of 973 K.
The turbine inlet guide-vane position has a negligible effect on the compressor
non-adiabatic efficiency. This behavior is also observed for many other measured
turbochargers. However, these latter results are not available for publication in the
present research work. This behavior may be due to the ability of the lubrication oil to
overcome any slight variation in the amount of heat transfer from the turbine to the
bearing housing with varying turbine inlet guide-vane position.

5.1.2 Twin entry turbocharger compressor

The K29 turbocharger is a twin entry turbocharger without turbine inlet guide vanes.
The two turbine entries are called “entry A” and “entry B” in the present research
work. Entry A is located in the front half of the turbine while entry B is located in the
rear half of the turbine as shown in Figure A-16. The non-adiabatic performance of
the K29 compressor is also investigated by comparing the hot and the cold
measurements of the K29 turbocharger performance. The K29 compressor
non-adiabatic performance is also investigated at different entry total pressure ratios.
The entry total pressure ratio is defined as the ratio of the total pressure of turbine
entry A to that of turbine entry B

Tentry = Pét,A/Pét,B (5.7)

Figure 5-10 shows the measured compressor total pressure ratio at different
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compressor reduced mass flow rates, rotational speeds, and exhaust gas total
temperatures at the turbine entry. The exhaust gas temperature at the turbine entry
does not affect the measured compressor total pressure ratio. This behavior is similar
to the one recorded for the GT1749V 55 Trim turbocharger.
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Figure 5-10 Variation of the compressor total pressure ratio with the compressor
reduced mass flow rate at different compressor reduced rotational
speeds and total temperatures at the turbine entry for the K29
compressor

The measured compressor non-adiabatic efficiency of the K29 turbocharger shows a
different behavior than that of the GT1749V 55 Trim turbocharger. Figure 5-11 shows
the measured compressor non-adiabatic efficiency of the K29 turbocharger at
different rotational speeds and exhaust gas temperatures at the turbine entry. The
measured compressor efficiency of the K29 turbocharger is independent of the
exhaust gas temperature in the measured range of operation. This means that the
amount of heat transfer to the compressor is very small and has a negligible effect on
the compressor efficiency. This behavior of the K29 turbocharger is due to the
relatively large turbine surface area and the high oil flow rate of the K29
turbocharger. The large turbine surface area causes an increase of the amount of
heat transfer from the turbine to the ambient by free convection and radiation. This
causes the amount of heat transfer from the turbine to the bearing housing to
decrease. The high oil flow rate removes most of the heat transferred to the bearing
housing. The high compressor aerodynamic work also results in high air temperature
at the impeller outlet. These factors together cause the compressor efficiency of the
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Figure 5-11 Variation of the compressor non-adiabatic efficiency with the
compressor reduced mass flow rate at different compressor reduced
rotational speeds and total temperatures at the turbine entry for the K29
compressor

K29 turbocharger to be independent of the exhaust gas temperature at the turbine
entry. This also applies to the effect of the turbine entry pressure ratio on the
measured compressor efficiency as shown in Figure A-17.

5.2 Turbine non-adiabatic performance

Turbine performance is normally presented in terms of the turbine reduced mass flow
rate and the product of the turbine efficiency and the turbocharger mechanical
efficiency. This product is estimated from the turbocharger efficiency and the
compressor efficiency. In the absence of heat transfer to the compressor, the
measured compressor efficiency represents the compressor adiabatic efficiency as
well as the compressor heat efficiency. The measured turbine heat efficiency in this
case represents the actual turbine heat efficiency. The amount of heat transfer to the
compressor causes deterioration of the measured compressor non-adiabatic
efficiency. Therefore, the measured turbine heat efficiency in this case is greater than
the actual turbine heat efficiency. The difference between the measured turbine heat
efficiency and the actual turbine heat efficiency is the systematic error due to the
amount of heat transfer to the compressor. The amount of heat transfer from the
turbine also affects the actual turbine heat efficiency.
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5.2.1 Single entry turbine

The performance of the GT1749V 55 Trim turbine is investigated at different inlet
guide-vane positions and different exhaust gas temperatures at the turbine entry.

5.2.1.1 Effect of turbine guide-vane position

Figure 5-12 shows the variation of the turbine reduced mass flow rate with the turbine
total-to-static pressure ratio at different values of the turbine rotational speed
parameter and inlet guide-vane positions. The turbine reduced mass flow rate
increases with increasing the turbine total-to-static pressure ratio due to the increase
of the expansion ratio through the turbine. It also increases with opening the inlet
guide vanes. This is due to the increase of the flow area between the inlet guide
vanes with opening the guide vanes. Increasing the turbine flow rate at high turbine
rotational speeds increases the centrifugal force on the fluid particles. This centrifugal
force acts in the direction opposite to the inward flow direction. It causes a reduction
of the flow rate through the turbine at high flow rates and high rotational speeds. This
behavior can be observed in Figure 5-12 at inlet guide-vane positions 50% open and
100% open. The effect of the centrifugal force on the turbine reduced mass flow rate
at guide-vane position 0% open is very small. This is because of the relatively low
turbine flow rate at this inlet guide-vane position.
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Figure 5-12 Variation of the turbine reduced mass flow rate with the turbine
total-to-static pressure ratio at different values of the turbine rotational
speed parameter and inlet guide-vane positions
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Figure 5-13 shows the variation of the product of the turbine efficiency and the
mechanical efficiency with the turbine total-to-static pressure ratio at different values
of the turbine rotational speed parameter and inlet guide-vane positions. The highest
turbine efficiency is reached at the inlet guide-vane position 50% open. This
guide-vane position is therefore assumed to be the design guide-vane position of the
GT1749V 55 Trim turbine. The highest turbine efficiency takes place at this position
because the flow angle at the guide vanes outlet matches very well with the blade
angle at the rotor inlet. The other guide-vane positions represent off-design
conditions. Therefore, they have lower turbine efficiency compared with the turbine
efficiency at the inlet guide-vane position 50% open.
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Figure 5-13 Variation of the product of the turbine efficiency and the mechanical
efficiency with the turbine total-to-static pressure ratio at different values
of the turbine rotational speed parameter and inlet guide-vane positions
of the GT1749V 55 Trim turbocharger

5.2.1.2 Effect of exhaust gas temperature at the turbine inlet

Figure 5-14 shows the effect of the exhaust gas temperature at the turbine entry on
the turbine reduced mass flow rate. The turbine reduced mass flow rate at different
exhaust gas temperatures at the turbine entry depends on the turbine rotational
speed parameter and the total-to-static pressure ratio. The effect of the centrifugal
force on the turbine reduced mass flow rate can also be observed for the different
exhaust gas temperatures at the turbine entry.
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Figure 5-14 Variation of the turbine reduced mass flow rate with the turbine
total-to-static pressure ratio at different values of the turbine rotational
speed parameter and exhaust gas temperatures at the turbine entry of
the GT1749V 55 Trim turbocharger

Figure 5-15 shows the effect of the exhaust gas temperature at the turbine entry on
the product of the turbine efficiency and the mechanical efficiency. The measured
product of the turbine efficiency and the mechanical efficiency increases with
decreasing the total temperature at the turbine entry at the same pressure ratio and
turbine rotational speed. This is due to the increase in the amount of heat transfer
from the turbine with increasing the exhaust gas temperature at the turbine entry.
This increases the turbine heat number with increasing the exhaust gas temperature
at the turbine entry as shown in Figure A-18. The effect of the exhaust gas
temperature on the product of the turbine efficiency and the mechanical efficiency
decreases with increasing the turbine rotational speed. This is due to the decrease of
the turbine heat number with increasing the turbine rotational speed, Figure A-18.
The decrease in the turbine heat number with increasing the turbine rotational speed
is due to the increase of the turbine mass flow rate with increasing the rotational
speed. This causes the specific amount of heat transfer from the turbine to decrease
with increasing the turbine rotational speed.
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of the turbine efficiency and the mechanical efficiency of the
GT1749V 55 Trim turbocharger

5.2.1.3 Effect of heat transfer to the compressor

The measured product of the turbine efficiency and the mechanical efficiency is
affected by the amount of heat transfer to the compressor at rotational speeds less
than or equal to 120000 rpm. This is due to the effect of heat transfer to the
compressor on the compressor non-adiabatic efficiency. Therefore, the measured
turbine efficiency at low rotational speeds must be corrected to account for the effect
of heat transfer to the compressor on the measured compressor non-adiabatic
efficiency. The systematic error in the measured product of the turbine efficiency and
the mechanical efficiency can be estimated with the help of equations (4.39) and
(4.40).

Figure 5-16 shows the systematic percentage error in the estimated turbine heat
efficiency due to the amount of heat transfer to the compressor. The systematic error
in the turbine heat efficiency increases hyperbolically with decreasing the
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Figure 5-16 Percentage error in the estimated turbine efficiency due to the amount of
heat transfer to the compressor of the GT1749V 55 Trim turbocharger

turbocharger rotational speed. It can be as high as 70% at turbocharger rotational
speed 60000 rpm. Furthermore, the probable measuring error of the product of the
turbine efficiency and the mechanical efficiency is relatively high at low turbocharger
rotational speeds (Chapter 3). This may be the reason why the low rotational speed
range is not normally included in the manufacturer performance maps. It can also be
noted that the systematic error of the turbine heat efficiency due to the amount of
heat transfer to the compressor at low rotational speeds is higher than the measuring
error. It is therefore very important to correct the measured product of the turbine
efficiency and the mechanical efficiency at low rotational speeds using equations
(4.39) and (4.40) in order to estimate the actual turbine heat efficiency.

Figure 5-17 shows a comparison between the turbine non-adiabatic efficiency,
measured turbine heat efficiency, and the actual turbine heat efficiency. The actual
turbine heat efficiency is estimated from the measured turbine heat efficiency using
equation (4.39). The turbine non-adiabatic efficiency is estimated from the equation

Cp,exh (T6t - T8t )

_ Kexn -1

Ndia, T =

h 5.8
Cp,eth6t 1- netglfc,ex (5.8)

The turbine non-adiabatic efficiency increases hyperbolically with decreasing the
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Figure 5-17 Comparison between the turbine non-adiabatic efficiency, the measured
turbine heat efficiency, and the actual turbine heat efficiency of the
GT1749V 55 Trim turbocharger

turbine rotational speed. The estimated turbine non-adiabatic efficiency exceeds
100% at low rotational speeds and can be as high as 270% at 60000 rpm. This
behavior is also recorded by Malobabic (1989). It is of course clear that turbine
efficiency higher than 100% has no physical meaning. This happens because the
definition of the turbine non-adiabatic efficiency assumes the amount of heat transfer
from the turbine to be useful work, equation (5.8). The amount of heat transfer from
the turbine is very large compared with the turbine power at low rotational speeds.
Therefore, the estimated turbine non-adiabatic efficiency exceeds 100% at low
rotational speeds.

The total amount of heat transfer from the turbine is the sum of the amount of heat
transfer from the turbine to the ambient and the amount of heat transfer from the
turbine to the bearing housing. The latter is further divided into heat transfer to the oil
and heat transfer to the compressor. The amount of heat transfer to the compressor
is included in the definition of the compressor non-adiabatic efficiency as a
compressor power. The compressor non-adiabatic efficiency is used to estimate the
product of the turbine efficiency and the mechanical efficiency. Therefore, the
systematic error in the measured turbine heat efficiency results from the erroneous
consideration of the amount of heat transfer to the compressor divided by the
turbocharger mechanical efficiency as a useful turbine power. The amount of heat
transfer to the compressor is very small compared with the total amount of heat
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transfer from the turbine. Therefore, the measured turbine heat efficiency does not
exceed 100%. However, it contains an error that can be as high as 70% at low
rotational speeds.

The corrected turbine heat efficiency provides the actual performance of the turbine.
Figure 5-17 shows that the turbine non-adiabatic efficiency and the measured heat
efficiency increase with decreasing the rotational speed due to the amount of heat
transfer between the components of the turbocharger as well as between the
turbocharger and the ambient. The corrected turbine heat efficiency decreases with
decreasing the turbine rotational speed. This is because of the increase in the
aerodynamic losses of the turbine at part load operation.

5.2.2 Twin entry turbine

The performance of the K29 turbine is investigated at entry pressure ratios extending
from 0.6 to 1.4 and at a mean exhaust gas temperature at the turbine entry of 873K.
The mean total temperature at the turbine entry is estimated from the equation

MaTgta +MeTeip

Tet = A + g (5.9)
The investigated rotational speeds are 40000, 60000, 80000, and 100000 rpm.
However, low rotational speeds are not measured at some entry pressure ratios. This
is because one of the two turbine entries was completely closed before reaching the
required rotational speed at the required entry pressure ratio. The highest measured
turbocharger rotational speed, 100000 rpm, is measured only at entry pressure ratios
0.9, 1.0, and 1.1. This is because the turbine power under test conditions was not
sufficient to drive the compressor at 100000 rpm for the other entry pressure ratios.
The performance of the turbine is measured at all entry pressure ratios at 80000 rpm
and a mean exhaust gas temperature of 873K. The performance of the turbine is also
investigated at different mean exhaust gas temperatures at the turbine entry for entry
pressure ratio of 1.0.

5.2.2.1 Turbine reduced mass flow rate

Figure A-19 to Figure A-27 show the variation of the reduced mass flow rate with the
turbine total-to-static pressure ratio at different entry pressure ratios. The reduced
mass flow rate of the K29 turbocharger is presented separately for each turbine
entry. The entry reduced mass flow rate is defined on the basis of the corresponding
entry total pressure and total temperature
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) My A \/T6t,A

Mred, T,A = p— (5.10)
6t,A

: M1+ TetB

Mred, 7B = p— (5.11)
6t,B

The reduced mass flow rate of each entry is also presented in the figures as a
function of the corresponding total-to-static pressure ratio

Tetes,A = Pet,A/Ps (5.12)

Teigs,8 = Pet/Ps (5.13)

Figure A-19 to Figure A-27 show that the entry reduced mass flow rate depends on
the corresponding total-to-static pressure ratio. The reduced mass flow rate of
entry A is less than that of entry B at entry total pressure ratio less than 1.0. The
reduced mass flow rate of entry A is greater than that of entry B at entry total
pressure ratio greater than 1.0. However, the two reduced mass flow rates are not
equal at entry pressure ratio of 1.0. The flow rate through entry A is higher than that
through entry B at entry pressure ratio of 1.0. This behavior was also recorded by
Pischinger and Wuensche (1978) for twin entry turbines. This behavior may be
explained with the variation of the rotor passage losses with the passage width as
follows. The passage width can be divided into two halves. The first half extends from
the rotor wall to the mid plane of the rotor. This half is facing entry B as shown in
Figure 5-18 and is therefore called half B. The second half extends from the rotor mid
plane to the rotor shroud. This half is facing entry A of the turbine and it is therefore
called half A. The comparison between the two halves shows that half A has a
shorter mean passage length than half B, Figure 5-18. This means that friction losses
and passage losses of half A are lower than that of half B. The rotor wall in half B
also causes higher development of the boundary layers in this half. Furthermore, the
higher radius of curvature of half B results in higher fluid velocity in this half. The high
fluid velocity and the high radius of curvature impose higher centrifugal force on the
fluid particles in half B. This higher centrifugal force presses the faster fluid particles
toward the rotor wall and deflects the slower particles from the wall. Thus the process
of turbulent mixing is accentuated and the intensity of turbulence
increases (Schlichting, 1968). This enhances the development of the boundary layers
on the rotor wall in half B. The relatively long passage length of half B enhances the
boundary layer development on the rotor wall further. The curvature of half A also
imposes centrifugal force on the fluid particles. However, it forces the faster particles
away from the wall and therefore impedes the turbulent mixing (Schlichting, 1968).
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rotor passage length
facing turbine entry A

rotor passage length
facing turbine entry B

Figure 5-18 Declaration of the effect of the rotor passage aerodynamic losses on the
entry mass flow rate of the K29 turbine

This causes a reduction of the boundary layer thickness in half A. the rotation of the
blades relative to the shroud causes a further decrease in the boundary layer
thickness. Therefore, half B is characterized by higher aerodynamic losses compared
with that of half A. This introduces higher aerodynamic resistance against the flow in
half B. Therefore, the flow rate through entry A is higher than that through entry B
even at entry pressure ratio of 1.0.

The effect of the turbine rotor on the entry flow rate can be further investigated with
the help of Figure 5-19. This figure shows the ratio of the entry flow rate to the total
turbine mass flow rate as a function of the entry isentropic pressure ratio yag at a
turbocharger rotational speed 81404 rpm. The entry isentropic enthalpy ratio yag is
defined as

YA =" (5.14)

At entry isentropic enthalpy ratio of 1.0, the flow rate through entry A is higher than
that through entry B as discussed above. For an entry isentropic enthalpy ratio of 0.6,
the mass flow rate through entry A represents 30% of the turbine mass flow rate and
that of entry B represents 70% of the turbine flow rate. For an entry isentropic
enthalpy ratio of 1/0.6, the mass flow rate through entry A represents 72.5% of the
turbine mass flow rate and that of entry B represents 27.5% of the turbine flow rate.
This means that the rotor aerodynamic resistance introduces asymmetry in the flow
rate through entries A and B. The flow rate through entry A at a certain entry
isentropic enthalpy ratio is always higher than that through entry B which operates at
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rotational speed 81404 rpm

the reciprocal of the same isentropic enthalpy ratio. This applies to all investigated
isentropic enthalpy ratios and rotational speeds, Figure A-28 to Figure A-30.

5.2.2.2 Turbine efficiency

The product of the turbine efficiency and the mechanical efficiency of the K29
turbocharger is estimated from (Section 1.5.2)

rhCAht,is,c_ 1

Nheat, T Mm = (5.15)

Mt Ahgigs is  Mheat,C
The isentropic total-to-static enthalpy difference of the K29 turbine is estimated from

_ Kexn _1 _ Kexn _1

¥ Kex v Kex
Mt A CpexhTotA| 1-Taigeh | TMTB Cpexn T6tB| 1~ Totged (5.16)

Ahgigs,is =

Mt A +M1B

Figure A-31 shows the variation of the product of the turbine efficiency and the
mechanical efficiency of the K29 turbocharger with the mean total-to-static pressure
ratio at different values of the turbine rotational speed parameter and entry pressure
ratio of 1.0. The mean total-to-static pressure ratio is defined as the ratio of the mean
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total pressure at the turbine entry to the static pressure at the turbine outlet. The
mean total pressure at the turbine entry is given by

Pet =0.5 (p6t,A + p6t,B) (5.17)

The estimated product of the turbine efficiency and the mechanical efficiency of the
K29 turbocharger represents the actual turbine performance. This is because the
compressor of the K29 turbocharger works almost adiabatically as mentioned before.
The product of the turbine efficiency and the mechanical efficiency is therefore not
affected by the amount of heat transfer to the compressor. However, the amount of
heat transfer from the turbine does affect the heat efficiency of the K29 turbine.
Figure A-32 shows the product of the turbine efficiency and the mechanical efficiency
of the K29 turbine at different exhaust gas temperatures at the turbine entry. The K29
turbine efficiency increases with decreasing the exhaust gas temperature at the
turbine entry. This behavior is also observed for the GT1749V 55 Trim turbocharger
within the investigated range of exhaust gas temperatures at the turbine entry. This
behavior occurs because decreasing the exhaust gas temperature at the turbine
entry results in decreasing the overall heat losses of the turbine.

It is also of special importance to investigate the effect of partial admission (nentry #
1.0) on the efficiency of the K29 turbine. Figure 5-20 shows the heat efficiency of the
K29 turbine as a function of the blade speed parameter u/cs at different entry
pressure ratios. The turbine heat efficiency is estimated from the measured product
of the turbine efficiency and the mechanical efficiency. The mechanical efficiency is
estimated from the frictional power of the K29 turbocharger. The turbine spouting
velocity [equation (1.20)) is estimated for the K29 turbine from

Cs = \/2Ah6t88,is (5.18)

The isentropic total-to-static enthalpy difference Ahgigsis is estimated under partial
admission conditions (mentry # 1.0) from equation (5.16). The line drawn in Figure 5-20
represents a parabolic best fit of the turbine heat efficiency at an entry pressure ratio
of 1.0. The turbine efficiency under full admission condition as well as under partial
admission condition depends mainly on the turbine blade speed parameter. A
function representing the turbine efficiency in terms of the blade speed parameter at
full admission condition can also be used to estimate the turbine efficiency under
partial admission conditions. This supports the statement that the blade speed
parameter u/cs is the main parameter affecting the efficiency of radial
turbines (Rodgers, 2003). This statement also applies to a partial admission condition
of the K29 twin entry turbine provided that the isentropic total-to-static enthalpy
difference is estimated under partial admission condition from equation (5.16).
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Figure 5-20 Heat efficiency of the K29 turbine as a function of the blade speed
parameter at different entry pressure ratios

5.3 Amount of heat transfer in/from the single entry turbocharger

The amount of heat transfer from the turbocharger to the ambient can be estimated
by applying a heat balance to the turbocharger. Figure 5-21 shows the turbocharger
as a thermodynamic system. The amount of heat transfer by convection and
radiation from the turbine to the ambient can be estimated from

System
boundary T, il

QT,con**rad \i\ rhT rnc/ E
! T C :
i / rhoﬂ \E
v v
T8t Toil,o T1t

Figure 5-21 Turbocharger as a thermodynamic system
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Qcon+rad,T = r.nTCp,exh (T6t - T8t)_ r.nC‘-';p,air(-l-St - T1t)_ Qo (5.19)

The total power added to the oil can be estimated from

Qg = r.noil(cp,oil,oToiI,o - Cp,oiI,iToiI,i) (5.20)

The subscripts i and o in equation (5.20) denote inlet and outlet of the bearing
housing, respectively. The amount of heat transfer from the turbine to the oil can be
estimated from the total power added to the oil and the bearing frictional power

Qr_oil = Qoil — QB fri (5.21)

The bearing frictional power can be estimated for the GT1749V 55 Trim turbocharger
from equation (5.2). The amount of heat transfer from the turbine to the compressor
through the bearing housing can be estimated from the equation

Qr_c =McCp air (Tse — T4t)— We (5.22)
The compressor aerodynamic work and hence the compressor power can be
estimated from the cold measurements.

The overall turbine heat loss is the summation of the amount of heat transfer from the
turbine to the ambient, the amount of heat transfer from the turbine to the oil, and the
amount of heat transfer from the turbine to the compressor through the bearing
housing

Q1 = Qeonrad,T + Qr0il + Qr_C (5.23)

Figure 5-22 shows the amount of heat transfer by convection and radiation from the
turbine to the ambient as a fraction of the total amount of heat transfer from the
turbine. Convection and radiation heat transfer from the turbine are the main
mechanisms of heat transfer from the turbine. They represent 60-70% of the total
amount of heat transfer from the turbine at low rotational speeds. This percentage
increases with increasing the turbocharger rotational speed and can be as high as
90% of the total amount of heat transfer from the turbine. This is because the amount
of heat transfer from the turbine to the oil as well as the amount of heat transfer from
the turbine to the compressor decrease with increasing the turbocharger rotational
speed.

The amount of heat transfer from the turbine to the oil represents 10-49% of the total
amount of heat transfer from the turbine as shown in Figure 5-23. This means that
the oil acts as a heat barrier that removes most of the heat transfer from the turbine
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to the compressor through the bearing housing.

The amount of heat transfer from the turbine to the compressor through the bearing
housing is less than 10% of the total amount of heat transfer from the turbine as
shown in Figure 5-24. This small percentage causes significant deterioration of the
compressor non-adiabatic performance at very low rotational speeds because of the
very small compressor aerodynamic work at this operating range.
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oo |} = T
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Heat transfer from turbine to compressor
to total heat transfer from the turbine Q_ /Q_ [-]

Figure 5-24 Range of heat transfer from the turbine to the compressor as a fraction of
the total amount of heat transfer from the turbine of the GT1749V 55 Trim
turbocharger

The total amount of heat transfer from the turbine itself represents a very small
fraction of the fluid power supplied to the turbine. Figure 5-25 shows the total amount
of heat transfer from the turbine as a fraction of the fluid power supplied to the
turbine. The total amount of heat transfer from the turbine represents about 6-8% of
the fluid power supplied to the turbine at 60000 rpm. This percentage decreases with
increasing the turbocharger rotational speed and reaches about 4% of the fluid power
supplied to the turbine at the rotational speed of 120000 rpm. This is because the
increase in the fluid power supplied to the turbine with increasing the turbocharger
rotational speed is more significant than the increase of the turbine casing
temperature, Figure A-12. Therefore, it can be said that the amount of heat transfer
from the turbine to the compressor represents about 0.4% of the fluid power supplied
to the turbine.
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Figure 5-25 Range of total amount of heat transfer from the turbine as a fraction of

the fluid power supplied to the turbine of the GT1749V 55 Trim
turbocharger

The power delivered by the turbine also represents a small fraction of the supplied
fluid power to the turbine as shown in Figure 5-26. The turbine power represents only
1-1.5% of the fluid power supplied to the turbine at a rotational speed of 60000 rpm.
This percentage increases with increasing the turbocharger rotational speed and
reaches about 4-5% of the fluid power supplied to the turbine at a rotational speed of
120000 rpm. This means that the total amount of heat transfer from the turbine is
higher than the turbine power at low rotational speeds.

Figure 5-27 shows the ratio of the total amount of heat transfer from the turbine to the
turbine power. The total amount of heat transfer from the turbine can be as high as 8
times the turbine power at low rotational speed. This causes the turbine
non-adiabatic efficiency to exceed 100% at low rotational speeds. The turbine power
increases with increasing the turbocharger rotational speed. The increase in the
turbine power with increasing the turbocharger rotational speed is faster than the
increase of the total amount of heat transfer from the turbine. This causes the ratio of
the total amount of heat transfer from the turbine to the turbine power to decrease
with increasing the turbocharger rotational speed. The sum of the total amount of
heat transfer from the turbine and the turbine power also represents a small fraction
of the fluid power supplied to the turbine. This means that the major fraction of the
fluid power supplied to the turbine is lost at the turbine outlet.
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Figure 5-28 shows the power lost at the turbine outlet as a fraction of the fluid power
supplied to the turbine. The power lost at the turbine outlet represents about 92% of
the fluid power supplied to the turbine. This means that the fluid power at the turbine
outlet could be further used in other applications to achieve the maximum use of the
exhaust gas power. This reduces the loss of power at the turbine outlet and improves
the overall engine efficiency.
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Figure 5-28 Range of power lost at the turbine outlet as a fraction of the fluid power
supplied to the turbine of the GT1749V 55 Trim turbocharger

5.4 Aerodynamic performance of micro compressors

Small turbocharger compressors are characterized by very small dimensions as
shown in Table A-1. The outer diameter of the GT1749V 55 Trim and
GT1749V 70 Trim turbochargers is only 49 mm. The width of the impeller at outlet is
only 3.35 mm and the width of the vaneless diffuser at outlet is only 2.66 mm. These
very small dimensions make detailed measurements of the flow field inside the
compressor almost impossible. However, it is very important to investigate the
aerodynamic performance of these micro turbomachines. This investigation helps in
understanding the aerodynamic performance of these machines and therefore
enhances the ability to improve their performance. It also helps in the simulation of
the compressor performance down to very low rotational speeds.

The compressor of the GT1749V 70 Trim turbocharger is used here for the
investigation of the aerodynamic performance of micro compressors. Static pressure
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tabs are located in the back side of the vaneless diffuser at diameter ratios A=1.26
and 1.6, respectively. The performance of the compressor is measured in cold as
well as hot experiments. The exhaust gas temperature at the turbine entry during the
hot measurements is kept at 873K. The compressor surface area is insulated during
the cold measurements to minimize any possible heat transfer from or to the
compressor during the measurements. The oil inlet temperature is also kept lower
than the total temperature at the compressor outlet to avoid heat transfer from the oil
to the compressor at low rotational speeds. Therefore, the measured compressor
performance during cold measurements can be considered to be the adiabatic
compressor performance. Figure A-33 and Figure A-34 show the measured
compressor performance maps during the cold and the hot measurements. The
comparison between the compressor adiabatic efficiency and the compressor
non-adiabatic efficiency also shows deterioration of the compressor non-adiabatic
efficiency at low rotational speeds. This is due to the amount of heat transfer to the
compressor through the bearing housing as mentioned before.

The static pressure distribution inside the diffuser at diameter ratios A = 1.26 and 1.6
is measured at every compressor operating point. Figure A-35 to Figure A-40 show
the measured static pressure distribution at every operating point during the cold
measurements. These figures show a clear effect of the volute tongue (located at
peripheral angle 119°) on the flow field inside the diffuser. This effect extends from
the diffuser outlet down to the diffuser inlet. This means that the volute tongue also
affects the flow field at the impeller outlet and hence the impeller aerodynamic
performance. The measured static pressure distribution also shows a static pressure
gradient in the circumferential direction inside the diffuser. This static pressure
gradient in the circumferential direction depends on the flow rate through the
compressor. The diffuser exhibits a negative pressure gradient in the circumferential
direction at flow rates higher than the design flow rate. The static pressure
distribution inside the diffuser is almost uniform in the circumferential direction at the
design flow rate. A positive static pressure gradient in the circumferential direction is
present inside the diffuser at flow rates lower than the design flow rate. This behavior
depends directly on the performance of the volute at different flow rates. The
geometry of the volute matches very well with the design flow rate. Therefore, neither
acceleration nor deceleration takes place inside the volute at the design flow rate.
This causes a uniform static pressure distribution in the circumferential direction at
the diffuser outlet. This uniform static pressure distribution also extends upstream to
the diffuser inlet. Flow acceleration takes place inside the volute at flow rates higher
than the design flow rate. This means that the volute operates as a nozzle at flow
rates higher than the design flow rate. This causes a negative static pressure
gradient inside the volute at high flow rates. The negative pressure gradient inside
the volute causes a negative pressure gradient in the circumferential direction at the
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diffuser outlet. This effect also extends upstream in the diffuser to the diffuser inlet.
The volute operates as a diffuser at flow rates lower than the design flow rate. This
causes a positive pressure gradient in the circumferential direction inside the diffuser.
This static pressure gradient in the circumferential direction extends from the diffuser
outlet upstream to the diffuser inlet. It therefore affects the flow field at the impeller
outlet and hence the impeller aerodynamic performance. It can therefore be said that
the aerodynamic performance of the compressor depends not only on the
performance of the individual components but also on the interaction between these
components.

Figure A-41 to Figure A-46 show a comparison between the static pressure
distribution at L = 1.6 and that at A = 1.26 for different compressor operating points.
Of particular importance in these figures is the measured static pressure at a
peripheral angle of 315°. This angle is located at 180° from the volute tongue in the
circumferential direction. The radial pressure gradient at this angle decreases with
decreasing the flow rate through the compressor. It becomes almost zero along the
compressor surge line. This means that flow separation takes place at this peripheral
angle along the compressor surge line. The flow field at the diffuser inlet where
separation takes place can be divided circumferentially into two main parts as shown
in Figure A-47. The first part extends from the volute tongue to 180° after the volute
tongue. This part is characterized by high positive pressure gradient in the
circumferential direction. This positive pressure gradient reaches the critical condition
at the end of this part (peripheral angle 315°) and therefore flow separation takes
place at the diffuser inlet. The second part extends from the point of the flow
separation to the peripheral angle corresponding to the inlet of the volute exit cone.
This part is characterized by slight flow acceleration with small negative pressure
gradient in the circumferential direction. This flow acceleration takes place as a result
of the flow separation and the existence of the volute exit cone in this part. It can also
be observed in Figure A-41 to Figure A-46 that the non-uniformity of the static
pressure distribution at the diffuser inlet is higher than that at the diffuser outlet along
the compressor surge line because of the flow separation at the diffuser inlet. This
non-uniformity increases significantly with increasing the rotational speed due to the
increased interaction between the impeller and the diffuser.

The investigation of the compressor performance during the hot measurements
shows the same behavior concerning the static pressure distribution inside the
diffuser and the flow separation at the peripheral angle 315°.

The above experimental results are further used in estimating the aerodynamic
losses and the slip factor of micro compressors. This estimation is very important for
the prediction of the compressor performance at very low rotational speeds. The
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estimation of the compressor aerodynamic losses and the slip factor is presented in
Chapter 6.
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6. EXTENSION OF THE TURBOCHARGER PERFORMANCE MAPS

6.1 Introduction

The extension of the turbocharger performance maps is very important for engine
simulation programs. This is because the turbocharger provides the boundary
conditions required for the estimation of the engine performance. Figure 1-9 (Pucher
et al., 2001) shows clearly that the measured compressor performance map covers
very few compressor operating points in comparison with the engine operating range.
This is also true for the turbine performance map. Therefore, an extension of the
turbocharger performance maps is very important for the simulation of engine
performance. Models for extending the turbocharger performance maps down to very
low turbocharger rotational speeds are presented in this chapter. The simulation of
the compressor performance in the fourth quadrant of the map is also considered in
the extension of the compressor performance maps.

6.2 Modeling of the heat transfer inside the turbocharger

Heat transfer takes place inside the turbocharger from the turbine to the bearing
housing as well as from the bearing housing to the compressor. Heat is also
transferred from the turbine to the compressor by radiation and convection. However,
test results show that the amount of heat transfer from the turbine to the compressor
by radiation and convection is very small and can be neglected. This also applies to
the amount of heat transfer from the compressor to the ambient. Therefore, heat
transfer by conduction through the bearing housing is assumed to be the main
source of heat transfer to the compressor. Figure 6-1 shows a schematic diagram of
the different heat transfer mechanisms that take place in the bearing housing in the
absence of turbocharger cooling water. Heat is transferred first from the turbine to the
bearing housing. Part of this heat transfer is removed by the lubrication oil. Another
part is transferred to the ambient by convection. The rest of the heat from the turbine
to the bearing housing flows into the compressor. The following assumptions are
made to simplify the modeling of the heat transfer inside the turbocharger

a. The temperature distribution in the radial and the circumferential directions inside
the bearing housing is uniform. This reduces the model to a simple one
dimensional model.

b. The thermal conductivity of the bearing housing is constant.

c. Cavitation does not take place in the clearance between the shaft and the bearing
housing. Thus, oil completely fills the clearance between the bearing housing and
the shaft.
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d. The oil temperature in the bearing clearance is uniform and equals the oil mean
temperature. The oil mean temperature is given by

Toilmean = O'5(-|-oi|,i + Toil,o) (6.1)

e. Heat transfer from the bearing housing to the oil takes place at a uniform
coefficient of heat transfer by forced convection.

f. Heat transfer by conduction through the shaft is negligible. This is because of the
small cross section area and the relatively long length of the shaft.

d Qcon

dQ0|I
System . \ :
boundary moilcpoil Toil,i QCtAIr
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Exhaust 4
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m,; CP.; Toil, o Qc‘
< LB >

Figure 6-1 Schematic diagram of the different heat transfer mechanisms in the
bearing housing

The differential equation of heat transfer through the bearing housing is obtained by
applying heat balance to an element of length dx as shown in Figure 6-1

Qy = Qyigx +dQuj(X) +dQcon (X) (6.2)

The amount of heat transfer to the element is given by Fourier's law as

oT
Qy =-kgAp Y (6.3)

The bearing cross sectional area is given by
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I
AB = Z(Dé’o - Dé,i) (64)
The amount of heat transfer by conduction at the exit from the element is given by

0

Quiax = Qx + &(Qx)dx (6.5)

The amount of heat transfer to the oil is given by

dQy = hoy - dAi(X) - (T = Tyt mean ) (6.6)
The inner surface area of the element is given by
dAi(X)ZPB‘idX (67)

The amount of heat transfer by convection from the bearing housing to the ambient is
given by

dQ¢on (X) =heon ’dAo(X)'(T_Tatm) (6.8)
The outer surface area of the element is given by

dA ,(x) =Pg , dx (6.9)
Substituting in equation (6.2) and rearranging
0 oT

(— kgAg 5—)() dx =hg; -Pg i - dx- (T — Toil,mean )+

hcon ’ I:)B,o -dx- (T - Tatm)

ox (6.10)

With the assumption that the thermal conductivity of the bearing housing is constant,
equation (6.10) reduces to

o°T

kgAg 8)(_2 —hg - I:)B,i : (T - Toil,mean )_ heon - |DB,o : (T - Tatm)= 0 (6.11)
Since
(T = Tatm ) =T- Toil,mean + (Toil,mean = Tatm ) (6_ 1 2)

Equation (6.11) can be rewritten as

o°T
kBAB 8)(_2 - hoiI ' I:)B,i ' (T - Toil,mean )_

(6.13)
hcon ’ I:)B,o ’ (T - Toil,mean ) = hcon ’ IDB,o ’ (Toil,mean - Tatm)

Equation (6.13) can be normalized by introducing non-dimensional expressions for
the temperature T and the distance x. These expressions take the form
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eh = (T - Toil,mean )/(TB,mean - Toil,mean) (6_ 1 4)
%h =X/Lg (6.15)
The bearing housing mean temperature is defined as

TBmean = (T6t + Tatm + Tst )/3 (6.16)

Substituting for 6, and 7, in equation (6.13) and rearranging

529h hoiI I:>B,i + hcon I:)B,o 2 . hcon I:>B,o 2 Toil,mean - Tatm
- BYh — B
5Xr21 kgAg kgAg TB,mean - Toil,mean (6.17)
By considering that
m2 _ hoiI I:)B,i + hcon I:)B,o
h KeAg (6.18)
O, = hcon PB,o 2 Toil,mean _Tatm
h — B
kgAp TB,mean - Toil,mean (6' 1 9)
Equation (6.17) can be rewritten as
020, (
- mhLB)Z Gh = Oh 6.20
o (6.20)

Equation (6.20) is a second order non-homogeneous partial differential equation. The
general solution of this equation is the summation of the homogeneous solution and
the non-homogeneous solution. The homogeneous solution of equation (6.20) is
known as

On,hom = Ctn €XP(MLg xn )+ C2n eXp(— mMiLg xn) (6.21)

where Cq, and Cyy, are constants. The non-homogeneous solution of equation (6.20)
can be obtained by assuming a general solution for the non-dimensional temperature
distribution and applying this solution to equation (6.20). This is achieved by
assuming that

Oh,non-hom = Can + Can xn (6.22)

where Czn and Cy4y, are constants. Substituting equation (6.22) in equation (6.20)

2
0- (mhLB) (Can +Canxn)=0On (6.23)

Equating the terms of both sides in equation (6.23)
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%8 = Can=-0y/(myLp) (6.24)

th = Can=0 (6.25)

So that, the non-homogeneous solution of equation (6.20) takes the form

h PB 0 Toil mean Tatm
O, non—h =—Oh/(mh Lg) = - == :
nen-hom hoiI I:)B,i + hcon I:)B,o TB,mean - Toil,mean (6'26)
The general solution of equation (6.20) is therefore
On = Cin exp(mpLg %n )+ Con exp(-mpLg xn) -
hcon I:)B,o Toil,mean - Tatm (6.27)

hoiI PB,i + hcon PB,o TB,mean - Toil,mean

The third term in the right hand side of equation (6.27) represents the non-
homogeneous solution of equation (6.20). Equation (6.27) presents the temperature
distribution in the bearing housing. This equation can be further used in estimating
the amount of heat transfer from the turbine to the bearing housing as well as from
the bearing housing to the compressor

oT kg A 00
Qr n = —keAg | =_SBOB (T - T, —n
T-B BB ax o LB ( B,mean oH,mean) P o (6_28)
oT kg A 00
B-C BB x ‘L, LB ( B,mean oH,mean) aXh L (6_29)

Therefore, the amount of heat transfer from the bearing housing to the compressor is
given by

Qs_c = ykpAg (N4 Pai + hoon Pao)- 6 30

(Con exp(-mglLg ) - Cy, eXp(mBLB))'(TB,mean _Toil,mean) (6.30)
Empirical expressions for the coefficients C4, and Cy, are obtained by fitting the
experimental data using the subroutine ‘“Ifit.for” (Press et al., 1992). The first
temperature distribution coefficient can be estimated from the equation

(6.31)

726.5 ReJ%°
C1h = O5Reg||1 {—OII’UFB»] - 1}

019 5.0.17
Prsii ~ Regi

where
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Far = f1(Tet/Tst)- f1(mg Le )-f1(Toii /Taim) (6.32)
_ (Tet/Tsy )1'2 -1

f1(Tot/Tst) = (Tou/To, ) (6.33)

fy(mg Lg ) = (mg Lg )72 exp|- 1.63 (g Lg ) +1)] (6.34)

1 (Toii/ Tatm ) = [1 A= (Toii /Tatm ) 0% ]_0'21 (6.35)

The oil Reynolds number is estimated from the equation

Coi D

Re, — JoilZhB

oil Vol (6-36)
The bearing hydraulic diameter is estimated from the equation
Dh,B = 2C|B (637)
The oil mean flow velocity is given by
Coit = Mait/(Poil Ao flow ) (6.38)
where

T

Aoil, flow = Z(Dé,i - Dghaft) (6.39)

The oil Reynolds number based on peripheral speed is estimated from
equation (5.3). The oil Prandtl number is given by

Poil Voil Cp, oil

P 0=
Foil . (6.40)

The oil thermal conductivity is calculated from the equation (Shell documentation)

oo 0.423 -0.000226t; kJ
o Poil, 15°c /1000 m-h-K (6.41)
where

toil oil temperature in °C
Poil, 15°C oil density at 15°C in kg\m?

This equation can be applied to mineral oils that have a density in the range 740-
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1000 kg/m?® at a temperature of 15 °C with accuracy of £10%. The oil properties are
estimated at the mean oil temperature. The coefficient of heat transfer by natural
convection is calculated from the natural convection correlations available in the
literature. The coefficient of heat transfer by forced convection from the bearing
housing to the oil is estimated from the experimental results

Te +T
nlg DB,i(GtZSt_Toil,meanj (6.42)

Figure A-48 shows a comparison between the estimated first temperature distribution
coefficient Cq, and the predicted one.

The second temperature distribution coefficient C,, can be estimated from the
equation

o _ 15.5F,
oh =
Pro% Rel2% Rel (6.43)
Fao = f2(Tet/Tst)- f2(mg Lg ) fo (Toil,i /Tatm) (6.44)
(Tet /st )4'86

f2 (T6t /T5t) = [

(Tot/Tst)"? - 1]2'95 (6.49)

fo(mg Lg ) = (mg Lg ) *%° eXp[O-38(mB Lg )1'2] (6.46)

fa (Toil,i /Tatm )= [1 A= (Toil,i/Tatm ) o ]1 ®

(6.47)
Equations (6.31) and (6.43) are obtained by fitting the test results. They can be used
within the operation range:

Reo” =38.5-150
Regiu = 1735 — 8087
Proi = 205 — 544

Figure A-49 shows a comparison between the estimated second temperature
distribution coefficient C,, and the predicted one.

Figure A-50 shows a comparison between the measured compressor adiabatic
efficiency and the calculated compressor adiabatic efficiency. The calculated
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adiabatic efficiency is extracted from the hot measurements of the compressor using
the model described above. The model can estimate the compressor adiabatic
efficiency within the range of the experimental error.

6.3 Heat transfer to the oil

The amount of heat transfer to the oil can be estimated with the help of the coefficient
of convective heat transfer to the oil. The coefficient of heat transfer by forced
convection from the bearing housing to the oil can be estimated using an empirical
correlation for the oil Nusselt number. This correlation is found from the experimental
results of the GT1749V 55 Trim in the form

Regi.GZ Re1.82

Nu,; = 0.795—°l _*~oilu g

oil F’rg}f oil (6.48)
where

_ 0.077 .0.32 5,.0.237 57.4
Foil = EXP[—0-61 [Reoil,u Regi Proi —WJJ (6.49)

This equation is obtained by fitting the test results and can be used within the
operation range:

Reo” =38.5-150
Reoiu = 1735 — 8087
Proi = 205 — 544

The oil Reynolds number Reg; and the oil Reynolds number based on shaft speed
Re,i, y in equation (6.48) account for the flow characteristics in both the axial and the
peripheral directions inside the bearing clearance.

Figure A-51 shows a comparison between the predicted oil Nusselt number and the
estimated oil Nusselt number. Equation (6.49) can be used to predict the oil Nusselt
number within the investigated operating range with an acceptable accuracy in
comparison with the very complex flow mechanism and heat transfer mechanism of
the oil in the bearing clearance.

6.4 Turbine heat transfer

The total amount of heat transfer from the turbine is the sum of the amount of heat
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transfer by radiation and convection from the turbine to the ambient and the amount
of heat transfer from the turbine to the bearing housing. The amount of heat transfer
from the turbine to the bearing housing can be estimated from equation (6.28). The
amount of heat transfer by radiation from the turbine is estimated from the simplified
equation

C:zT,Rad = Asurface,TGgT(Tgt - T:tm) (6.50)

The emissivity of the turbine casing is assumed to be 0.93 (experiments by Bohn et
al., 2003a). The amount of heat transfer by natural convection from the turbine to the
ambient is calculated from the simplified equation

Qr,con = Asurface, T Ncon, T (T6t - Tatm) (6.51)

The coefficient of heat transfer by natural convection is estimated from the available
natural convection correlations for a slender cylinder. However, a comparison with
test results shows that the actual coefficient of heat transfer is about 3.4 times that
calculated from free convection correlations. Therefore, it is recommended to multiply
the estimated value of the natural convection coefficient by 3.4 to account for the
high surface temperature and the complex geometry of the turbine casing. This
improves the prediction accuracy of the total temperature at the turbine outlet.
Figure A-52 shows a comparison between the measured total temperature at the
turbine outlet and the predicted one. The model described above can predict the total
temperature at the turbine outlet within a maximum error of £1.98%.

6.5 Compressor aerodynamic performance

The measured static pressure distribution in the vaneless diffuser of the
GTI749V 70 Trim compressor provides information regarding the aerodynamic
performance of the small compressors. It also highlights the importance of the
interaction between the components of the compressor. The measured static
pressure distribution is further used in estimating the aerodynamic losses and the slip
factor of the small compressors. This is achieved by solving the conservation
equations of the flow inside the diffuser at the measured static pressure distribution,
the total temperature at the impeller outlet, and the mass flow rate. The present
model is based on the conservation equations presented by Traupel (1977) for
vaneless diffusers. These equations assume that the losses in the diffuser are due to
fluid friction and energy dissipation only. The following assumptions are made

a. The flow inside the diffuser is one-dimensional.
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b. The compressor is adiabatic. This is because only the cold measurements of the
compressor are used in this model.

c. The swirl velocity at the impeller outlet is uniform around the impeller
circumference (Sideris and Van den Braembussche, 1987).

The conservation equations for the flow inside the diffuser are:

1. Conservation of mass

Crm (br)dp + plor)dc, + pey d(br) =0 (6.52)

2. Conservation of momentum (Traupel, 1977)

[2 .2
_CtPCuVCy +Cm 2

dirc, )= 6.53
( U) P2C2mbars ( )
3. Conservation of energy (Traupel, 1977)
/2
dp el rch ) caspled+ch)” 650
p 2 P2Combara '
where cqjs is the dissipation coefficient.
4. The equation of state
p/p =R T (6.55)
Equation (6.55) can be rewritten for adiabatic flow as
2
p c
P_R.ATs =
o al{ 2t ZCp,airJ (6.56)

By differentiating equation (6.56), where Ty is constant for the adiabatic compressor

dl P :_h i

p Cp,air \ 2 (6.57)
where
c®=cf+ch (6.58)
and

Rair _ Kair -1

= (6.59)

Cp,air Kair
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Therefore, equation (6.57) can be rewritten as

Kair d Pl__ Cﬁ"'cﬁw
Kair =1 \p 2 (6.60)

Equations (6.52), (6.53), (6.54), and (6.60) are the conservation equations governing
the flow in the vaneless diffuser of the compressor. These equations are further
normalized and solved in the non-dimensional form. Dividing equation (6.52) by
p Cnm (br) and rearranging

to (850, o)

o Cm br (6.61)
Equation (6.53) can also be rewritten as
[2, 2
rdc, +c,dr = — CiPCuNCu *Cm 24 (6.62)
P2Combars

Dividing equation (6.62) by r c, and rearranging

doy __ ng—cfpucﬁ +C§1 rdr

Cy r p2Combar (6.63)

Similarly, equations (6.54) and (6.60) can be solved together and normalized to give
an expression for the change in the meridional velocity through the diffuser

2 2 3/2
- p c,dc, + KairCdis S(C“bJrrCm) rdr _dgarr)
doym air P pP2ComP2l? (6.64)

Cm - 1_Crzn/(Kair p/p)

Equations (6.61), (6.63), and (6.64) are the non-dimensional equations governing the
flow through the diffuser. These equations are solved numerically by dividing the
diffuser into large number of radius segments Ar and peripheral angle segments A0.
The governing equations are solved in each segment along the streamline. The
friction coefficient is estimated from the available correlations for the flow between
two parallel plates. The solution procedure is programmed in a Fortran 77 program
called “V-Diffuser”. Figure 6-2 shows the flow chart of the program “V-Diffuser”. The
calculation starts by estimating the swirl velocity at the impeller outlet from the
measured total temperature at the compressor outlet. The program assumes a value
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no

@ Write the
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Figure 6-2 Flow chart for the program “V-Diffuser”
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for the dissipation coefficient cq4s as a ratio of the friction coefficient. The calculations
at different peripheral angles starts with the peripheral angle 6; = 0. The number of
peripheral angle segments as well as the radial segments can be controlled in the
input file of the program. The program also assumes a value for the local meridional
velocity at the impeller outlet for the calculated peripheral angle. The local flow
velocity at the impeller outlet can therefore be estimated from the equation

¢2(8;) = c3, + [com (6] (6.65)

The program assumes then a value for the local density at the impeller outlet for the
calculated peripheral angle. Therefore, the mass flow rate through the calculated
segment can be estimated from

m(6;) = p2(6;)A2(61)com(6;) (6.66)

Equations (6.61), (6.63), and (6.64) are then solved at different radius steps. The
calculations are divided into three different stages. The first stage takes place from
the impeller outlet up to the diameter ratio of the first measured static pressure
distribution, 2=1.26 for the GT1749V 70 Trim. At this point, the program compares
the calculated static pressure with the measured one. If the calculated static pressure
does not equal the measured one, the program assumes a new value for the local
density at the impeller outlet and repeats the calculations once again. The
calculations are repeated until the deviation between the estimated and the
measured static pressure becomes within an acceptable percentage error. The
acceptable deviation of the calculated pressure from the measured pressure is
specified in the input file of the program. The program performs spline interpolation of
the measured data to find the value of the static pressure if the calculated peripheral
angle is located between two measured peripheral angles. Once the calculated static
pressure coincides with the measured one, the program performs the second stage
of the calculations. The conservation equations are solved along the same streamline
until the diameter ratio of the second measured pressure distribution is reached,
A=1.6 for the GT1749V 70 Trim. The program compares the value of the calculated
static pressure with the measured one. If both values do not agree with each other,
the program assumes new value for the local meridional velocity at the impeller outlet
and repeats the calculations. Once the value of the calculated static pressure agrees
with the measured one, the program performs the third stage of calculations. The
calculations are also performed along the same streamline until the diffuser outlet is
reached. This calculation procedure is repeated at the different peripheral angles.
The flow rate through the compressor is estimated at the end of the calculations at
the different peripheral angles from the equation
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Meal = ZPZ(Gi)AZ(ei)CZm 6) (6.67)

where ng is the number of the calculation segments in the circumferential direction.
The estimated flow rate is compared with the measured one. If the estimated flow
rate does not agree with the measured one, a new value for the dissipation
coefficient is assumed and the calculations are repeated. The diffuser of the
GT1749V 70 Trim is divided into 1500 radial segments and 360 peripheral segments.
This requires about 11 hr calculation time for the complete measured performance
map of the GT1749V 70 Trim compressor on a Pentium 4 processor.

The experimental data of Rautenberg et al. (1998) are used to validate the model
described above. These data represent the aerodynamic performance of a large
centrifugal compressor with a vaneless diffuser and an external volute.
Figure A-53 shows a comparison between the measured volute loss coefficient and
the calculated one for the data of Rautenberg et al. (1998). The volute loss coefficient
is defined as

Evol :—0'5’)30% (6.68)

It is evident in Figure A-53 that the model described above can predict the flow field
inside the diffuser with a good accuracy. This is not only true for the loss coefficient
but also for the flow angle at the diffuser outlet as shown in Figure A-54.

6.6 Compressor aerodynamic losses

6.6.1 Overall aerodynamic losses

Compressor aerodynamic losses are divided into impeller, diffuser, and volute losses.
The impeller loss coefficient in the present work is defined as

Cp,air (T2t,adi —Tatis )

&imp = U% (6-69)

The diffuser loss coefficient is defined as

Pot —P3t

Cdif = 0.5 p, C% (6.70)
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The volute loss coefficient is defined in equation (6.68). Figure 6-3 shows the overall
loss coefficient of the GT1749V 70 Trim compressor as a function of the impeller flow
coefficient. The overall compressor loss coefficient is estimated from the equation

_ Cp,air(-l-St,adi - T5t,is)

g

c o2 (6.71)
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Figure 6-3 Overall loss coefficient of the GT1749V 70 Trim compressor

The minimum compressor overall losses take place at the compressor design point.
The losses increase with decreasing the flow rate from the design flow rate. This is
because of the increase in the diffusion losses, incidence losses, and the diffuser
losses. Flow rates greater than the design flow rate cause a further increase in the
compressor aerodynamic losses. This increase is due to the increased incidence
losses, passage losses, and volute losses. The aerodynamic losses of the individual
components of the compressor are discussed in details in the following sections.

6.6.2 Impeller aerodynamic losses

The impeller loss coefficient is estimated using the program “V-Diffuser”. Figure 6-4
shows the estimated impeller loss coefficient as a function of the impeller flow
coefficient. The impeller loss coefficient is about 1/3 the overall loss coefficient of the
GT1749V 70 Trim compressor. It reaches a minimum value at the compressor design
point. This is because the flow angle at the impeller inlet matches very well the blade
angle at the impeller inlet. The compressor design point also represents an
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Figure 6-4 Impeller loss coefficient of the GT1749V 70 Trim compressor

optimum point for diffusion, blade loading, passage, and friction losses. The losses
increase at low flow rates due to the increased incidence, diffusion, and blade
loading losses. They also increase with increasing the flow rate due to the increased
incidence, passage, and friction losses.

The impeller loss coefficient can be modeled by considering the main loss
mechanisms of the impeller. These loss mechanisms can be classified into

Incidence losses
Friction losses

Disk friction losses
Diffusion losses
Passage losses
Clearance losses
Blade loading losses

Noak~kowdb=

Incidence losses take place at the impeller inlet during compressor off-design
operation due to the mismatch between the flow angle and the blade angle.
Figure 6-5 shows a schematic diagram of the velocity triangle at the impeller inlet
during off-design operation. The incidence losses are considered to be proportional
to the kinetic energy based on the normal component of the relative velocity at the
rotor inlet (Whitfield and Baines, 1990)
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Figure 6-5 Schematic diagram of the velocity triangle at the impeller inlet during
off-design operation

Winc,loss = Kinc '0-5W12 Sinz[abs([31b - B1,opt )] (6.72)

The value of the correction factor K¢ is to be determined from the experimental data.
The optimum flow angle at the impeller inlet B4t can be estimated by applying the
continuity equation to the flow at the impeller inlet (Whitfield and Baines, 1990). It can
also be estimated from the measured performance map. This is done by considering
the compressor best efficiency point as the design point. The flow angle at the
impeller inlet is estimated for the design flow rate. This angle is considered the
optimum flow angle at the impeller inlet.

Impeller friction losses are estimated from the analogous pipe friction model

4CfLimp W% + W12
2 (6.73)

Wfri,loss -

I:)h,imp

The impeller passage length Limp is considered to be the mean of two quarter circles
representing the blade contour (Baines, 1998). The impeller hydraulic diameter D, jmp
is the mean of the hydraulic diameters at the impeller inlet and the impeller outlet.
The friction coefficient of the impeller is estimated from the available pipe flow models
at the impeller Reynolds number

Reymy = 0.5(w2 + w1)Dh’imp

6.74
Vair ( )
Disk friction losses are estimated from the correlation of Daily and Nece (1960).
Impeller diffusion losses are considered to be proportional to the difference between
the kinetic energy at the impeller inlet and that at the impeller outlet
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wi - w3

Wiitt loss = Kaiff 5

(6.75)

Passage losses are considered to be proportional to the mean kinetic energy of the
impeller

W%+W12

Wpass,loss = Kpass T (6.76)

Clearance losses are considered to be proportional to the energy carried by the flow
through the impeller clearance

m
Welloss = Kol WCIU2C2U (6.77)
The flow rate through the clearance is estimated from the model of Aungier (Aungier,

2000). Blade loading losses are considered to be proportional to the square of the
impeller blade loading

Whioss = Ky (Wsuc - Wpre)2 (6.78)

The impeller blade loading is estimated from the equation (Aungier, 2000)

Wsuc _Wpre - 7 Limp Cou (6_79)

The impeller loss coefficient can therefore be expressed as

_ Zwimp,loss
&imp - T (6-80)

Expressions for the unknown empirical coefficients are obtained by fitting the
estimated impeller aerodynamic losses with equation (6.80). The data used to obtain
these expressions are those of the large centrifugal compressor (1998) and the very

small GT1749V 70 Trim compressor. The unknown empirical coefficients can be
estimated from the following equations

King 1.0 (6.81)

Kagitr =0.367 (wy/wy)" (6.82)
9.327

Kopes = — 22" 10.005

Pass = 09(0,D,)7 (6.83)

imp
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K. =0.0524 (6.84)

Figure A-55 shows a comparison between the estimated impeller loss coefficient
using the program “V-Diffuser” and the calculated one using the above loss model.

6.6.3 Diffuser aerodynamic losses

Diffuser losses are also estimated from the measured static pressure distribution in
the vaneless diffuser using the program “V-Diffuser”. Figure 6-6 shows the variation
of the diffuser loss coefficient with the impeller flow coefficient for the
GT1749V 70 Trim compressor. The diffuser loss coefficient increases with
decreasing the compressor flow rate. This is mainly because of the increase in the
pressure gradient through the diffuser with decreasing flow rate. This increases the
diffusion losses and the development of the boundary layers inside the diffuser. The
diffuser aerodynamic losses also affect the diffuser pressure coefficient

Cogi = P3 —P2

PAt "5 g py C2 (6.86)
Figure 6-7 shows the variation of the diffuser pressure coefficient with the impeller
flow coefficient for the GT1749V 70 Trim compressor. The diffuser pressure
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Figure 6-6 Diffuser loss coefficient of the GT1749V 70 Trim compressor



116 6.EXTENSION OF THE TURBOCHARGER PERFORMANCE MAPS

07 | | |
O 064 S SN S S
E T
S e | : L
&= U SO R U s S S
I
o | T
B 04 R
o i ‘
5 - | | ‘
Q 0.3 S - Turbocharger: GT1749V 70 Trim
£ | . n_, . =60000 - 160000 rpm
D ’ " ' '
0.2

d T d T d T d T d T d
0.0 0.1 0.2 0.3 0.4 0.5 0.6
Compressor impeller flow coefficient ¢, [-]

Figure 6-7 Diffuser pressure coefficient of the GT1749V 70 Trim compressor

coefficient increases with decreasing the diffuser losses. This is because the diffuser
loss coefficient and the diffuser pressure coefficient are actually related to each
other. This can be clarified with the help of equation (6.86). This equation can be
rewritten as

(p3t -0.5p3 C%)— (pzt -0.5p, Cg)
0.5p5 C%

Cp.dif = (6.87)

Rearranging equation (6.87)
P C ’ P P
Co e =1—| B3 _3J _ P2t 7Pst
p,dif (sz(Cz 0.5p, C% (6.88)

The third term in the right hand side of equation (6.88) is the diffuser loss coefficient.
The ideal diffuser pressure coefficient is achieved at zero losses inside the diffuser

2
p3 \[cC
Cpdifideal =1- (i} (ij (6.89)

Therefore, the diffuser pressure coefficient is related to the diffuser loss coefficient by
the relation

Cp.dif = Cp,dif,ideal — Edif (6.90)
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The ideal diffuser pressure coefficient depends on the geometry of the diffuser as
well as the flow angle at the diffuser inlet. If the flow in the diffuser is incompressible
and the swirl velocity at the diffuser outlet can be estimated from the free vortex flow
relation

Cay =l Cy /T3 (6.91)

then the ideal diffuser pressure coefficient can be estimated from

D_zjz 1+ (by/bs )P tan2 o,

Cp,difideal =1— (Ds

1+ tan? oo (6.92)

Equation (6.92) shows clearly that the diffuser pressure coefficient depends on the
geometry of the diffuser as well as the flow angle at the diffuser inlet. The diffuser
loss coefficient also depends greatly on the diffuser geometry and the flow angle at
the diffuser inlet.

Two additional vaneless diffusers are computed with the program “V-Diffuser” to
obtain a general correlation for the diffuser loss coefficient. These diffusers have a
width to diameter ratio b,/D, = 0.065 and diameter ratios A = D3/D, = 1.5 and 1.9. The
impeller outer diameter of these two compressors is 0.4m. The vaneless diffuser of
the GT1749V 70 Trim has a width to diameter ratio b,/D, = 0.068 and a diameter
ratio L = 1.67. Therefore, the analysis covers a wide variety of diffuser geometries.

An expression for the vaneless diffuser loss coefficient is obtained from the estimated
performance of the three different diffusers in the form

o o \083 P Ny 30T
E gi :(%j [i} (bZDZJ (n —1)°%° exp(~3.1sina,) (6.93)

Figure A-56 shows a comparison between the diffuser loss coefficient and the loss
coefficient estimated from equation (6.93). The diffuser loss coefficient of the small
GT1749 70 Trim compressor is higher than that of the large centrifugal compressors.
This is because of the very small diffuser width of the GT1749V 70 Trim compressor.
This amplifies the effect of the boundary layer on the diffuser performance. It also
causes an increase in the dissipation and the friction losses of the GT1749V 70 Trim
compressor diffuser in comparison with the vaneless diffusers of the large centrifugal
compressors.

The friction coefficient and the dissipation coefficient in equation (6.93) are estimated



118 6.EXTENSION OF THE TURBOCHARGER PERFORMANCE MAPS

at the diffuser mean diameter. An expression for the dissipation coefficient is
obtained from the data of the three different diffusers. This expression provides the
mean value of the dissipation coefficient and not the local value in the boundary
layers. The expression takes the form

0.379_6-2bd\f,mean /D2

dif,
Cgis =90.7 : m‘;a; exp(-1.225¢cos a5 ) (6.94)
(0.009 Re P can + 390)

The mean diffuser Reynolds number is estimated from the equation

0.5 (C2 +C3)(2bd'f’ )
Redif,mean - 05 (VZ +V;)mean (6.95)

Figure A-57 shows a comparison between the estimated values of the dissipation
coefficient and calculated values from equation (5.96) for the three investigated
vaneless diffusers.

6.6.4 Volute aerodynamic losses

The experimental investigation of the GT1749V 70 Trim compressor shows that the
volute can act as a diffuser at low mass flow rates or as a nozzle at high mass flow
rates. The flow inside the volute neither accelerates nor decelerates at the design
flow rate of the volute. Figure 6-8 shows the variation of the volute loss coefficient of
the GT1749V 70 Trim compressor with the impeller flow coefficient. The volute loss
coefficient increases with increasing the flow rate through the compressor. This is
because of the increase in the meridional velocity at the volute inlet. This meridional
velocity generates a vortex inside the volute. The vortex may be completely
dissipated in the volute and this causes an increase in the volute loss coefficient. The
vortex also increases the friction losses and the exit cone losses of the volute.
Increasing the flow rate also causes a high acceleration in the volute. This increases
the losses in the volute further. Figure 6-8 shows also that the volute loss coefficient
for the GT1749V 70 Trim compressor exceeds unity at high flow rates. This means
that the total pressure loss in the volute exceeds the dynamic pressure at the diffuser
outlet. This behavior takes place at high negative pressure gradient inside the volute
where the dynamic pressure at the volute outlet is greater than that at the inlet. The
accelerating flow in the volute is characterized by negative volute pressure coefficient

_ b5 —P3

C =
p,vol 0.5p5 C% (6.96)
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Figure 6-8 Volute loss coefficient of the GT1749V 70 Trim compressor

Figure 6-9 shows the volute pressure coefficient as a function of the impeller flow
coefficient. Acceleration takes place at high mass flow rate and this causes a
negative volute pressure coefficient. The volute acts as a diffuser at low mass flow
rate with a positive pressure coefficient. Zero pressure coefficient of the volute
means neither acceleration nor deceleration of the flow in the volute. This takes place
at the design point of the compressor. This behavior can be observed in Figure 6-9
and Figure 6-3 where the volute pressure coefficient is shown to be zero at the point
of the minimum measured compressor losses. This zero pressure coefficient at the
design point means that the estimated performance using the program “V-Diffuser”
matches very well the experimental results of the GT1749V 70 Trim compressor.

Figure 6-10 shows the combined pressure coefficient for the volute and the diffuser

Ps —P2

C dif | =
P 0.5p,C3

(6.97)

The combined pressure coefficient is higher than the diffuser pressure coefficient at
flow rates less than the compressor design flow rate. This is because of the
additional positive pressure gradient in the volute at low flow rates. The combined
pressure coefficient coincides with that of the diffuser at the design point where the
volute pressure coefficient equals zero. The combined pressure coefficient is lower
than that of the diffuser at high flow rates due to the negative pressure gradient of the
volute. At very high flow rates, the high negative pressure gradient in the volute
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overcomes the positive pressure gradient of the diffuser and the combined pressure
coefficient is negative.

The volute loss coefficient can be expressed in terms of the main loss mechanisms
inside the volute. These losses can be divided into

1. Friction losses

2. Exit cone losses

3. Loss of meridional velocity
4. Diffusion losses

Figure A-58 shows a schematic diagram for the volute. The friction losses of the
volute are estimated from the equivalent pipe flow models

2
4c¢ I-vol,mean P_5[C_4j

éfri,vol = Dh,4 03 | Ca (6.98)
The mean volute length is estimated from the equation
L vol,mean =71:(I'3 + rcone) (6.99)
The friction coefficient is estimated at a mean volute Reynolds number

0.5(c4 +cC D
Revol,mean = ( 47 u,vol,mean) h4 (6.100)

V4
The mean velocity in the circumferential direction is estimated from the equation

c __ "3Cus
u,vol,mean 0_5(r3 +rcone) (6.101)

The exit cone loss can be estimated from (Aungier, 2000)

£ _(eq -cs)’
vol,cone — C% (6.1 02)

This equation is modified to account for the density change along the volute

& | :p_SM 6 103
vol,cone p3 C% ( - )

The meridional flow at the volute inlet is directed into a vortex. This vortex is normally
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assumed to be completely dissipated in the volute (Aungier, 2000, Whitfield and
Baines, 1990). However, this vortex may not be completely dissipated. It is also
possible that part of the meridional velocity at the volute inlet is recovered in the exit
cone (Japikse, 1996). Therefore, the effect of the meridional velocity at the volute
inlet is modeled in two ways. First, a fraction of the meridional velocity is considered
to be dissipated in the volute

2
Cam
=K —
évol,m vol,m( Cs j (6.104)

Secondly, the vortex generated by the meridional velocity is assumed to increase
friction and exit cone losses of the volute. A correction factor is inserted to account
for the effect of the meridional velocity on friction and exit cone losses. It also
accounts for the effect of the boundary layer on friction and exit cone losses.

The volute diffusion losses are considered to take place when the mean dynamic
pressure of the volute is greater than the dynamic pressure at the inlet of the volute
exit cone. The volute diffusion loss coefficient is expressed as

£ oL =K Id.f{l)Bcﬁ,vol,mean _940421J 6.105

vol,ditt — " “vol,ai .
Pscg ( )

Therefore, the volute loss coefficient is presented in the form

Evol :(‘:vol,fri + Eyol,cone )Fvol +Evolm + Svoldiff (6.106)

Values for the unknown coefficients can be estimated from the experimental data.
This model is applied to the data of the GT1749V 70 Trim compressor as well as to
the experimental data of Rautenberg et al. (1998). Figure A-59 shows a comparison
between the volute loss coefficient of the large centrifugal compressor with an
external volute (Rautenberg et al., 1998) and the loss coefficient estimated by fitting
the experimental data with equation (6.106). Similar results for the GT1749V 70 Trim
compressor with a central volute are shown in Figure A-60. Figure A-59 and Figure
A-60 show clearly that equation (6.106) can correctly represent the loss mechanisms
inside the volute. However, it is difficult to find recommended values for the unknown
empirical coefficients that match the whole operating range of both compressors.
This is because of the wide variety of designs available for the volute. However,
recommended values for the empirical coefficients of equation (6.106) are obtained
for the low rotational speed operating range of the small and the large compressor.
This is because of the relatively weak vortex inside the volute at low rotational
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speeds. These values are

Kyolm =0.43 (6.107)

Kyolditt = 0.54 (6.108)
3.28 c o

" ReSSS {O-S(CU,vm,j:an +cy) J (6:109)

6.6.5 Effect of aerodynamic losses on the overall compressor performance

The overall compressor performance results from the performance of the individual
compressor components. The contribution of each component to the overall
performance depends on the compressor operating point. The diffuser aerodynamic
losses are very significant at low mass flow rates while the volute aerodynamic
losses are very significant at high flow rates. Figure A-61 and Figure A-62 show the
total pressure loss of each compressor component as a fraction of the compressor
overall total pressure loss of the GT1749V 55 Trim compressor. The measured
compressor adiabatic efficiency is also presented in the same figures. It can be
observed that the best measured efficiency at each rotational speed is located at the
point of interaction between the volute total pressure loss and the diffuser total
pressure loss. This means that the best efficiency point represents an optimum point
for these two components. This behavior is also shown by the data of Rautenberg et
al. (1974) as shown in Figure A-63. However, the best efficiency point for the data of
Rautenberg et al. (1998) is located at the point of intersection between the volute
total pressure loss and the impeller total pressure loss, Figure A-64. This is because
the diffuser total pressure loss is very small compared with the total pressure loss of
the impeller and the volute. Therefore, it can be generally said that the compressor
best efficiency point represents an optimum point for the aerodynamic losses of the
individual compressor components.

6.7 Slip factor

The slip factor of centrifugal compressors accounts for the deviation of the actual
swirl velocity at the impeller outlet from the ideal one. This deviation depends on
many geometrical and operating parameters of the compressor. The slip factor is
estimated from the computation of the flow field inside the diffuser using the program
“V-Diffuser”. This is because the direct estimation of the slip factor from the
measured data requires information regarding the density at the impeller outlet. This
requires detailed measurements at the impeller outlet. These detailed measurements
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are almost impossible for small centrifugal compressors. The actual swirl velocity at
the impeller outlet is estimated by applying the energy equation and Euler’s equation
for turbomachinery to the impeller in the absence of compressor inlet guide vanes

Coy = [Cp,air (T2t,adi - Tyt )— Wimp, diskf ]/Uz (6.110)

Most of the authors (Aungier, 2000, Aungier, 1995; Whitfield and Baines, 1990)
neglect the disk friction losses in the estimation of the slip coefficient. This is because
disk friction losses are very small compared with the compressor aerodynamic work
during the normal operation of the compressor. However, the aerodynamic work of
the compressor decreases with decreasing the compressor rotational speed.
Therefore, disk friction losses may be important at low rotational speeds in
comparison with the compressor aerodynamic work. Therefore, the disk friction
losses are included in the estimation of the compressor slip factor. Figure 6-11 shows
the variation of the slip factor with the impeller flow coefficient for three different
impellers.

The slip factor of the centrifugal compressors increases with increasing the impeller
blade angle at outlet. It also increases with decreasing the flow rate through the
impeller. This is because of the jet-weak flow inside the impeller and the flow
separation on the pressure side of the blade with decreasing the flow rate. These
cause an increase in the relative velocity near and at the suction side of the blades.
The relative flow angle gets closer to the blade angle at the impeller outlet and the
slip factor is improved. The slip factor of the radial impeller and the back-swept
impeller decreases with increasing the flow rate within the investigated range of
operation. The slip factor of the GT1749V 55 Trim impeller decreases first with
increasing the flow rate and then starts to increase once again with increasing the
flow rate. The increase of the slip factor at high flow rates is due to the increase in
the fluid inertia with increasing the flow rate. This is because the high inertia fluid has
less ability to follow the change in the back-sweep angle near the impeller outlet.
Therefore, the fluid flows closer to the blade suction side at the impeller outlet and
this causes an increase of the slip factor.

The classical explanation for the slip phenomena (Balje, 1981, Whitfield and Baines,
1990) uses the concept of relative eddy. As the flow into the impeller is normally
irrotational and a frictionless fluid will remain irrotational, then the flow at the impeller
outlet must rotate relative to the impeller with an angular velocity equal and opposite
to that of the impeller (Balje, 1981; Whitfield and Baines, 1990). The slip velocity at
the impeller outlet can be estimated from

Cslip = eddy @ (6.111)
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Figure 6-11 Variation of the slip factor with the impeller flow coefficient for three
different impellers

The eddy radius at the impeller outlet in the absence of flow separation and

aerodynamic blockage of the impeller area at outlet can be estimated from the
equation

Feddy :&SinBZb 6.112
2z (6. )

However, aerodynamic blockage and flow separation take place inside the impeller.
Therefore, the eddy radius at the impeller outlet is expressed as

nD, .
leddy = 2—223'“sz Feady (6.113)

The empirical coefficient Feqqy accounts for the effect of the geometrical and
operating conditions of the impeller on the eddy radius. Substituting equation (6.113)
in equation (6.111) and rearranging

T .
Csiip = U2 —~SINP2y Fegay (6.114)

Therefore, the slip factor of the compressor can be expressed as

)
Coub

™ .
p=1- ;S'”sz Feday (6.115)
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The slip factor formula of Stanitz (1952b) for radial impellers can be obtained from
equation (6.115) by substituting for the empirical coefficient Feqqy by 0.63. An
expression for the empirical coefficient Feqqy is obtained by fitting the estimated
values of the slip coefficient for the three different impellers using the subroutine
“Ifit.for” (Press et al., 1992)

J—0.924 (w,/w, )" cosB,,

0.697+0.054A8
Fosay = 0.0294 (wp/w+) i Re0.25 (CA (6.116)
(D2/D4rms 1) Coub
The blade camber parameter is defined as
Ap= (B2b ~Bib,mean )/B1b,mean (6.117)

The ratio of the relative velocity at the impeller outlet to that at the impeller inlet is the
de Haller number. The de Haller number and the impeller passage Reynolds number
account for the effect of flow separation and the development of the boundary layers
inside the impeller on the slip factor. The blade camber parameter and the impeller
diameter ratio account for the effect of passage geometry on the slip factor. The ratio
of the flow velocity at the impeller outlet to the ideal swirl velocity accounts for the
effect of fluid inertia on the slip factor. The effect of fluid inertia is more significant for
impellers with small blade angles at the impeller outlet. This is because small blade
angle at the impeller outlet implies higher change in the peripheral direction near the
impeller outlet. Therefore, impellers with small back-sweep angle are more affected
by the fluid inertia.

Combining equations (6.115) and (6.116), the slip factor can therefore be estimated
from the equation

Us Esinﬁ% ' 0.0294(w, /w4 )0.697+o.054 AB |
Coub Z (DZ/D‘I,rms _1)0.945

p=1-

~0.924 (w,/w,) " cosB,, (6.118)
CZu,bj

0.252| Com
Reirnp (—

A mean value for the eddy parameter based on the data of the three different
impellers is found to be 0.76. Therefore, a simplified formula for the quick estimation
of the slip factor takes the form

)

T .
n= 1-0.76 Czu’b ;Sln BZb (61 19)

This formula can be applied for both the backswept as well as the radial impellers.
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Figure A-65 to Figure A-67 show a comparison between the estimated values of the
slip factor and the calculated values for the three different impellers. Equation (6.118)
estimates the slip coefficient of the three different impellers with a good accuracy. It
can also simulate the effect of the fluid inertia on the slip factor. The Wiesner
correlation (1967) intersects with the estimated slip factor at some operating point.
However, this operating point is not the compressor design point as it should be. The
simplified formula, equation (6.119), can also be used to estimate the slip factor. For
the three investigated impellers, it has generally a better accuracy than the Wiesner
correlation. It also has a better accuracy than the Stanitz correlation for the radial
impellers at the compressor design point. Table 6-1 shows the percentage error in
estimating the slip factor at the compressor design point using equation (6.118),
equation (6.119), Stanitz’s correlation [equation (2.11)], and Wiesner’s correlation
[equation (2.12)].

Table 6-1 Percentage error in estimating the slip factor at the compressor design
point
% Error in the estimated slip coefficient
Impeller geometry Equation Equation Wiesner Stanitz
(6.118) (6.119) correlation | correlation

B2p=60° D= 0.4 m 1.08% 4.9% 6.65% | -
B2p=42° Do=0.049 m 0.327% 4.01% 872% | -
B2b=90° D2= 0.4 m 2.6% 0.55% 0.94% 1.75%

6.8 Part load performance prediction of small turbocharger compressors

The present performance prediction model is based on the mean streamline
prediction technique. The model uses empirical loss correlations along the mean
streamline to predict the performance of the compressor. The compressor
aerodynamic work is estimated from the application of Euler's equation for
turbomachinery to the impeller. This also requires the prediction of the impeller slip
factor under different geometrical and operating conditions.

The above empirical loss correlations as well as the slip factor correlation are used to
predict the compressor performance at part load operation. A Fortran 77 program,
called “CPLP-Prediction”, is written to predict the compressor performance at part
load operation. Figure 6-12 shows a flow chart for the program. The calculations start
with the assumption that the flow in the impeller is incompressible. This assumption
can be applied at low rotational speeds. However, the program performs iterating
calculations to estimate the actual density at the impeller outlet. The initial
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assumption of the density at the impeller outlet permits the estimation of the ideal
swirl velocity at the impeller outlet. The slip factor is also estimated from iterating
calculations. A value is initially assumed for the slip factor. This provides the estimate
of an initial value for the actual swirl velocity at the impeller outlet. The velocity
triangle at the impeller outlet can therefore be initially estimated. The relative velocity
at the impeller outlet as well as the total temperature and the total pressure at the
impeller outlet can also be estimated. The initial estimation of the velocity triangle at
the impeller outlet permits the estimation of a new value for the slip factor using
equation (6.118). The new value of the slip factor is compared with the initial value.
The previous calculations are iterated until the value of the slip factor is converged.
This means that the actual velocity triangle at the compressor outlet as well as the
total pressure and the total temperature are known. However, these parameters are
known for the initial assumption of the density at the impeller outlet.

The impeller aerodynamic losses are estimated from equations (6.72) to (6.80). The
estimation of the impeller aerodynamic losses enables the estimation of a new value
for the total pressure at the impeller outlet. Therefore, a new value for the density at
the impeller outlet can also be estimated. This new value is compared with the initial
one and the calculations are iterated until the density at the impeller outlet is
converged. This means that the impeller aerodynamic work as well as the flow field at
the impeller outlet has been now predicted.

The conservation equations of the flow inside the diffuser are then solved. The
solution of these equations is similar to the one used in the program “V-Diffuser”.
However, these equations are solved only in the radial direction using the mean
values of the flow at the impeller outlet. The dissipation coefficient is estimated from
equation (6.94). The compressor performance is predicted for the adiabatic condition
only. This means that the total temperature at the diffuser outlet equals the total
temperature at the impeller outlet. The solution of the flow field inside the vaneless
diffuser allows the prediction of the diffuser loss coefficient as well as the total
pressure and the velocities at the diffuser outlet.

The aerodynamic losses of the volute are estimated from equations (6.98) to (6.106).
This also requires iterative calculations for the density at the compressor outlet. The
prediction of the volute performance enables the estimation of the total pressure at
the compressor outlet. The compressor total pressure ratio is estimated from the total
pressure at the compressor outlet and the total pressure at the compressor inlet. The
compressor adiabatic efficiency is estimated from the total pressure ratio and the
total temperatures at the compressor inlet and outlet.
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Five different compressors are predicted using the program “CPLP-Prediction”.
These compressors are the GT1749V 55 Trim, the GT1749V 70 Trim, the K29, the
VNT12, and the KO3 compressor. These compressors provide a wide variety of small
turbocharger compressor geometries. The main dimensions of the GT1749V 55 Trim,
the GT1749V 70 Trim, and the K29 compressor are listed in Table A-1 while the main
dimension of the VNT12 compressor and the KO3 compressor are listed in Table A-2.

Figure A-68 to Figure A-72 show a comparison between the predicted compressor
performance and the measured compressor performance at low rotational speeds for
the five different compressors. The program “CPLP-Prediction” can predict the
measured total pressure ratio of the compressors at low rotational speeds with a
good accuracy. The smallest measured mass flow rate through the compressor in
each figure represents the surge point of the corresponding compressor. This means
that the predicted performance at flow rates lower than this flow rate represents only
a theoretical extrapolation of the performance map. The program “CPLP-Prediction”
can also predict the adiabatic efficiency of the compressor with a good accuracy in
comparison with the very poor measuring accuracy in the low rotational speed
operating range. The data presented in Figure A-69 were measured by the technical
university of Berlin for the GT1749V 55 Trim compressor at extremely low rotational
speeds as well as compressor operation in the fourth quadrant of the map. The
program can also predict the compressor pressure ratio in the fourth quadrant of the
map with a maximum error of £ 5.03% based on the experimental results. This error
takes place at extremely high compressor flow rate and during compressor operation
as an abnormal turbine. The program can also predict the compressor performance
at zero compressor rotational speed with a good accuracy up to a compressor
reduced mass flow rate of 0.0407 kg/sec. This flow rate is very high for the
compressor at zero rotational speed. The error increases with increasing compressor
flow rate and it reaches 6.87% at a compressor reduced flow rate of 0.0544 kg/sec
and zero compressor rotational speed. The total pressure at the compressor inlet
was adjusted to 1.5 bar during the measurements to achieve a compressor reduced
flow rate of 0.0544 kg/sec. Therefore, such high reduced mass flow rate is not likely
to occur during actual operation of the turbocharger at zero rotational speed.

The measured compressor efficiency of the GT1749V 55 Trim compressor is
significantly lower than the predicted compressor efficiency. This high deviation is
mainly due to the amount of heat transfer from the oil to the compressor. This is
because the oil temperature at the bearing housing inlet was 358 K during the
measurements of the compressor performance. This temperature was higher than
the total temperature at the compressor outlet. Therefore, heat was transferred from
the bearing housing to the compressor and this caused high deterioration of the
measured compressor efficiency at extremely low rotational speeds. The deviation of
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the predicted compressor efficiency from the measured one is also shown for the
VNT12 and the KO3 compressors. This is also because the performance of these
compressors was measured with an exhaust gas temperature at the turbine inlet of
873 K. The predicted compressor efficiency of the K03 compressor is also
overestimated at low compressor flow rates. This is because the predicted
compressor pressure ratio is higher than the measured one at low flow rates. The
percentage error of the estimated pressure ratio of the KO3 compressor at the surge
point is +2.257%. This error results however in a high percentage error in the
estimated compressor efficiency due to the very small temperature difference across
the compressor in this operating range. Therefore, it is recommended to use the
estimated compressor power to judge the compressor performance in the low
rotational speed operating range. This is because it is less subjected to calculating
errors than the compressor efficiency. The program therefore also offers the
predicted compressor power as an output parameter in the output list.

6.9 Turbine performance simulation

Turbine performance simulation aims at estimating the turbine performance at every
turbine operating point. The method described in this section is based on the
measured turbine performance map. It requires knowledge of the turbine main
dimensions as well as the frictional power of the turbocharger bearing. Information
regarding the geometry of the turbine inlet guide vanes is also required for the
turbines with inlet guide vanes.

6.9.1 Turbine mass flow rate

The turbine mass flow rate is estimated by modeling the expansion through the
turbine as an expansion through a nozzle with an effective total-to-static pressure
ratio. The effective total-to-static pressure ratio takes the effect of the centrifugal
force on the turbine mass flow rate into account. This effect is modelled by
considering each turbine rotor passage as a rotating channel. A rotating channel
exerts a radial outward pressure that causes lower effective pressure ratio than the
applied pressure ratio. The radial outward pressure is estimated from the equation

Pr.1 = 0.5pg(fot ©F (6.120)
The radius of rotation is estimated from the equation
frot = 0.5(r7 +1g;) (6.121)

The effective total pressure at the turbine inlet can therefore be estimated from the
equation
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Potet = Pot — 0.5p5 (ot ®)° (6.122)

The effective pressure ratio is defined as the ratio of the effective total pressure at
the turbine inlet to the static pressure at the turbine outlet

Tetss,eff = Peteff /Ps (6.123)

The mass flow rate through the turbine is estimated from equations (2.2) to (2.4) but
with the effective total pressure and the effective total-to-static pressure ratio

p6t,eff

5 = cDT,eff
RorTor (6.124)

The turbine effective flow function ®1 ¢ in equation (6.124) is estimated from
equations (2.3) and (2.4) using the effective total-to-static pressure ratio

mr =Cy1 A7

Kexh

Kexh + 1jKexh—1 .

for1< T6t8s,eff < [

2
> (6.125)
— K h _2/Kexh _(Kexh +1)/Kexh )
D7 off = \/ B eX_1 (’Tetss,eff ~ Tetgs,eff
exh
Kexh
+1 -1
for neigs eff > (Kex; jK““ :
—r (6.126)
2 Kexh -1
() =1/K
T,eff exh[Kexh 1

The turbine discharge coefficient is estimated first from the test data. Figure 6-13
shows the variation of the turbine discharge coefficient with the Reynolds number at
the turbine inlet for different guide-vane positions of the GT1749V 55 Trim turbine.

The Reynolds number at the turbine inlet is estimated from the equation

Reg =(c6 D¢ )/ve (6.127)

The exhaust gas viscosity is estimated at the exhaust gas pressure and temperature
according to the method described by Poling et al. (2001). Figure 6-13 is estimated
from the manufacturer performance map of the turbine. It shows that the turbine
discharge coefficient of the GT1749V 55 Trim turbocharger depends on the Reynolds
number and the turbine area ratio. The turbine area ratio is defined as the ratio of the
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Figure 6-13 Variation of the turbine discharge coefficient with the Reynolds number
at the turbine inlet for different guide-vane positions of the
GT1749V 55 Trim turbine

throat area of the inlet guide vanes to the inlet area of the rotor. The turbine
discharge coefficient increases with increasing the Reynolds number at the turbine
inlet and increasing the turbine area ratio. The dependence of the turbine discharge
coefficient on the Reynolds number decreases with increasing the Reynolds number.
Based on the test results, the turbine discharge coefficient of the GT1749V 55 Trim
turbocharger can be expressed as

Cq = 0.3886 AR%9%83 Ref(ARY) (6.128)

The exponent of the Reynolds number in equation (6.128) also depends on the
turbine area ratio. Figure A-73 shows the variation of the Reynolds number exponent
with the turbine area ratio. This exponent varies between 0.325-0.144 for the
GT1749V 55 Trim turbocharger. It decreases with increasing the turbine area ratio.
This means less influence of the Reynolds number on the turbine discharge
coefficient with opening the inlet guide vanes. This is because increasing the area
between the guide vanes means less aerodynamic blockage due to the boundary
layers and hence less effect of the Reynolds number on the turbine discharge
coefficient.

Equation (6.128) can be used to estimate the turbine discharge coefficient and hence
the turbine mass flow rate. This implies iterating calculations for the estimation of the
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mass flow rate. The value of the discharge coefficient is initially assumed. The mass
flow rate is estimated from equation (6.124) with the initial value of the turbine
discharge coefficient. The Reynolds number is estimated from the calculated mass
flow rate. A new value for the turbine discharge coefficient is estimated from
equation (6.128). The iterations continue until the value of the turbine discharge
coefficient is converged. Figure A-74 shows a comparison between the measured
turbine mass flow rate and the estimated turbine mass flow rate. The method
described above can be used to estimate the turbine mass flow rate with a good
accuracy in the whole turbine operating range.

The method described above is also applied for the K29 twin entry turbine. In this

case, the turbine discharge coefficient is estimated for each turbine entry separately.
The mass flow rate through each turbine entry is estimated from the equations

) Pét,eff, A
My a =Cqy1a (0-5 Azt ); DT A eff

VRexh Tet,A (6.129)
: Pét,eff,
1 =Carp 0.5A77) 28 qrp o (6.130)

JRexn Tt

Figure 6-14 shows the variation of the turbine discharge coefficient for each turbine
entry with the corresponding Reynolds number for an entry pressure ratio mentry = 1.
The K29 turbine discharge coefficient also depends on the entry Reynolds number. It
increases with increasing the entry Reynolds number. The results also show that the
turbine discharge coefficient of the K29 turbocharger depends on the total-to-static
pressure ratio of each turbine entry. It increases with increasing the effective
total-to-static pressure ratio of the turbine entry. This behaviour is due to the wall
separating the two entries of the turbine. This wall extends from the turbine entry
down to the inlet of the turbine rotor. It causes significant development of the
boundary layers inside the turbine casing. Increasing the total-to-static pressure ratio
of the turbine means increasing the flow rate through the turbine and hence
increasing the Reynolds number. It also means higher expansion ratio through the
turbine with a favourable pressure gradient. This reduces the viscous effects and
therefore improves the turbine discharge coefficient. The discharge coefficient of
each turbine entry of the K29 turbine at an entry pressure ratio menry=1 can be
estimated from the equations

Cyra =0.3188 Reg X8 nddoty A (6.131)

Carp =0.2119 Red8"® nd3t % (6.132)
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Figure 6-14 Variation of the turbine discharge coefficient with the Reynolds number
for the K29 turbine at entry pressure ratio 1.0

It is evident that the discharge coefficient of entry A is higher than that of entry B due
to the effect of the rotor aerodynamic losses as discussed in Chapter 5.
Equations (6.131) and (6.132) can be used for the estimation of the turbine mass
flow rate at an entry pressure ratio mentry = 1. Figure A-75 and Figure A-76 show a
comparison between the measured turbine entry mass flow rate and the estimated
turbine entry flow rate. The method can also be used to estimate the mass flow rate
of the turbine with a good accuracy in the whole operating range under full admission
conditions.

The estimation of the entry flow rate under partial admission condition (mentry # 1)
using equations (6.129) and (6.130) requires another correction factor. This
correction factor accounts for the effect of the entry with higher total pressure on the
other entry with lower total pressure. This is because the exhaust gas with higher
total pressure tends to flow back into the entry with lower total pressure. Therefore, it
partially blocks the flow area of the entry with lower total pressure and causes its flow
rate to decrease. The partial admission correction factor gag is found from the test
results of the K29 turbine

1.27
Pét,eff,j
- (6.133)

(PAB = 0947 [
p6t,eff,mean

The index j in equation (6.133) accounts for the entry with higher total pressure.
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Figure A-77 and Figure A-78 show a comparison between the measured flow rate
and the estimated flow rate under partial admission conditions of the K29 turbine.
The model described above can be used to extrapolate the turbine performance
under partial admission conditions with a good accuracy for a considerable portion of
the operating range. However, a deviation of the measured mass flow rate from the
estimated mass flow rate is found at some operating points. These points are located
at low rotational speed and extreme entry pressure ratios. This is because one of the
two entries is almost closed at these operating points. This increases the back flow
from one entry to the other and causes significant reduction of the entry flow rate. So
that, the model described above has less accuracy at the operating points with one
entry almost closed.

6.9.2 Turbine heat efficiency

The simulation of the turbine heat efficiency takes place in two steps. The first step is
the extraction of the actual turbine heat efficiency from the measured product of the
turbine efficiency and the mechanical efficiency. This is achieved by correcting the
measured product of the turbine efficiency and the mechanical efficiency using
equation (4.39). The bearing frictional power is used to estimate the mechanical
efficiency of the turbocharger. The actual turbine heat efficiency is estimated from the
corrected product of the turbine efficiency and the mechanical efficiency. The second
step in the simulation procedure is the modeling of the estimated actual turbine heat
efficiency. The actual heat efficiency is assumed to be mainly a function of the blade
speed parameter. This assumption is confirmed by test data of the radial inward flow
turbines. It is further assumed that the ratio of the turbine actual heat efficiency to the
maximum actual heat efficiency is symmetric around the best efficiency point of the
turbine. The ratio of the turbine actual heat efficiency to the maximum actual heat
efficiency is called the relative heat efficiency of the turbine

Nrel,T = Nheat, T/ Mheat, T,max (6.134)

The ratio of the blade speed parameter to the blade speed parameter at the turbine
best efficiency point is called the relative blade speed parameter

Wes e = (u/es)/lu/es), (6.135)
The turbine blade speed parameter is estimated on the basis of the effective
total-to-static pressure ratio. This applies to both the GT1749V 55 Trim turbocharger

and to the K29 turbocharger.

According to the above assumptions, the relative heat efficiency of the turbine is
related to the relative blade speed parameter with the equation
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Mrel, T = 2(u/cs)rel - (U/CS)EeI (6.136)

Substituting equations (6.134) and (6.135) in equation (6.136) and rearranging

Mheat, T Mheat, T max L 2 J
B 6.137
Wee (e (Ues)y (6.137)
The first term in the right hand side of equation (6.137) is assumed to be constant at
each guide-vane position and each turbine rotational speed parameter. The value of
this term can be estimated from the best efficiency point of the measured turbine
performance map. An expression for the optimum blade speed parameter at each
guide vane position and turbine rotational speed parameter is also obtained from the
test data. Therefore, equation (6.137) can be used to estimate the actual turbine heat
efficiency at each turbine blade speed parameter and inlet guide-vane position.

Figure A-79 to Figure A-84 show a comparison between the actual heat efficiency of
the GT1749V 55 Trim turbine and the calculated turbine heat efficiency using
equation (6.137). The method described above can be used to estimate the actual
turbine heat efficiency at different operating points as well as at different guide-vane
positions with a good accuracy. Some experimental points at low rotational speeds
show a high deviation from the calculated turbine heat efficiency. This is because of
the high measuring uncertainty in the low rotational speeds operating range. The
method described above can also be applied successfully to the K29 turbine as
shown in Figure A-85.

6.10 Turbocharger performance simulation program

The methods described in the previous sections can be used to estimate the
turbocharger performance at each operating point. However, they require some
details about the turbocharger geometry in order to provide a physically meaningful
simulation of the turbocharger performance. These details may not be available to
the users of the engine simulation programs. The iterations implied in the calculations
also cause an increase of the calculation time. Therefore, a turbocharger simulation
program (called TC_2003) is written especially for the engine simulation programs.

6.10.1 Description of the “TC_2003” program

The program is based on the measured turbocharger performance maps. It is
designed to simulate the turbocharger performance with a minimum amount of data
regarding the turbocharger geometry. This requires the use of regression equations
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to simulate the turbocharger performance. However, the regression equations used
are based on physically meaningful equations representing the turbocharger
performance. This is necessary for the extension of the turbocharger performance
maps towards very low rotational speeds. The “TC_2003” stand-alone program
consists of two main subroutines, Figure 6-15. The first subroutine estimates the
performance of the compressor while the second one estimates the performance of
the turbine. Both subroutines can be implemented in the engine simulation programs
to estimate the turbocharger performance at each operating point. The two
subroutines are also designed to simulate the performance of several turbochargers
at the same time. This is very important for the simulation of engines supplied with
multistage turbocharging.

“TC_2003” program
Compressor subroutine Turbine subroutine
Preparation of compressor Preparation of turbine
performance map performance map
Simulation of Simulation of
compressor performance turbine performance

Figure 6-15 Schematic of the “TC_2003” program

Each subroutine consists of two main parts. The first part, the preparation part,
converts the measured performance map into a non-dimensional form and obtains
regression equations for the non-dimensional map. The second part uses the
estimated regression equations to estimate the turbocharger performance at each
operating point. The preparation part is used only one time per turbocharger. The
engine simulation program decides whether the preparation part is to be executed or
not. This is achieved with the help of control parameters in the parameter list of each
subroutine. The compressor subroutine is designed to operate flexibly with the
engine simulation program. This means that the engine simulation program can use
either the reduced compressor mass flow rate or the compressor total pressure ratio
as an input to the subroutine.

The variables used in the parameter list of the compressor subroutine are:
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(< = output data, — = input data)

> (<) PIVER
— NREDV
> T3TTUR

— T1TVER

— P1TVER

< (—») MREDV
<« ETAVD

«~ PV

« T2TOUT

— KAPVER

— RVER

— COUNT

<« CONTR

— CONTRM

— VDATEINAME

— TCEIN

— TURBON

— TURBJ

<« BBERICHT
— SALONE

compressor total pressure ratio

Compressor reduced rotational speed [rpm]

total temperature at the turbine entry (entry A of twin entry
turbines) [K]

total temperature at the compressor inlet [K]

total pressure at the compressor inlet [Pa]

compressor reduced mass flow rate [kg/s]

non-adiabatic compressor efficiency

compressor power [W]

total temperature at the compressor outlet [K]

specific heat ratio of the air

gas constant of the air [J/ (kg . K)]

=0 by first call of the subroutine to execute the preparation part
control parameter for the modifications performed by the
program for the input parameters. This occurs, for example,
when the input mass flow rate is higher than the choking flow
rate of the compressor at the input rotational speed

=0: - PIVER and « MREDV, =1: «+ PIVER and - MREDV
name of the file that contains the measured compressor
performance map,

=0: name of the file is the same as in the TC_2003 input file
name of the program input data file (for the calculations of
several turbochargers), =0 : file =“TC2003_Eing.dat”
turbocharger number (for the calculations of
turbochargers)

=0: no output file, =1: the subroutine establish an output file like
that of the stand alone program

provides a report on the calculated point

=0 : the subroutine works as the stand alone program

>0 : the subroutine uses the data of the engine simulation
program in the calculations

several

The variables used in the parameter list of the turbine subroutine are:

(< = output data, — = input data)

— NREDT

turbine rotational speed parameter [rpm/K"°]
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— P3TP4S
— LSR
— T3AT

— T3BT
— P3T

« ETAHEATT
« ETADIAT
— ETAMM

« MREDTA

<« MREDTB
« T4T

— COUNT
— TURBJ
—> KAPTUR
— RTUR

— CPTUR

— TDATEINAME

— VDATEINAME

— TCEIN

— TURBON

— SALONE

turbine total-to-static pressure ratio

inlet guide-vane position

total temperature at the turbine entry (entry A of twin entry
turbines) [K]

total temperature at entry B (for twin entry turbines only) [K]

total pressure at the turbine inlet [Pa]

turbine heat efficiency

non-adiabatic turbine efficiency

turbocharger mechanical efficiency

turbine reduced mass flow rate (entry A of twin entry turbines)
[kg .K%/(s . bar)]

turbine reduced mass flow rate of entry B (for twin entry turbines
only) [kg .K*?/(s . bar)]

total temperature at the turbine outlet [K]

=0 by first call of the subroutine to execute the preparation part
=0: no output file, =1: the subroutine establish an output file like
that of the stand alone program

specific heat ratio of the exhaust gases

gas constant of the exhaust gases [J/ (kg . K)]

specific heat at constant pressure of the exhaust gases

[J/(kg . K)]

name of the file that contains the measured turbine performance
map,

=0: name of the file is the same as in the TC_2003 input file
name of the file that contains the measured compressor
performance map,

=0: name of the file is the same as in the TC_2003 input file
name of the program input data file (for the calculations of
several turbochargers), =0 : file =“TC2003_Eing.dat”
turbocharger number (for the calculations of
turbochargers)

=0 : the subroutine works as the stand alone program
>0 : the subroutine uses the data of the engine simulation
program in the calculations

several

6.10.2 Compressor subroutine

The compressor subroutine reads at first the measured compressor performance
map. The first step in the calculation is the estimation of the actual compressor work
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from the measured data. The energy equation of the compressor under non-adiabatic
operating conditions and in the absence of compressor inlet guide vanes takes the
form

Cp,air (Tse — Tae) = nU2Coup + Ac (6.138)

Substituting for the ideal swirl velocity at the impeller outlet ¢y, from equation (2.8)
in equation (6.138) and rearranging

Cp,air (T5t B T1t) _ (1 _ ¢2 j_i_ dc

u% tanBZb u%

(6.139)

The amount of heat transfer to the compressor is represented by a simplified
one-dimensional conduction equation

kg A
Q¢ =&gj E;_—BB(Tat ~Tst) (6.140)
The heat reduction parameter ¢, accounts for the fraction of heat removed by the

oil. Equation (6.139) can therefore be rewritten as

Cp,air(T5t _T1t) _ 0 kg A
2 =u1- tanéz,b I 2‘(T6t ~Tst) (6.141)

u? Lg mc u3

The left hand side of equation (6.141) is defined as the compressor non-adiabatic
work coefficient. The non-adiabatic work coefficient is greater than the actual
compressor work coefficient due to the amount of heat transfer to the compressor.
The compressor subroutine calculates the non-adiabatic work coefficient from the
measured data. It then obtains regression equations for the non-adiabatic
compressor work coefficient as a function of the impeller flow coefficient at each
constant peripheral Mach number. So that the non-adiabatic work coefficient is
presented as a two dimensional matrix as shown schematically in
Figure 6-16. The i-components of this matrix represent the values of the
non-adiabatic work coefficient at constant peripheral Mach number. The
j-components of this matrix represent the values of the non-adiabatic work coefficient
at constant impeller flow coefficient. The compressor slip factor is assumed to be
constant for all operating points with the same impeller flow coefficient. Thus the
application of equation (6.141) to the operating points with the same impeller flow
coefficient results in
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=1 =M

Mu, = constant

Non-adiabatic
work coefficient

Impeller flow coefficient ¢,

Figure 6-16 Schematic diagram for the modeling of the non-adiabatic work
coefficient in the “TC_2003” program

Cp,air (T5t - T1t )| _ Cp,air (T5t - T‘It )|

u3 ‘j,i u3 ‘j,i+1
(6.142)
keAs | (Tet _T5t)| o (Ter—Tee)
Lg oi M u2 ‘ oil M u2
cH2 jj cH2

ji+1

A regression equation is used for the heat reduction parameter ¢, as a function of
the compressor operating parameters. The coefficients of this regression equation
are obtained by fitting the results of equation (6.142). Thus, the heat reduction
parameter and hence the slip factor can be estimated at each compressor operating
point. A mean value for the heat reduction parameter is also given to the program
through the input file. This value is used for the estimation of the compressor
non-adiabatic efficiency when the measured compressor map is obtained from cold
measurements. The recommended mean value of the heat reduction parameter is
0.15. This value is obtained from the test data of the GT1749V 55 Trim turbocharger.

The compressor subroutine obtains a regression equation for the compressor slip
factor. Thus, regression equations are obtained for both the heat reduction parameter
and the compressor slip factor. These regression equations are used in the
calculation part of the subroutine to estimate the compressor power and the
compressor non-adiabatic efficiency.

The compressor aerodynamic loss coefficient is first estimated from the equation

_ Cpair (Tt — Tstis ) - e

Ec ¥ (6.143)
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The isentropic total temperature at the compressor outlet is estimated from the total
pressure ratio of the compressor and the total temperature at the compressor inlet

K, —1

air

Toris = T{ﬂj (6.144)
Pt

A regression equation is obtained for the compressor loss coefficient by fitting the
estimated values of the compressor loss coefficient. This regression equation is
based on the main loss mechanisms of the compressor. It includes terms that
represent

1. Impeller friction losses
2. Impeller Passage losses
3. Impeller diffusion losses
4. Diffuser losses

5. Volute losses

The impeller friction losses are estimated from equation (6.73). The impeller passage
losses are considered to be proportional to the mean kinetic energy of the air. The
impeller diffusion losses are considered to be proportional to the diffusion coefficient.
The diffuser losses are presented as a function of the diffuser friction coefficient,
diffuser width to diameter ratio, diffuser diameter ratio, and the flow angle at the
impeller outlet (Rodgers, 1984). The volute losses are considered to be due to friction
loss, loss of meridional velocity, and exit cone losses. These loss mechanisms
constitute the regression equation of the compressor loss coefficient. This regression
equation is used in the calculation part of the compressor subroutine to estimate the
compressor total pressure ratio.

The compressor total pressure ratio near the surge point is presented as a linear
function of the compressor reduced mass flow rate. This is because the slope of the
compressor performance line tends to be zero or negative near the surge point.
Small performance line slope may cause convergence problems in engine simulation
programs. This is because a small change in the total pressure ratio causes a
significant change in the compressor mass flow rate and vice versa. Negative slope
of the compressor performance line causes additional calculation errors. This is
because a certain compressor total pressure ratio in this case has two corresponding
compressor flow rates as shown schematically in Figure 6-17. Therefore, the
compressor performance line is presented as a linear function of the reduced mass
flow rate near the compressor surge line. The limiting value of the compressor
performance line slope is given to the program through the input file. The program
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uses the linear relation for the total pressure ratio once the slope of the performance
line falls below the limiting slope. The linear relation is also used to extrapolate the
compressor performance beyond the surge line. This extrapolation is necessary
because some engine operating points may be located beyond the measured surge
line using combustion chamber test rigs, Figure 1-9.
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Figure 6-17 Schematic diagram of a compressor performance line with a negative
slope near the surge point

The compressor subroutine estimates the absolute Mach number and the relative
Mach number at the compressor inlet, the Mach number based on meridional velocity
at the impeller outlet, and the Mach number at the inlet of the volute exit cone. It
estimates additional shock losses if any of these Mach numbers exceed unity. These
losses are estimated from the normal shock relations. Compressor choking takes
place when the absolute Mach number at the compressor inlet, the Mach number
based on meridional velocity at the impeller outlet, or the Mach number at the inlet of
the volute exit cone reaches 1. The extension of the compressor performance using
the “TC_2003” program is limited by compressor choking. This is because the
estimation of the transonic compressor performance requires more detailed geometry
and more calculation time. Therefore, the “TC_2003” program is designed to
estimate the compressor performance up to the compressor choke limit. However,
the compressor subroutine estimates the compressor performance after choking with
the help of the input total pressure ratio. This total pressure ratio is given to the
subroutine through the parameter list. If the given total pressure ratio is lower than
the choking pressure ratio, an adiabatic shock wave is assumed to take place inside
the compressor. The compressor subroutine performs the calculations using the
choking mass flow rate of the compressor at the given reduced rotational speed. It
estimates the compressor efficiency from the calculated total temperature at the



Turbocharger performance simulation program 145

compressor outlet and the given total pressure ratio. The subroutine returns the
estimated compressor efficiency and the given total pressure ratio at the choking
mass flow rate.

6.10.3 Turbine subroutine

The turbine subroutine also reads the measured turbine map and then converts it into
a non-dimensional form. Regression equations are obtained for the non-dimensional
form of the turbine performance map. These equations are used later for the
estimation of the turbine performance at each turbine operating point.

The turbine mass flow rate is estimated on the basis of equation (2.2). The turbine
discharge coefficient is first estimated from the measured turbine mass flow rate. A
regression equation is obtained for the turbine discharge coefficient by fitting the
estimated values of the turbine discharge coefficient. This regression equation is a
function of turbine rotational speed parameter, turbine total-to-static pressure ratio to
the power 0.204, and inlet guide-vane position. The latter is used only for the turbines
with inlet guide vanes. The exponent of the total-to-static pressure ratio in the
regression equation is estimated by Pucher (Pucher et al., 2003b) based on the
measurements of Zinner (1961). The turbine rotational speed parameter accounts for
the effect of the centrifugal force on the turbine mass flow rate. The same principle is
applied to the twin entry turbine at an entry pressure ratio mentry = 1. The turbine mass
flow rate under partial admission conditions are estimated using equation (2.2) and
the regression equation of the turbine discharge coefficient. The mean total pressure
at the turbine entry under partial admission conditions is estimated from the equation

P6tmean = 0'5(p6t,A + p6t,B)_ Emix, T 'abs(th,A - p6t,B) (6.145)

The value of the mixing losses coefficient based on the experimental results of the
K29 turbine is found to be 0.1. The mean total pressure under partial admission
conditions and the mean total temperature of the twin entry turbine are used in
equation (2.2) to estimate the turbine flow rate. The mass flow rate of each turbine
entry is also estimated from equation (2.2) and the regression equation of the turbine
discharge coefficient. The total pressure and the total temperature of each turbine
entry are used to estimate the corresponding turbine entry mass flow rate. The
estimated flow rate of each turbine entry is corrected to account for the effect of the
rotor aerodynamic losses on the mass flow rate of each turbine entry. A corrected
flow rate through turbine entry A is obtained on the bases of the test results of the
K29 turbine in the form
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my
17
1.| CaTBPEtE P18 [ Tet,A (6.146)
Cqt.APetA Pra | Tet

The actual mass flow rate of entry B is estimated from the turbine mass flow rate and
the mass flow rate through the turbine entry A

My A =

g =My — My A (6.147)

The estimation of the actual heat efficiency requires first the correction of the
measured turbine heat efficiency using equation (4.39). The amount of heat transfer
from the turbine to the compressor is estimated from the equation

Acrel = A
"~ Cp,exh (Tet = Tat) (6.148)

The value of the variable qc (e is given to the program as input data. The value of
dc, rel is found from the test results of the GT1749V 55 Trim turbocharger and the K29
turbocharger. It equals 0.0063 for the GT1749V 55 Trim and equals zero for the K29
turbocharger. This is because the test results of the K29 turbocharger show that the
compressor works almost adiabatically. The value of qc, j can also be set to zero for
the GT1749V 55 Trim to ignore the effect of heat transfer from the turbine to the
compressor on the turbine heat efficiency. The corrected turbine heat efficiency is
used to obtain a regression equation for the turbine heat efficiency. This is achieved
by applying Euler's equation for turbomachinery to the turbine rotor

Wt =uzC7, +UgCgy (6.149)

The turbine heat efficiency can therefore be represented as

U7C7, tUgCgy

Nheat, T = 1
_ texh

Cp.exnTet| 1-(Pst/Pg) (6.150)

Equations for the swirl velocities at the turbine rotor inlet and outlet are obtained
using the turbine velocity coefficients (Balje, 1987). The turbine velocity coefficient is
defined as the ratio of the actual flow velocity to the ideal flow velocity. This applies
for both the turbine stator and the turbine rotor. Thus

C7uy = W ,stator Y 1~ N1 Cs COSOL7 (6.151)



Turbocharger performance simulation program

147

2 2 2
Csu = VT rotor cosfg [Cs Ry + VT stator Cs (1 -Rr )_

0.5
2 2
2U7Cs Y T stator COS0L7/1— Ry +u8] —Ug

Substituting for c7, and cg, in equation (6.150) and rearranging

Nheat, T 2| Uz
—heatl . 52 = VT stator COSA74/1= Ry + W1 rot0r -

2(“7/03) S
COS Bgd - [mT T YT stator (1 - 9{T)

— 27 stator COS O‘7(“7/(33 )\/1 - Ry
o5
+5%(u7/cs) F
where:

81 =ug/uz

Equation (6.154) can be rewritten as

Nheat, T 2| Uz
—— 4+ 85| L+ |=fllu/c , T ,N , GVP
2(U7/CS) T[CsJ [( / s) 6t8s''red, T ]

(6.152)

(6.153)

(6.154)

(6.155)

A regression equation is obtained for the left hand side of equation (6.153) as a
function of turbine blade speed parameter, turbine rotational speed parameter,
turbine total-to-static pressure ratio, and guide-vane position (only for turbines with
inlet guide vanes). This regression equation is used in the calculation section of the
program to estimate the turbine heat efficiency at each turbine operating point.

The estimation of the turbine non-adiabatic efficiency as well as the total temperature
at the turbine outlet requires the estimation of the overall turbine heat losses. The
overall heat transfer from the turbine is estimated in the “TC_2003” program using
simplified equations. First, the amount of heat transfer from the turbine to the ambient

by radiation is estimated from the equation

QT,Rad = Asurface,TGST (T'f},c - T:tm)
The turbine casing temperature is estimated from the equation
TT,C - Tatm

T =
T,c,rel T6t _ Tatm

(6.156)

(6.157)

The value of the variable Tt rel is given to the program using the input data file. A
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value of Trc e = 0.59 is obtained from the test results of the GT1749V 55 Trim
turbocharger. The amounts of heat transfer by convection from the turbine to the
ambient and by conduction from the turbine to the bearing housing are given to the
turbine subroutine as fractions of the turbine radiation heat transfer. The total
temperature at the turbine outlet is estimated from the equation

Tgt = Tot G+ Wr

Coront (6.158)

The turbine non-adiabatic efficiency is estimated according to equation (5.8).

6.10.4 Program results

The “TC_2003” program is used to simulate the compressor performance maps of
five different compressors. These compressors are the GT1749V 55 Trim, the
GT1749V 70 Trim, the K29, the K03, and the VNT12 compressor. The turbine
performance map is simulated for the GT1749V 55 Trim, and the K29 turbine. This is
because the turbine subroutine requires test data at different guide-vane positions.
These data are available only for the GT1749V 55 Trim turbocharger. The
GT1749V 55 Trim turbocharger and the GT1749V 70 Trim turbocharger also have
the same turbine.

Figure A-86 shows the extended compressor performance map of the
GT1749V 70 trim compressor. This extended performance map is estimated from the
cold measurements of the turbocharger. Figure A-86 shows that program “TC_2003”
can extend the performance map of the compressor with a good accuracy. The ability
of the program to extrapolate and interpolate the performance map is examined by
eliminating some performance lines from the input performance map. The new
performance map is used as input to the program and the results of the program are
compared with the original performance map. Figure A-87 shows a comparison
between the calculated performance lines and the measured performance lines at
three different compressor reduced rotational speeds. The performance line at
180000 rpm is calculated using the cold measurements of the compressor as an
input performance map. This performance map is measured only up to 160000 rpm.
The symbols represent the measured performance line at 180000 rpm during the hot
measurements. The 60000 rpm performance line is calculated using the cold
performance map without the data at 60000 rpm as an input to the program. It is also
evident that the extrapolation towards low rotational speeds provides reasonable
results in comparison with the poor measuring accuracy in this operating range. The
120000 rpm performance line is also calculated using the measured performance
map without the data at 120000 rpm. This also shows that the program can
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interpolate the measured performance map with a good accuracy.

Figure A-88 shows the extended compressor performance map of the
GT1749V 70 Trim compressor using the measured compressor map at an exhaust
gas temperature 873 K as an input to the program. It is evident in Figure A-88 that
the “TC_2003” program can estimate the non-adiabatic compressor performance
with acceptable accuracy. A deviation of the estimated compressor non-adiabatic
efficiency from the measured non-adiabatic efficiency is shown at 60000 rpm. This
deviation corresponds to a maximum error of £0.5% in the estimated compressor
total pressure ratio and £0.5 K in the estimated total temperature difference across
the compressor. These values are within the range of the experimental error at this
low compressor rotational speed.

Figure A-89 shows a comparison between the estimated compressor heat efficiency
using the hot measurements as an input to the program and the measured heat
efficiency of the compressor (cold measurements). The estimated heat efficiency of
the compressor represents the measured one for most of the measured compressor
operating points.

The ability of the subroutine to estimate the non-adiabatic compressor performance
from the adiabatic one is also examined. This is achieved using the measured
adiabatic compressor performance map as an input to the subroutine. The
calculations are performed at a total temperature at the turbine inlet of 873K. This
type of calculation can only be made using the compressor subroutine because the
stand-alone program is designed to simulate the compressor performance at the
measured turbine inlet temperature. Figure A-90 shows that the subroutine can also
estimate the compressor non-adiabatic efficiency from the measured compressor
adiabatic efficiency with an accuracy of +4%-points at low rotational speeds.

Figure A-91 shows the extended compressor performance map for the
GT1749V 55 Trim compressor. The ability of the program to interpolate the
performance map is also examined for the GT1749V 55 Trim turbocharger. This is
achieved by deleting the 140000 rpm compressor performance line from the input
data of the compressor. Figure A-92 shows a comparison between the interpolated
performance line and the measured performance line at 140000 rpm. The program
can perform the interpolation of the GT1749V 55 Trim compressor map with an
acceptable accuracy.

Figure A-93 shows a comparison between the estimated compressor performance at
very low rotational speeds and compressor operation in the forth quadrant of the map
and the measured performance. The measured performance and the predicted
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performance using the program “CPLP-Prediction” are also presented in the same
figure. The results of the two programs are very similar. However, the program
“CPLP-Prediction” estimates the performance in the fourth quadrant of the map with
better accuracy. This is because it is based on physical models while the “TC_2003”
program is based on physically meaningful regression equations. The deviation of
the estimated compressor adiabatic efficiency from the measured one is very high.
This is because of the high oil temperature at the bearing housing inlet during the
measurements as mentioned before.

Figure A-94 shows a comparison between the estimated compressor heat efficiency
and the measured one. The ability of the “TC_2003” program to simulate the
non-adiabatic performance from the measured adiabatic performance is also
examined as shown in Figure A-95. The extended compressor performance maps of
the K29, the K03, and the VNT12 compressor are presented in Figure A-96 to
Figure A-98.

Figure A-99 and Figure A-100 show a comparison of the measured turbine
performance maps and the extended turbine performance maps using the program
“TC_2003” for the GT1749V 55 Trim turbocharger and the K29 turbocharger. The
extension of the GT1749V 55 Trim turbine performance map is performed at different
inlet guide-vane positions and different values of the turbine rotational speed
parameter. The extension of the K29 turbine performance map is performed at entry
pressure ratio mentry = 1 and different values of the turbine rotational speed parameter.
Figure A-99 and Figure A-100 show that the “TC_2003” program can also estimate
the measured turbine performance map with a good accuracy. The ability of the
program to interpolate and extrapolate the measured turbine performance maps is
examined in the same way as for the compressor. Some intermediate measured
performance lines are deleted from the input file to the “TC_2003” program. The
results of the program are compared with the measured performance map as shown
in Figure A-101. This comparison shows that the “TC_2003” program interpolates the
turbine performance map with a good accuracy. Likewise, some performance lines at
high and low turbine rotational speed parameter are deleted from the input file to
examine the ability of the program to extrapolate the turbine performance maps.
Figure A-102 shows a comparison between the extrapolated performance lines and
the measured performance lines of the GT1749V 55 Trim turbine. This comparison
also shows that the extrapolation of the turbine performance map is performed with a
good accuracy.

Figure A-103 shows the variation of the K29 turbine reduced mass flow rate with the
entry pressure ratio at rotational speed 80000 rpm and a mean total-to-static
pressure ratio of 1.8. The symbols in Figure A-103 represent the measured data and
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the lines represent the extended turbine performance map. The reduced mass flow
rate of each turbine entry is also presented in Figure A-103. The “TC_2003” program
can extrapolate the performance map of the K29 turbine under partial admission
conditions with a good accuracy.

The K29 turbine heat efficiency under partial admission conditions is estimated from
the regression equation at an entry pressure ratio mentry = 1. The turbine total-to-static
enthalpy difference is estimated from equation (5.16). The blade speed parameter
under partial admission conditions can therefore be used to estimate the turbine heat
efficiency under partial admission conditions. This procedure provides acceptable
estimation of the twin entry turbine heat efficiency under partial admission conditions
as shown in Figure 5-20.
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7. CONCLUSIONS AND RECOMMENDATIONS FOR FUTURE WORK

The present research work deals with the investigation of turbocharger non-adiabatic
performance and the extension of turbocharger performance maps down to very low
rotational speed. The extension of turbocharger performance maps also requires the
simulation of the compressor performance in the fourth quadrant of the compressor
map.

A parameter study of the turbocharger non-adiabatic performance is presented. This
parameter study shows that the amount of heat transfer to the compressor causes a
deviation of the compressor non-adiabatic efficiency from the adiabatic efficiency.
This deviation depends mainly on the compressor peripheral Mach number and the
compressor heat number, equation (4.17). The deviation increases with decreasing
the compressor peripheral Mach number and increasing the compressor heat
number. Therefore, the amount of heat transfer to the compressor introduces a
significant systematic error in the measured product of the turbine efficiency and the
mechanical efficiency at low rotational speeds. The measured non-adiabatic
performance of the GT1749V 55 Trim turbocharger matches very well the results of
the parameter analysis.

The measured compressor efficiency of the K29 turbocharger is independent of the
exhaust gas temperature in the measured range of operation. This is due to the
relatively large turbine surface area, the high oil flow rate of the K29 turbocharger,
the high aerodynamic compressor work, and the high compressor peripheral Mach
number.

The experimental results of the GT1749V 55 Trim turbine show that the measured
product of the turbine efficiency and the turbocharger mechanical efficiency must be
corrected using equations (4.39) and (4.40) to enable accurate estimation of the
turbine power at low rotational speeds.

The amount of heat transfer from the turbine is estimated by applying energy balance
to the GT1749V 55 Trim turbocharger. It is found that convection and radiation heat
transfer represent 60-70% of the total amount of heat transfer from the turbine at low
rotational speeds. This percentage increases with increasing the turbocharger
rotational speed and can be as high as 90% of the total amount of heat transfer from
the turbine at 120000 rpm. The amount of heat transfer from the turbine to the
compressor through the bearing housing is less than 10% of the total amount of heat
transfer from the turbine. The oil receives 10-49% of the total amount of heat transfer
from the turbine. This means that the oil acts as a heat barrier that removes most of
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the heat transfer from the turbine to the compressor through the bearing housing.

The performance of the twin entry K29 turbine under full admission as well as partial
admission conditions is investigated. The variation of the rotor passage losses with
the passage width introduces asymmetry in the flow rate through the turbine entries.
The turbine efficiency under full admission condition as well as under partial
admission condition mainly depends on the turbine blade speed parameter.

The aerodynamic performance of micro compressors is investigated by means of
measuring the static pressure distribution in the vaneless diffuser of the
GT1749V 70 Trim compressor. This investigation shows a clear effect of the volute
tongue on the flow field inside the diffuser. This tongue effect extends from the
diffuser outlet upstream to the diffuser inlet.

The static pressure distribution inside the diffuser is almost uniform in the
circumferential direction at the design flow rate. At the compressor surge line, the
non-uniformity of the static pressure distribution at the diffuser inlet is higher than that
at the diffuser outlet. This behavior increases significantly with increasing the
rotational speed due to the interaction between the diffuser and the impeller. Flow
separation is detected at the diffuser inlet along the compressor surge line. It takes
place at an angle located at 180° peripheral angle from the volute tongue.

Empirical correlations for the aerodynamic losses and the slip factor of centrifugal
compressors are obtained. A part load performance prediction program is developed
with the help of these correlations. This program can predict the aerodynamic
compressor performance down to zero rotational speed as well as compressor
operation in the fourth quadrant of the map with acceptable accuracy.

A turbocharger performance simulation program is developed. This program can
operate either as a stand-alone program or as two subroutines in the engine
simulation programs. The program can simulate the turbocharger performance down
to zero rotational speed with acceptable accuracy.

For future work, it is recommended to perform cold as well as hot measurements for
every turbocharger. This is of particular importance at low rotational speeds. It is also
recommended to perform cold measurements at low oil inlet temperature to estimate
the turbocharger adiabatic performance. The results of cold measurements are to be
used in correcting the measured turbine performance using equations (4.39) and
(4.40). Thereby, the actual turbocharger aerodynamic performance can be extracted
from hot measurements.
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It is also recommended to perform detailed experimental and theoretical investigation
of the heat transfer mechanisms inside the bearing housing. This investigation should
also include the mutual effects between the heat transfer to the oil and the bearing
frictional power. The recommended investigation aims at optimizing the bearing
housing design to reduce the amount of heat transfer to the compressor at low
rotational speeds. It also aims at improving the turbocharger mechanical efficiency at
low rotational speeds by improving the amount of heat transfer to the oil.
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A. APPENDIX

Table A-1 Main dimensions of the investigated turbochargers

GT1749V | GT1749 K29
55 Trim 70 Trim
1. Compressor:
Inner diameter at compressor inlet [mm] 12.07 12.07 22
Outer diameter at compressor inlet [mm] 36.25 32.93 57
Impeller outer diameter [mm] 49 49 87
Blade angle at impeller exit [°] 42 42 62
Number of blades 12/.6 12/.6 14/.7
splitter splitter splitter
Diffuser width [mm] 2.66 2.66 5
Diffuser exit diameter [mm] 82 82 120
2. Turbine:
Diameter of turbine wheel at inlet [mm] 42.93 42.93 81.9
Width of turbine wheel at inlet [mm] 4.8 4.8 11.8
Blade angle at wheel inlet [°] 90 90 90
Outer diameter of turbine wheel at exit [mm] | 36 36 74.4
Inner diameter of turbine wheel at exit [mm] | 13 12.46 26.4
Casing geometry Single Single Twin entry
entry-VTG | entry-VTG
Table A-2 Main dimensions of the VNT12 and KO3 compressors
VNT12 K03
Inner diameter at compressor inlet [mm] 10.75 9.05
Outer diameter at compressor inlet [mm] 26.00 31.40
impeller outer diameter [mm] 44 45
Blade angle at impeller outlet [°] 50 48
Number of blades 12/6 splitter 8/4 splitter
Diffuser width [mm] 2.25 3.30
Diffuser outlet diameter [mm] 76.5 71.8
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Figure A-19 Variation of the reduced mass flow rate with the turbine total-to-static
pressure ratio of the K29 turbine at entry pressure ratio 0.6

R VR

TR [P I

"""""" —A— —A— 2758 7]

Turbine reduced mass flow
0.5
rate m . - [kg K™"/(s bar)]

8d . JK ........... Black symbols: entry A _|

0.6 i Ay A White symbols: entry B -1

0.4 +——+—— ' —

1.0 12 14 16 18 20 22 24 26 28
Turbine total to static pressure ratio p,/p, [-]

Figure A-20 Variation of the reduced mass flow rate with the turbine total-to-static
pressure ratio of the K29 turbine at entry pressure ratio 0.7



166 A. Appendix

3.4 :
3.24------ :
3.0}------ !
2.84--—--- e e
264------ |

B il ] =R T

______ L.___. Black symbols: entry A -
R e s et White symbols: entry B -

Turbine reduced mass flow
ratem . - [kg K>®/(s bar)]

RN N Ep—

T T — 1 r 1 ' 1 ' 1 7
10 12 14 16 18 20 22 24 26 28
Turbine total to static pressure ratio p_/p, [-]

Figure A-21 Variation of the reduced mass flow rate with the turbine total-to-static
pressure ratio of the K29 turbine at entry pressure ratio 0.8

A

S RO ——

T SR S e PSS VN NN SN MO N

"""""" 0/\Te fom/KOS] x =09 -
""" T —m——0—1370 T6t=873K

—e— —0—2064 _
—A— —A—2775  Black symbols: entry A |
—0— —<—3452__ White symbols: entry B |

Turbine reduced mass flow
ratem . - [kg K>®/(s bar)]

—t—t——t——t——+——1—
14 16 18 20 22 24 26 28
Turbine total to static pressure ratio p_/p, [-]

Figure A-22 Variation of the reduced mass flow rate with the turbine total-to-static
pressure ratio of the K29 turbine at entry pressure ratio 0.9



A. Appendix 167

z ]

o T | l l

% 9 R s> S

T & e FTTT A

€ o TR e

o % I L]

(O] | | l

S 2 e A

© [

o 3 T=1.O

o £ 873K

29

SR 08l ... L —A——A—2741 __ Black symbols: entry A |
063--—--- | —4——<—3452___ White symbols: entry B |
0.4 1 . i 1 1 1 1 1 i . i

— '
10 12 14 16 18 20 22 24 26 28
Turbine total to static pressure ratio p_/p, [-]

Figure A-23 Variation of the reduced mass flow rate with the turbine total-to-static
pressure ratio of the K29 turbine at entry pressure ratio 1.0

s B A e B
|
1
Ll 4

- -

—a———1370 T
—e——0—2047

—A— —A—2741  Black symbols: entry A |
—o— ——3452  White symbols: entry B |

— 71—
14 16 18 20 22 24 26 28
Turbine total to static pressure ratio p,/p, [-]

Turbine reduced mass flow
rate m_ o7 kg K>®/(s bar)]

Figure A-24 Variation of the reduced mass flow rate with the turbine total-to-static
pressure ratio of the K29 turbine at entry pressure ratio 1.1



168 A. Appendix

R B
: = b
= & 264 |(pmEl || P AT -
5 3 AT S n/\Tet fom /KOS ]|
5 e —e— —0— 2064
g X A-mmm-- r- - - ammm - —A— —A— 2758
o Q R R SN <ol R S S [ o]
é '_"_ N L l l l l
S 3 : : | n, =12
) = 4---=--- r---==- m--==- entry, T
c € Y - A S I T, =873K
o o I I | t
S & I
= amoeee- ron-e- (SR Black symbols: entry A

— T — T T
10 12 14 16 18 20 22 24 26 28
Turbine total to static pressure ratio p_/p, [-]

Figure A-25 Variation of the reduced mass flow rate with the turbine total-to-static
pressure ratio of the K29 turbine at entry pressure ratio 1.2

3.4 . .
3.24-
3.0¢-
p & B T e 02081 |
S < 553 L —A— —A— 2758 |
o SIS S B S
S o RN S S R .
T - ‘ _ ‘
o 3 nentry’T—1.3
2 E T, =873K
22
e £ _ Black symbols: entry A |
0.6-: . . . . White symbols: entry B |
0.4 — — ' ' ; ;

T — T
1.0 12 14 16 18 20 22 24 26 28
Turbine total to static pressure ratio p,/p, [-]

Figure A-26 Variation of the reduced mass flow rate with the turbine total-to-static
pressure ratio of the K29 turbine at entry pressure ratio 1.3



169

A. Appendix

O
=]
©
=
@
— B - .
N N N - )
".L_ _.n—/u AB ..nm i i | | i | | | | (q\]
° e N > ie T T T E R S A i
N N N; = © - 1 ! [ Y ¢, S, i...L©
- < 4 X - =R N o X = ] ] ] ] Y
| m. o = — 9 o S P W IS S S S S B &
=l B8 |4 & 5= g£gl B
- : - 59 tI S =2¢ €T | Y
| | | | | ) 4 K o m N o [0)) o - LW i .ﬁ |||||||| .ulll.unll-l 2
R g -~ o™ € (@) L = 1 | | S
[ T | > > = ~ 3 1 I ! o
et
Voo > I~ 0n n N © c 0 - @ O 4---4%- koo PRSP B
gttt S - w® o tq & S 9 R U T SO R
> < T > o = N ) M n_ru I I I I | | | | _.8
O 2 = nldh — o .|||q||||"||||"| ||"||||_||||"||||"||||"||||"|||.I .
el e D2 o2 8 > A IR
- - - - 0 O = ] ] ] ] ] ] ] ] ©
"n .". "n " .__ "| " | | | | | | N Drv — [ |||.".|||.". .".| .__ .__ |.“|||.“||||"||| _IAI.
X S A & z O A /R
T A A o L S w SRR EEEE R -4 -+ =
ook do e deed bl b R R = Lo LT -
-
b " w @ L S S o1 e §
AR | c © & T T e R &
| | | | ' ' ' ' = [ (@)
| | | | | | | | - m S " " " " " _0 o0 o)) o
| § o = et SRt SRS EE < CERERER IR IR e
T T T T B B | l ..m w ()] " " " " " ___ <Y -~
A R | + Cm o ! _ore %m.-loo.
IR e 3 T T E g S
e e T B e e e = T 0O " " " ! { _ S & I
o g 2= ot Stk ST =
A F 2% A I N
h | | ( | ) | | 4
S S TR N N N S SO SN GUY U N = O oA v N ] | <
i | T i | i i | = T T T T T T a o
A S © e -
o o= S S S S S U R O S S
| | | | | | | | m m " " " " " " " " " ©
AL AR, = 2 e To
T ANOXOWOTNO® .B% Tttt rrrrrrrrrrrrrrz° o
MOONNNNN - T Q0 Q @ o N © B ¥ 0N QO
> o - O O O O O O o o o o
1 ‘pad 1 Ayua
[(1eq wv\m.ov_ Y] w ajel N [-] "w/ " w 8384 Mo)} BUIgIN} 0} 8)e moj) Aug
1
MO[} ssew padnpal aulgqin| <C
()
—
S
Re)
L

Entry isentropic enthalpy ratio v [-]
turbine as a function of the entry isentropic pressure ratio at

Figure A-28 Ratio of the entry flow rate to the total turbine mass flow rate of the K29
turbocharger rotational speed 40429 rpm



A. Appendix

170

QA ©
X
o
0 =
s 0
© = 0
AN o O | | | | | \ \ | | (q\]
Q5 T T i
l% ..nld. w el M4 __d___J. .l%
22 <ml i s e
e L
[+ 2 ¢ sal -3 O
T i i
N = £ 1ok g o
N 0n o | ! O AN
— R - + A--=-- o P
NS o8e w AR S
o = E S ] ! IR = N
N 5 ot ¢ o GV B By I
et () , o -
(o= £ 3 i e
| - WJ _w = | | | | | l l -
I I I I I I I
© &8 =235 SNV S SO SO SO SO SO S S L
T8 8 c 4 R T T T T A\
< (o)
| < = 8 9 cocdeccdcccdcccdcccdeccdeccdeecdeecd-o L
-~ O 1 1 1 1 1 1 1 1 1 —
m (0] o | | | | | | | | |
I I I I I I I I I
Y2 =3 R T e SRR IEES Bk
~ o m — w I I I I I I I I I -
o S (S T T e S S S A o
2 - -1--- - — C ..nl.w o i Bkl Bl B S A A Ay
| S B co ol e el
_ | © = =228 SRS S S S S P DU R S B M
© 2 88§ A
©o c = C X 1 1 1 1 1 1 1 1 1 ©
- W 5 = el M0 Mo d___d___d___d___4 =
o = 8 T ©
< ..m © m I I I I I I I I I <
| | | | | | | | |
o o 5 | R R R S A o
()] n O | | | | | | | | | -
- N S @ = PR S R N
o . Q] I I I I I ! ! ! | o
o) c I I I I I I I I I L
o QG e 1o
T o o £ o L L AL L T LI L I o
Q T 28 © O 9o N © v ¥ 0O N = Q9
o x 2 2 -~ O O O o o o o o o o
» 1. Anue >
) o1ed Moj} Anug > [-] "w/ " w syes MOJ} BUIGIN] 0} B)ES MOJy AU
)
<
[0}
et
>
Re)
L

[-]

Figure A-30 Ratio of the entry flow rate to the total turbine mass flow rate of the K29

Entry isentropic enthalpy ratio y
turbine as a function of the entry isentropic pressure ratio at

turbocharger rotational speed 102000 rpm



A. Appendix 171

070 | | | | | . . .
om 068 b Ty fm/kO
SRR TRS SR TR S S S S
e £ ' ! ! ! ! ! , —®— 2064
s R D S B B S k2 LS R
b= g 0.62¢----- o N b S S L —€—3452_ .
28 060 P A g
ER I e
5 8 : ! : : : : : : :
— - — 0'56_ _______ | PR - [ [ - e e e - = e e e = = - e - - [ - - 4
S 5 ] ! : : : ! : : :
T S s S
o g 052_- _______ . R S A R - nentW'T_1'0___

a : : : : : o T,=873K

0.50 +—— —1 i i i ' '

T T T T —
1.0 12 14 16 18 20 22 24 26 28
Turbine mean total to static pressure ratio p,/p, [-]

Figure A-31 Variation of the product of the turbine efficiency and the mechanical
efficiency of the K29 turbocharger with the mean total-to-static pressure
ratio at different values of the turbine rotational speed parameter and
entry pressure ratio 1.0

0.62

0.60 -

0.58 4

1T S, S 0 - A ——

Product of turbine efficiency and
mechanical efficiency N1 eigs M [-]

r =10 |
entry, T |
n. = 80000 rpm
0.54 v ; v ; v
1.4 1.6 1.8 2.0

Turbine mean total to static pressure ratio p_/p, [-]

Figure A-32 Product of the turbine efficiency and the mechanical efficiency of the
K29 turbine at different exhaust gas temperatures at the turbine entry



172 A. Appendix
3.2 : 1 1 1 1
3.0 Mesc roml: Turbocharger: GT1749V 70 Trim -
28] —=—60000 T,=311K
' —4A— 100000

Compressor total pressure ratio p./p,. [-]

Figure A-33

Compressor total pressure ratio p_/p,. [-]

Figure A-34

244 ——120000
2.2 —e— 140000

0] —Oo— 160000

1.8 S— |

164 S N |

144 = : -
1 b A A )

1.2+

L e e e e e e N
0.00 002 004 006 008 010 012 0.14
Compressor reduced mass flow rate m_ dc [kg/s]

Measured performance map of the GT1749V 70 Trim compressor at
exhaust gas temperature at the turbine entry Tg: = 311 K

3.2 :
3.0- R
2.8
2.6
2.4
2.2]

] —o— 160000
2.07 —— 180000 s
1.8 4--eme- boooecnnes

164 f 0.

144 3 p e g 45040

1.24onp x = e s S
| = & | :

1.0 T T T T T T T T T T T T T
000 002 004 006 008 010 012 0.14
Compressor reduced mass flow rate m [kg/s]

red, C

Measured performance map of the GT1749V 70 Trim compressor at
exhaust gas temperature at the turbine entry Tg;: = 873 K



A. Appendix

173

Normalized static pressure distribution

Normalized static pressure distribution

1 .26/ P, [-]

at1=1.26 p,

1 .60/p1 [-]

at1=1.60 p,

1.08 +
1.06 +

L
1.04

1.02 +

””” = 0.046 —O— 0.039 —e—0.029

= 60000 rem

red C [kg / S]

. —0—0.021 —A—0.015 —2—0.009

1.00

v T v T v T v T v T v
45 90 135 180 225 270 315 360
Peripheral angle 0 [°]

- 60000 rpm-— 0,046 —0— 0.039 —— 0.029
| —0—0.021 —A—0.015 —A—0.009

v T v T v T v T v T v
45 90 135 180 225 270 315 360
Peripheral angle 0 [°]

Figure A-35 Diffuser static pressure distribution at diameter ratios 2=1.26 and 1.6 for
the GT1749V 70 Trim compressor at 60000 rpm
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Figure A-36 Diffuser static pressure distribution at diameter ratios A=1.26 and 1.6 for
the GT1749V 70 Trim compressor at 80000 rpm
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Figure A-37 Diffuser static pressure distribution at diameter ratios A=1.26 and 1.6 for

the GT1749V 70 Trim compressor at 100000 rpm
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Figure A-40 Diffuser static pressure distribution at diameter ratios A=1.26 and 1.6 for
the GT1749V 70 Trim compressor at 160000 rpm
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